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“�The only things which went wrong were items  
we did not have a good simulation for.”

Quote from the US Apollo space program
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ABSTRACT

This book contains results of the theoretical and experimental research of min-
ing machines and rolling mills aimed at the development of new methods for 
their condition monitoring and vibration damping. Instead of the usually used 
data-driven methodology, the proposed approach is based on several known 
classes of dynamical models, of which some appropriate ones have been imple-
mented for monitoring certain types of machines and technological processes.

The non-stationary operational regimes excite natural modes of vibrations in 
machines and transient signals are used for diagnosing wear of some elements, 
namely, angular backlashes in drivelines, radial clearances in the bearings, stiff-
ness changes in structural elements and loosening of bolted joints.

In every case, a detailed modal analysis of machines’ structures has been con-
ducted to undermine the root causes of high dynamics and resonance phenom-
ena. Linear systems of machines are assumed as reference points in diagnostic 
algorithms, while the nonlinear features are used for the detection of certain 
part condition deterioration and process control. Not only mechanical shocks 
and vibration but also hydraulic systems and structural steel properties are con-
sidered, and strength capacity is improved by the mathematical models.

The proposed approach allowed the development of efficient solutions for 
real dynamical problems, e.g. torsional loads monitoring and remaining useful 
life prediction in articulated underground vehicles, chatter vibration control in 
rolling mills of different types, sieving screens diagnostics, structure optimisa-
tion and control of hydraulic machines, enhancement of treated material quality.

The developed methods of condition monitoring and diagnostics are realized 
in online computerized automation and maintenance management systems im-
plemented in different industrial plants.

By logical structure, the book is divided into several parts. Chapter 1 intro-
duces in operational conditions and failure modes of investigated industrial ma-
chines. Chapter 2 represents state-of-the-art condition monitoring of different 
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heavy-duty machines. Chapter 3 describes the classes of dynamical models used 
in research and the particularities of their simulation. Chapter 4 represents ap-
plications of dynamical models in condition monitoring and analysis of indus-
trial machines. Chapter 5 describes the developed instrumentation for torque 
and backlash measurement in the drivelines. Chapter 6 represents model-based 
methods of wear diagnostics in the units of industrial machines. Chapter 7 ex-
plains the developed approaches to technological process stability monitoring, 
dynamics control and active vibration damping in rolling mills and mining ma-
chines. Chapter 8 highlights the industrial applications of the developed automa-
tion systems. General conclusions are formulated at the end of the book.

The results represented in this book were obtained by the author previously 
on the rolling mills at the Z.I. Nekrasov Iron and Steel Institute of the National 
Academy of Sciences of Ukraine (Dnipro) and recently on the mining machines 
in the Faculty of Geoengineering, Mining and Geology of the Wroclaw Univer-
sity of Science and Technology in Poland. The author is very thankful to his col-
leagues from both institutions as well as to the plant staff for support in industrial 
trials and assistance in implementation of the developed systems.

The author believes that research results presented in this book will be useful 
for solving problems of dynamics reducing, real failures analysis and increasing 
durability of plants, condition monitoring and vibration damping in industrial 
machines with a complicated structure and severe loading.



1. INTRODUCTION

The main reasons limiting the productivity and overall efficiency of industrial 
machines are the sudden failures in the drivelines and other units from mechan-
ical overloads, cyclic fatigue or operator errors, which cause durable downtimes 
of mechanical equipment.

World trends in the control systems development for large rotating units 
show that under conditions of constant intensification of production in terms of 
processing speed and level of loads, the boundaries between automated purely 
control systems and supervision systems, i.e. condition monitoring and diagnos-
tics, over the equipment operation are gradually blurring. Since the reliability 
and efficiency of the entire continuous technological chain depend on the reli-
ability of every unit.

Studies of mining and metallurgical equipment show that the total mainte-
nance and repair costs over the life cycle will be 75% of the new machine’s cost. 
The cost of equipment repair is about 20% of the cost of product manufacturing; 
therefore, service departments employ about 35% of the total number of person-
nel (except in the case of outsourcing). Implementing predictive maintenance 
results in a 25–30% reduction in maintenance costs, a 70–75% decrease in break-
downs and a 35–45% reduction in downtime along with many other benefits. 
Also, predictive maintenance saves about 8–12% over preventive maintenance, 
and up to 40% over reactive maintenance. In the case of emergency failures of 
large-scale elements of equipment, as a rule, several adjacent parts fail and some 
amount of product is lost. With the intensification of processing technologies, an 
increase in the cost of repair and maintenance of equipment is predicted, while 
poor maintenance strategies can reduce a plant’s overall productive capacity by 
up to 20% [1].

Although modern ubiquitous digitising makes it possible to record numerous 
parameters of technological processes and machine operation, some important 
data on mechanical loads are still not available for sensing due to harsh working 
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conditions in mining and metallurgy. Especially difficult to monitor multibody 
systems when dynamical loads are quite different in the elements depending on 
machine design. Quickly increasing wear of elements and backlashes gaps open-
ing under transient loading make the system nonlinear, and installing costly sen-
sors in numerous couplings becomes inefficient. The traditional data-driven ap-
proach in diagnostics of machines can be combined with model-based condition 
monitoring, which assumes the creation of appropriate soft-sensors for observa-
tion of machine units where sensors are not installed. This approach is under 
development in this book and its application is illustrated by the examples from 
industrial applications.

The Computerised Maintenance Management Systems (CMMS) at enterpris-
es of the mining and metallurgical industry, as a rule, solve individual tasks of 
forming a portfolio of orders for the purchase of spare parts and optimal plan-
ning of machine fleet renovation. Despite the obvious benefits of accumulating 
statistics on failures and Remaining Useful Life (RUL) of operation of individual 
elements of machines, such a function is implemented only in advanced exam-
ples of CMMS as an additional option. Although planning the procurement of 
large expensive equipment for drivelines (couplings, shafts, gears, spindles) can 
provide a significant share of cost savings on spare parts for large enterprises. At 
present, because of the lack of data on the RUL of the units and the high prob-
ability of sudden failures, the machines service departments are forced to keep 
in warehouses double sets of spare parts for the main units because the terms 
of unique parts supply can be up to several months or longer. The advantages of 
CMMS are obvious; however, up to 80% of all attempts at CMMS implementation 
fail and users do not use all the functions offered by the software [1].

Existing automated control systems make it possible to obtain and accumulate 
large amounts of information about the current parameters of the technological 
process and the loads of the equipment, mainly electric drives. This information 
is used primarily for its intended purpose in the process of regulation and con-
trol. The studies presented in this book are aimed at improving the methods of 
dynamic analysis and statistical calculations of loads, which make it possible to 
increase the efficiency of using the information accumulated in digital form to 
improve the operation of the equipment and the stability of the technology.

The use of science-intensive developments for the identification and model-
ling of technological and mechanical systems of mining machines and rolling 
mills extends the functionality of existing process control systems. Without sig-
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nificant additional costs, it becomes possible to solve the problems of optimal 
control from the viewpoint of the minimum probability of equipment failures 
during operation based on new methods of load monitoring and wear diagnos-
tics in multibody systems.

1.1. Operational conditions of mining and metallurgical plants

Global digitalization of industrial plants [2] promotes effective approaches to 
prognostics and health management (PHM) of machines [3, 4]. Data-driven tech-
niques are developed for monitoring [5], online identification [6] and model-
based diagnostics [7]. The main players in heavy industry machinery: Epiroc, 
Caterpillar, Primetals Technologies, SMS Siemag, Danieli, NKMZ and other in-
dependent IT companies propose the Computerized Maintenance Management 
Systems (CMMS) in the market, which can be integrated into Enterprise Re-
source Planning (ERP) systems [8]. The advanced function of remaining useful 
life (RUL) estimation, if included, is usually based on either failure statistics of 
certain parts or by special signal processing methods with a short horizon of fail-
ure prediction when a first-level alarm has been generated. Algorithms of failure 
prediction include machine health indicators composed of different parameters 
of vibration [9, 10].

Advanced methods of condition monitoring and vibration diagnostics sys-
tems developed for heavy machinery should account for non-stationary loads 
and speeds [11], be adaptive to variable working conditions [12, 13] and support 
the RUL prediction function [14, 15]. Implementation of CMMS on large-scale 
industrial machines is a long-lasting process because some parts have a mean 
time between failures (MTBF) of more than one year. Using similar elements 
from neighbouring machines for building models of RUL and failure prediction 
is not feasible because of different working conditions. Therefore, world steel 
manufacturers like Tata Steel and ArcelorMittal are developing their systems for 
specific equipment and processes [16, 17]. The major efforts are applied in cold 
rolling mills to chatter vibration monitoring, which affects output product qual-
ity [18].

Heavy industrial machines, e.g., hot rolling mills, are characterized by high 
torsional dynamics, correspondingly, torque monitoring systems are used, e.g., 
of ACIDA (VOITH) [19], KMT Telemetry [20] and some others [21], which are based 
on wireless telemetry and strain gauges installed on rotating shafts. Methods and 
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models are developed for torque signal processing for diagnostic purposes [22, 
23] based on torsional modes analysis.

Although mechanical torque measurement systems are efficient for load 
monitoring, their implementation is limited to spindles with enough long ser-
vice time, because mounting strain gauges is problematic on frequently replaced 
shafts. Therefore, some condition monitoring methods are developed based on 
electric motor current analysis [24, 25]. However, measurement of either electri-
cal motor current or mechanical torque in only one point of multibody drivelines 
does not allow determining dynamic loads and RUL predicting in elements.

1.2. Failure modes of heavy-duty machines

Currently, raw material processing plants and steel manufacturers are facing 
a problem how to increase the reliability of existing heavy machines. The main 
elements of drivelines were not initially designed for such harsh working condi-
tions and, in addition, undergo deterioration. The use of high-grade materials for 
different applications increases the cost of machines. The increase in reliability 
can be achieved by passive damping of excessive dynamic loads [26, 27], active 
torsional vibration control [28–30], load distribution [31], optimization of tech-
nology [32] and machine unit tuning [33]. Although some efficient methods and 
technologies are developed to increase the wear resistance of elements made of 
alloy steels, e.g., Deep Cryogenic Treatment (DCT), severe failures occur [34–36] 
in heavy-duty machines (Fig. 1.1).

The failures in the mining machines can cause severe consequences, espe-
cially in the underground mines. For example, the stoppage of multi-kilometres 

Fig. 1.1. The most critical failures in the drivelines:  
(a) cracked cardan coupling due to high inclination angle [26]; (b) spindle head  
damaged by overload [26]; (c) gear teeth breakage due to shaft inclination [34];  

(d) bearing jamming due to improper clearance [35]

(a)(a) (b)(b) (c)(c) (d)(d)
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conveyors, urgent evacuation of mobile articulated vehicles, and the necessity of 
hydraulic cylinder replacement in powered roof support in a confined space, etc. 
(Figs. 1.2 and 1.3).

Deep underground mining machines and mechanisms are subjected to even 
more harsh environmental factors: high temperatures (up to +45°C) and humid-
ity (above 90%), which lead to quick degradation of structural materials due to 
excessive corrosion and crack initiation even under protective coatings.

The vibrating machines are widely used in the separation of different frac-
tions of materials in minerals processing enterprises (Fig. 1.4a). Sieving efficien-
cy is greatly dependant on the trajectories of periodical motion of the particles 
and sieving decks. The key design parameters of the screening process are such 
as the vibrator drive power, synchronisation of unbalanced masses and oscil-

Fig. 1.2. The failures of belt conveyor elements:  
(a) drive shaft damage [37]; (b) breakage of conveyor pulley due to fatigue [38]

(a)(a) (b)(b)

Fig. 1.3. The failures of underground mining machines:  
(a) fatigue crack in drilling rig arm of mobile machine [39];  

(b) breakage of horizontal pivot in the underground articulated vehicle [40];  
(c) fracture of cylinder in a hydraulic roof support due to dynamic loading [41]

(a)(a) (b)(b) (c)(c)
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lation frequency as well as the stiffness of supporting springs. Deterioration of 
supporting springs (stiffness reduction and cracks) due to cyclic loading and fa-
tigue are difficult to determine by visual inspection, static loading tests or non-
destructive testing techniques. Structural elements with welded joints can also be 
damaged by cyclic fatigue. The beam for carrying unbalanced excitation drives 
is the most stressed element, whose fracture is shown in Figure 1.4b. Although 
only a special series of double-row tapered roller bearings are used in vibrating 
sieving screens, they are also subjected to damages, which affect the trajectory 
of motion (Fig. 1.4c).

Installation of fully new equipment is a rare case, while the maintenance staff 
needs computerized tools to predict abrupt failures and to share investments for 
replacement of spare parts and repairs planning. The most efficient way to detect 
hidden damages in the machines is their condition monitoring.

Based on numerous research projects conducted in different types of industri-
al plants, the author can state that angular and radial backlashes in the gearboxes 
and other elements of rotating machines are the most important parameters of 
their technical condition and the root cause of local defects and fatigue failures. 
Common world trends in Condition-Based Maintenance (CBM) and Predictive 
Maintenance (PM) require new approaches, which are based on adaptive models 
of complicated industrial plants and appropriate software for their implementa-
tion in practice.

Fig. 1.4. (a) Vibrating screen; (b) fractured drive beam [42];  
(c) damage of bearing in vibrator [43]

(a)(a) (b)(b) (c)(c)



2. STATE-OF-THE-ART CONDITION 
MONITORING OF INDUSTRIAL PLANTS

Every category of mining and steel processing machines has its specific features 
determined by their functions and technology, which require appropriate diag-
nostic procedures and methods of defect detection. Based on a literature review 
on condition monitoring and process control with different types of signals, the 
detailed classification of known methods and tools is given with an emphasis on 
specific methods applicable for non-stationary regimes of operation and harsh 
working conditions.

2.1. Classification of systems and methods

The most general schematic representation of the Condition-Based Maintenance 
(CBM) process is given in Figure 2.1. It consists of data acquisition, signals pro-
cessing to obtain fault-related parameters and maintenance decision-making.

The diagnostic signals available for online acquisition are analysed in Table 2.1. 
This classification does not include the Non-Destructive Testing (NDT) techniques, 
e.g., Liquid Penetrate Inspection (LPI), Magnetic Particle Inspection (MPI), Eddy 
Current Testing (ECT), Ultrasonic Testing (UT), Radiography Testing (RT), Hard-
ness Testing (HT), which can characterise materials properties and defects but re-
quire stoppage of rotating machines for a  long time and manual operations for 
certain elements diagnostics.

Fig. 2.1. General scheme of the condition-based maintenance process
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Table 2.1. Data acquisition classification

Parameter Advantages Limitations Sensors

Vibration

•  �Relatively low costs for 
multi-channel signal 
acquisition

•   �Continuous 
measurement and 
processing

•  �Detection of different 
faults

•  �Close to components 
location

•  �Wide frequency domain
•  �Sensors durability

•  �Sensors on every shaft
•  �Speed rotation sensors 
on shafts

•  �High-cost laser sensors
•  �Special skills for 

installing sensors
• � Sensitive to noise, 
speed and load 
variation

Accelerometers
Proximeters
Laser sensors

Electric 
motor 

current

•  �A non-intrusive method
•  �Low-cost multi-channel 
acquisition

•  �Easy implementation
•  �No additional sensors
•  �Detection of electrical 
motor faults

•  �Low sensitivity to 
damages in long 
drivelines

•  �Less sensitive to 
weak fault features in 
bearings

•  �Various harmonics 
from the power supply 
system

No special 
sensors

Acoustic 
emission

•  �Detecting small damages
•  �Monitoring of large 
surfaces

•  �Subsurface micro-
damage detection

•  �Method for friction 
condition monitoring

•  �Difficult signal 
processing

•  �Huge raw data for 
storing

•  �Signals attenuation and 
reflections

•  �Internal noise 
interference

•  �Relatively high costs

Special sensors
Array of 
microphones

Temperature

•  �Simple amplitude alarms
•  �Low costs and  
noise-resistant

•  �Remote sensing method
•  �One thermal image 
reflects the overall object 
condition

•  �Long time for heating 
up of damaged 
component

• � Sensitive to 
environment

•  �Complicated processing 
of thermal images

Thermocouples
Thermal 
imaging 
cameras
IR sensors
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Torque

•  �Non-invasive
•  �Contains information 
about the whole driveline

•  �Can detect many defects
•  �The only method for 
resonance detection

•  �Can detect only defects 
in torsional elements

• � Sensors are 
complicated to install

•  �Need telemetric data 
transfer modules

Strain gauges
Telemetry 
modules

Oil/debris

•  �Close relationship  
with wear surface  
profile

•  �Long persistence of 
information  
and powerful  
anti-interference 
capability

•  �Needs a closed-loop 
lubricating system

•  �Difficult to identify 
damage to components 
made of the same 
metal

Special sensors 
and off-line 
analyzers

Image/Video

•  �Non-invasive
•  �Low cost
• � Similar to human 
inspection

•  �Applicable for drones
• � Thermal imaging 
applications

•  �Requires good lighting
•  �More sensitive to dust
•  �Difficult to identify 
internal damages

•  �More complicated data 
processing 

Standard or 
high-speed 
cameras

Vibration signals are the most widely used source of information in condition 
monitoring. Sensors (accelerometers) have comparatively low cost. However, in-
stallation of the required quantity may not be an economic solution for some 
applications, e.g., diagnostics of numerous bearings in the supporting idlers in 
the long belt conveyors. In this case, some non-contact methods based on image/
video signals should be implemented [44].

Electric motor current is easy to implement in the case of automation sys-
tem presence on the machine, e.g., electric motor equipped with a  frequency 
converter and appropriate output ports for data collection. Otherwise, additional 
hardware is required, e.g., for the blast hole drilling machines [45]. Motor cur-
rent is not suited for monitoring of bearings and bolted joints in the gearboxes.

Acoustic signals are susceptible to surrounding noise and require special 
sound sensors. They would be very efficient in the case of an array of micro-
phones for the inspection of engines and defects localisation in machines with 
complicated internal structures when permanent sensors for temperature and 
vibration measurements are unavailable for installing.
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Table 2.2. Methods of data processing

Domain Technique Advantages Limitations

Time

Statistics 
analysis:
• � RMS
•  �Peak factor
• � Kurtosis
•  �Skewness
•  �Impulse factor
•  �Clearance 

•  �Easy computation
•  �Standardized alarm levels 
for certain classes of 
machines

•  �Available for quick  
on-site inspection by 
simple devices

•  �Some parameters are not 
sensitive to  
non-stationarity

•  �Difficulty in damage 
location

•  �No standards for heavy 
machinery states

• � Sensitive to  
non-stationary

•  �No damages classification
•  �Not related to rotation 
speed 

Time
Time- 
-synchronous 
averaging

•  �Improved signal-to-noise 
ratio by eliminating 
asynchronous noise

•  �Shaft rotation signal 
required

•  �Sensitive to non-
stationarity 

Time
Autoregressive 
moving average 
(ARMA)

•  �Applicable for different 
faults diagnostics

•  �High sensitivity to 
condition change

•  �Time-consuming for trial 
and error determination 
of appropriate order of 
model

•  �Needs adaptation to  
non-stationary conditions

Frequency Power spectrum

•  �Pre-determined 
frequency band

•  �Well-developed for 
analysis

•  �Lack of phase 
information

•  �Non-Gaussian noise 
interference

Frequency
Higher order 
spectrum

•  �Suppression of Gaussian 
noise

•  �Phase information 
retained

•  �Nonlinear features 
detection 

•  �High computation cost
•  �Time-consuming 

calculation

Frequency Cepstrum

•  �Extracting and 
simplifying for analysis 
of periodic components 
in the spectrum

•  �Transmission path can be 
separated from the real 
signal

•  �Sensitive to background 
spectrum noise at an 
early stage of damage

•  �Weak feature due to the 
average effect of FFT



State-of-the-art condition monitoring of industrial plants 23

Frequency
Envelope 
spectrum

•  �More fault-related 
information than in the 
original signal

•  �Spectral and temporal 
representation of 
modulation

•  �The most known and 
widely used technique 
for low rotation speed 
machinery 

•  �No standards for the 
central frequency and 
bandwidth of the filtering

Time- 
-frequency

Short-time 
Fourier 
transform 
(STFT)

•  �Analysis of time-varying 
spectrum components

•  �Detection of resonances 
under varying speed

•  �Time-consuming 
calculation

•  �Not suitable for signals 
non-stationary within the 
given window.

Time- 
-frequency

Wigner–Ville 
distribution 
(WVD)

•  �High time-frequency 
resolution

•  �Not suitable for non-
stationary signal

Time- 
-frequency

Empirical mode 
decomposition 
(EMD)

• � High resolution
•  �Adaptive signal 
decomposition

•  �No cross-term 
interference

•  �End effects
•  �Sifting stop criterion
•  �Mode mixing

Time- 
-frequency

Ensemble 
empirical mode 
decomposition 
(EEMD)

•  �High time-frequency 
resolution

•  �Adaptive signal 
decomposition

•  �Suppressed mode-mixing

•  �Mode mixing cannot be 
eliminated completely

•  �No standard method to 
choose the number of 
trails and the amplitude 
of noise

Time- 
-frequency

Local mean 
decomposition 
(LMD)

•  �Instantaneous amplitude 
and frequency can be 
provided

•  �Envelope error avoided
•  �More than EMD 
information 

•  �Mode mixing
•  �End effects

Torque signals are especially useful in the multibody drivetrains of turbine 
units, rolling mills and other machines to detect dangerous amplitudes of tor-
sional vibrations.
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Temperature and oil/debris sensors are widely used in industry but can re-

act with a delay on critical defects in the gearboxes or sliding bearings. Ther-
mal imaging depends on machine surface emission and environmental condi-
tions.

Different methods of data processing are analysed in Table 2.2. They are cat-
egorised by data domains with corresponding advantages and limitations. Time 
domain methods are less demanding to hardware and software but less sensitive 
to small defects. Frequency domain methods require additional operations of 
signal processing (filtering, windowing) to enhance signal/noise ratio. Methods 
in a time-frequency domain are used for the small defects detection and are usu-
ally implemented in the case of contradictory results of standard methods. Also, 
they are most suitable for non-stationary object monitoring.

2.2. Methods of decision-making in maintenance

The studies on machine fault prognosis of heavy industrial machines are much 
less represented in comparison with fault diagnosis methods because the mean 
time between failures (MTBF) can be quite long to accumulate reliable statistics 
for every important element of the machine. Moreover, working conditions of 
the mining and metallurgical machines may vary within the period of observa-
tion making it not reasonable for data comparison on similar parts.

The most widely used in condition monitoring is the group of standards ISO 
10816-N [46], which give recommendations on ranges of averaged values of vi-
bration velocity for the estimation of machine condition (Fig. 2.2). These charts 
vary according to types of machines (ISO standard parts: 1 – general machines, 
2 – steam turbine and generators, 3 – critical machines, 4 – gas turbines, 5 – hydro 
turbines, 6 – reciprocating machinery, 7 – pumps, 8 – reciprocating compres-
sors, 9 – gears, 21 – onshore wind turbines with gearbox). For instance, for Group 
3 machines mounted on a rigid foundation, values of vibration velocity (mm/s) 
separating technical conditions are as follows: good – 2.3, satisfactory – 4.5, un-
satisfactory – 7.1.

Standard ISO 7919-3:2009 [47] is based on shaft displacement (Fig. 2.3) where 
the allowable operation period is recommended but like the previous standard 
without the time until failure. There is no information allowing the assessment 
of the more or less probable date of critical failure. These both standards were 
revised and combined into ISO 20816 standard.
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However, these standards are only applicable to machines working under sta-
tionary loading and constant speed of the drive. The transition between states 
corresponds to large differences in amplitude that can exceed 50%. The major-
ity of mining machines and metallurgical equipment are not covered by these 
standards.

Fig. 2.2. Machine conditions as per ISO 10816 by bearing vibration velocity [46]

Fig. 2.3. Machine conditions as per ISO 7919-3:2009 by shaft displacement [47]
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Approaches to decision-making in condition-based maintenance are dis-

cussed in [48–50] and summarized in Table 2.3. One of these approaches is mod-
el-based and has many advantages over the others. However, its implementation 
requires an exact understanding of the physical processes occurring in a certain 
machine and its units. Namely, this approach is assumed in this book and se-
lected for implementation in practice.

Table 2.3. Prognosis methods in condition monitoring of machines

Approaches Advantages Limitations

Statistical

•  �Do not require condition monitoring
•  �Information on similar machines 
enables longer-range forecast

•  ��Can be trained to recognize the types of 
faults 

•  �Provide only general, overall 
estimates for the entire set 
of identical units

Model-based

•  �Can be highly accurate if the machine 
model is good

•  �Require less data then data-driven 
approaches

•  �Minimum set of parameters for 
monitoring

•  �Real-life systems are often 
too stochastic and complex 
to model

•  �Simplifying assumptions 
needed

•  �Various physics parameters 
needed 

Data-driven
•  �Do not require assumption or empirical 
estimation of physics parameters

•  �Do not require a priori knowledge 

•  �Generally require a large 
amount of data to be 
accurate

Risk-based

•  �Do not require data monitoring and 
processing related to health indexes

•  �Do not require a priori knowledge of 
failure statistics

•  �Require exact knowledge of 
possible consequences of 
failure

•  �Require cost estimation of 
every failure

2.3. Mobile mining machines – articulated loaders and trucks

In mining enterprises, the main underground vehicles for material transporta-
tion are haul trucks (HT) and load-haul-dump (LHD) machines (Fig. 2.4). These 
vehicles are equipped with on-board monitoring systems that can collect any pa-
rameters from electronic control units (ECU) via CAN bus. Condition monitoring 
systems of underground mobile vehicles enable the collection of huge amounts 
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of digital signals from different special-purpose sensors to prevent abrupt fail-
ures.

In addition, the monitoring systems can also include wireless channels of 
pressure and temperature measurement in tyres, as well as sensors of hydraulic 
pressure in loading/unloading/drilling mechanisms (Fig. 2.5). Due to a lack of re-
al-time communication, data is locally acquired and recorded in special-purpose 
modules and then once per shift transferred by wireless channels to the main 
server on the surface. This is a typical procedure used for underground vehicles 
[51–53]. Methods of optimization of mining operations in a deep mine by track-
ing the dynamic loads using IoT sensors are proposed in [54].

Some underground vehicles work in remote control mode (controlled by op-
erators outside the vehicle) or are even autonomously operated based on optical 

Fig. 2.4. Underground vehicles of KGHM ZANAM (Poland):  
(a) haul truck (HT) CB4-24TB; (b) load-haul-dump (LHD) machine LKP-1601B

Fig. 2.5. Signals monitored in underground vehicles via CAN bus  
and from additional sensors (modified from somar.com.pl)

(a)(a)

(b)(b)
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sensors and other modern positioning technologies [55–57]. Therefore, simulta-
neously with the main parameters of vehicle operation, some additional param-
eters of external control actions and position can be determined and recorded 
[58]. Although the detection of operational cycles by underground truck position-
ing systems could seem like the simplest way to solve the problem, it requires 
huge investments in underground infrastructure and is not feasible for the ma-
jority of mining enterprises operated underground. In addition, methods of po-
sition data analysis are anyway needed in the case of changes in the location of 
truck unloading. Haulage cycle detection for wheeled transport in underground 
mines using neural networks is given in [59].

The general problem of classifying operating states for heavy underground 
trucks is an important task for logistics, maintenance planning and the estima-
tion of transportation efficiency. Some approaches are known for on-surface ve-
hicle monitoring, which are based on different types of sensors. A monitoring 
system based on the stationary magnetic sensor was developed in [60] for the 
detection, classification and recognition of passing vehicles using the improved 
support vector machine (SVM) method. A method of direct payload measure-
ment by strain gauges mounted on the leaf springs of the suspension system of 
heavy vehicles was tested [61]. This method could also directly detect the loading-
unloading events of underground trucks. However, measurements with strain 
gauges are complicated as they are sensitive to external impacts (uneven road 
surface, heavy truck manoeuvres), and their implementation is not feasible in 
the harsh underground environment. Virtual soft sensors are preferable for such 
tasks and eliminate the need for the installation of physical sensors.

The method of predicting heavy truck rollover speed was developed in [62] by 
combining a software application and acceleration sensors. The hybrid estima-
tion strategy was developed in [63] using low-cost sensors to estimate the vehicle 
sideslip angle and the dynamics-based extended Kalman filter (DEKF) to adapt to 
changing tire-road conditions. However, these methods, besides the installation 
of additional sensors, presume knowledge of vehicle structure parameters and 
the chassis dynamic model, which may not be known or measured in under-
ground haul trucks.

Understanding the external load applied to the machine is a critical issue for 
monitoring the vibrations of machines operated under non-stationary condi-
tions [64]. The algorithmic method of classifying operational modes for online 
categorizing of vibration signals was proposed in [65]. Condition monitoring 
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of underground vehicles based on the statistics of engine temperature signals 
was considered in [66]. Here the problem is similar; however, the motivation is 
more process-oriented than condition-oriented. By identifying operational re-
gimes, one can evaluate the production level, the efficiency of machine use, the 
operator’s skills, etc. [67]. Statistical techniques of data segmentation and sig-
nal processing for operational regimes detection of underground vehicles were 
proposed in [68, 69]. Using signals from monitoring systems for the detection 
of operational cycles is considered for underground LHD machines [70, 71] and 
haul trucks [72]. The non-clustering method for the automatic selection of ma-
chine operational states was proposed in [73]. The method of Joint Approxima-
tion Diagonalization of Eigen-matrices (JADE) as one of the blind source separa-
tion techniques from the domain of Independent Component Analysis (ICA) was 
used in [74], where the authors analysed the working cycles of a haul truck. The 
ICA method is based on the assumption of statistical independence of original 
signals and the separation of only linear combinations of sources, but these con-
ditions are not valid in our case. In addition, if two or more sources are perfectly 
Gaussian, they cannot be separated.

As an alternative approach for classifying vibration signals and operation-
al states, neural networks can be used [75] as in many other applications. This 
approach is not considered for on-board monitoring systems of underground 
trucks because of the wide variation of working conditions from the nominal val-
ues of parameters. Besides, the high temperature and humidity of the air, along 
with the high intensity of shocks and vibrations result in mechanical damage to 
the sensors, connectors and cabling of monitoring systems in underground ve-
hicles. It requires the development of fault-tolerant monitoring techniques and 
methods for online data processing to reduce false alarm signals and to detect 
specific machine operational events when some sensors are not available or fail.

One more issue is NaN/Null values in digital data. The problem of validating 
signals from sensors was mentioned in [76]. The authors highlighted the need 
for improving the robustness of algorithms for industrial applications and auto-
matic validation of signals.

2.4. Stationary mining equipment – vibrating sieving screens

The various approaches to vibrating screens investigation and applied modi-
fications of their structure and technological regimes tuning are overviewed 
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in [77, 78]. The assigned oscillating regimes of screens determine the diag-
nostics and monitoring methods. Two main classes of screens are known: 
resonant type and above resonance type. The resonance regime is desirable, 
however, its control is complicated because the sieving process is vulnerable 
to changes in bulk material thickness, particles distribution over the layer 
and their properties (fractional composition, material humidity and tenden-
cy to fracture) [79].

One of the ways to provide better sieving is to excite parametric vibration [80] 
and nonlinear oscillations with a broader frequency range [81]. However, drives 
with a constant frequency of excitation are the most used case in the industry. 
Separation of fine materials subjected to adhesion is achieved by increasing the 
excitation frequency.

The natural modes of screen motion and multiply particle trajectories are 
efficiently investigated by the finite and discrete elements methods [82]. How-
ever, these methods are very computer resources consuming in research and 
optimisation tasks. Besides, a detailed 3D model of a certain type of screen is 
required (not always available) as well as the design of particle configuration 
and statistical fractions distribution in the input flow. Therefore, a dynamical 
analysis of the vibrating screen as a rigid body filled with a bulk material can be 
conducted based on the reduced degree-of-freedom spring-mass models [83].

Supporting springs are the key elements because their stiffness influences 
the overall process and the particles’ trajectory. Although air-filled or elastomer 
springs could be advantageous in operation, they may exhibit nonlinear behav-
iour [84], whereas steel springs have linear stiffness within a working range of 
deformation. Nevertheless, the side bending displacement of steel springs is 
nonlinearly related to vertical stiffness [85] that can result in specific dynamical 
effects.

To control spring stiffness and the dynamical characteristics of the system, 
authors in [86] proposed the use of shape memory alloy in the case of the reso-
nant regime of vibrating screen for the fine-tuning of natural frequency. Standard 
springs made of alloy steels are subjected to corrosive wear and cyclic fatigue 
[87,88]. The most efficient remedy against failures of springs is the cryogenic 
treatment of high carbon and alloy steels [89].

Several vendors of condition monitoring systems are known in the market 
proposing options for vibrating machines. Some of those systems have special-
ised functions for sieving screen diagnostics, which are overviewed in [90].
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•	 CONIQ (Schenck) is a condition monitoring system which can detect pos-

sible defects in the screen based on a six-dimensional vibration measure-
ment using piezoelectric accelerometers and bearings temperature.

•	 FAG SmartCheck (Schaeffler) system monitors vibrations to recognise dam-
ages in a filled vibrating screen: settling of screen mats, loose springs, and 
spring breakage. Monitored parameters are vibrations, the temperature of 
bearings, speed of rotation, and screen load. Diagnostic methods include 
time series of vibration, envelope curve, speed, spectrum, and trend analy-
sis.

•	 ScreenWatch (Check) (Metso) system is based on wireless self-powered sen-
sors and detects a deviation in nominal screen motion caused by broken 
springs and damaged bearings, incorrect rotational speed and unbalanced 
masses settings.

•	 Copperhead (SKF) system monitors vibrating screen faults including gears, 
bearings, screen body and deck damage and overloading.

•	 IFM solutions for vibration screen/feeder monitoring.
•	 PCB IMI Sensors for monitoring vibratory screens and feeders.
All these systems are based on the standard algorithms of vibration monitor-

ing aimed at the detection of local defects in the bearings. However, the falling 
copper ore is a source of random impulsive noise in vibration signals. Recording 
the pure signal of load supposes the use of strain sensors installed on the differ-
ent elements [91] with appropriate wireless tools. Methods of driveline diagnos-
tics with special instrumentation are not applicable in the case of springs. Also, 
the detection of defects by monitoring electrical drives is not feasible.

One of the specific features of vibrating machines is the continuous displace-
ment of the most loaded zone on the outer race of rolling bearings of the vibrator 
shafts [92]. Only a special series of bearings are applicable in these machines. 
The stiffness of bearings housing should be equivalent in all directions to pro-
vide reliable and durable operation. Problems of rotor-bearing-housing system 
(RBHS) interactions based on the dynamic modelling method and including the 
additional excitation zone are investigated in [93].

The advanced methods are developed for vibration signal processing record-
ed on a hammer crusher [94], which includes stochastic impulsive components 
[95,96] having non-Gaussian distribution. Stochastic load analysis in vibrating 
screens is investigated in [97, 98], but the statistical approach is mainly imple-
mented for analysis of particle distributions [99]. The diagnostics by the mul-
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tibody nonlinear dynamical models is a quite suitable approach for diagnostic 
features derivation of vibrating screens including springs. In theory, the identifi-
cation of the stiffness characteristics in multibody systems is conducted by com-
bining experimental frequency response functions (FRF) and “inverse problem” 
solving. Several schemes were established and tested to determine joining stiff-
ness in a set of elements, although only for linear stiffness estimation.

Algorithms of vibrating screen diagnosis based on the dynamical models are 
constructed in [100–102]. Assigned changes in spring stiffness have a small ef-
fect on amplitudes of vibration, and spring defects were hard to recognise under 
conditions of heavy-tailed noise. A method for damping spring failure diagnosis 
of a large vibrating screen based on a static deformation test is proposed in [103]. 
A detailed review of existing methods of vibrating screens diagnostics and own 
testing procedures are given in [104]. The influence of treated material and pro-
duced loads on screen vibration is analysed in [105, 106].

A phase space plot (PSP) is a graphical method in the analysis of nonlinear 
systems, which is rarely used in diagnostics [107, 108]. PSP is a trajectory in an-
gular or linear coordinates and their derivatives. PSP is more efficient near the 
bifurcation points when the dynamical system is susceptible to a small change 
of parameters.

Taking into account the similar dynamic features of all systems with bilinear 
stiffness characteristics, the numerous methods developed for crack diagnostics 
in structural health monitoring of stressed bending beams or shafts and gears 
[109] can be considered in our case for failure diagnostics of spring defects. The 
estimates of damping and natural frequency are used as the diagnostic param-
eters in [110].

2.5. Dynamics and diagnostics of rolling mills

Wide strip hot rolling mills. The increasing production capacity of hot rolling 
mills due to higher speeds and strip thickness reduction leads to high torsional 
dynamics and resonant vibration problems. Some rolling practice methods can 
help to reduce the occurrence of such resonances but cannot eliminate them. 
There are some publications on the rolling mills’ dynamics [111, 112], drivetrains 
parameters optimization [113], torsional vibration control [114], and backlash-
es compensation [115]. An extended state observer and linear quadratic-based 
speed controller are used to control drivetrain dynamics [116]. Due to the uncer-
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tainty and complexity of rolling parameters, a fuzzy neural network [117] and an 
extended Kalman filter [118] are used. The general view of such kind of rolling 
mills is shown in Figure 2.6.

The rolling mill drive control system includes automatic speed and current 
regulators (ASR, ACR). It was found that closing the outer loop could help or hurt 
damping just as in closing the inner loop. For a given inner loop, the greater the 
load inertia to motor inertia ratio corresponds to greater damping. In general, 
resonance control requires: reduced time lags; a stabilized inner loop; use of the 
work torque outer loop speed regulator [119].

Tuning of the motor speed and current regulators can help in improving the 
damping of the drive system. A significant increasing in damping by 50% to 100% 
of torsional vibration may be achieved by the additional control loop with feed-
ing measured spindle torque into the drive current regulator. However, for such 
a method implementation a reliable telemetry torque sensor is required. In ad-
dition, speed-sensor ripple and sampling delays of the digital regulator limit the 
scope for method improvement [120].

In the analysis of electromechanical drives, it is common to choose only 
a first-order representation of the torsional elements between the motor and 
rolls. The analysis is often simplified by the neglect of mechanical system non-
linearities, the most important of which are backlash and torsional couplings 
having nonlinear stiffness. Usually, two lumped mass systems (motors and rolls) 
are used to describe torsional dynamics.

Fig. 2.6. Multi-stand wide strip hot rolling mill
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Authors of research [121] considered multibody models of drivetrain and 

stand. The properties of rolled metal as a nonlinear elastic-plastic element have 
been taken for the vertical and torsional chatter vibrations control. A detailed tor-
sional model allowed describing nonsynchronous oscillations of spindles and the 
study of the higher modes with the opposite phases of the work rolls vibration.

The ABB Company reported high-performance converters with new features 
for torsional dynamics reducing: direct torque control (DTC), resonance fre-
quency eliminator (RFE), backlash compensation, load shock elimination (LSE), 
and adaptive impact compensation (AIC). By applying newly developed control 
algorithms, the effect of backlash is reduced to almost nothing. When the system 
is being loaded, the produced torque keeps the backlash gaps closed, and when 
the system is idling, a more careful control algorithm is used, thus avoiding vi-
brations that could damage gearboxes [122].

The scope of dynamics research in this type of industrial machine covers the 
following:

•	 influence of weight balancing and angular position of spindles on dy-
namics;

•	 influence of torsional modes on driveline dynamics;
•	 drive acceleration (“soft start”) for the backlashes closing.
Wire and rod hot rolling mills. During the last decades, modern wire and 

rod manufacturing technology has been developed toward high rolling speeds, 
a wide range of metal sections, and higher accuracy due to tension control [123]. 
The development of automated systems to control the rolled wire section is very 
important [124]. To meet these demands of the steel industry, producers of met-
allurgical equipment develop different types of Reducing Sizing Mills (RSM) such 
as Danieli (Kock’s type with three rolls), Primetals Technologies (Morgan type 
two rolls blocks, see Fig. 2.7a), SMS (Sket type with two rolls) and several compa-
nies in Japan, India and China [125–127]. Some wire and rod rolling mills are also 
operated in Poland.

The RSM is usually installed between the finishing mills and laying head, 
where the material is coiled and cooled down rapidly to improve the internal 
microstructure of wire and rod and achieve the required mechanical properties. 
The final products in the RSM are of high accuracy by geometry, the dimensional 
tolerance is about ±0.10 mm. At the same time, the rising output speed of RSM 
up to 120–140 m/s is accompanied by increasing vibration amplitudes and sub-
sequent cases of “cobbling” (Fig. 2.7b) due to axial instability of rolled material 
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when the uncontrolled loop grows up and quickly accumulate. This phenome-
non is observed in any RSM, i.e., steel producers have a certain speed limit re-
stricting overall productivity.

Experimental testing in RSM by torsional dynamics measurement with strain 
gauges and telemetry systems like in other types of machines with open drive-
lines is very problematic.

Stationary vibration monitoring systems with sensors installed on the housing 
may provide alarm signals to prevent abrupt failures of bearings [128, 129], but it 
is difficult to recognise elements in compact rolling blocks under variable speed 
and load. Hence, special methods of diagnostics are under development [130].

Some vendors patented the use of rotation speed sensors installed on the 
roller guides and rolls to monitor their faults [131, 132]. Methods of rolled rod 

Fig. 2.7. Reducing sizing mill (RSM): (a) gear driveline with a changeable structure; 
(b) cobbling accident in the mill caused by axial instability of hot rolled rod

(a)(a) (b)(b)

Fig. 2.8. Sensors used in RSM: (a) monitoring roller guide (Morgan);  
(b) in-line eddy current sensor Eddycheck of defects at up to 120 m/s  

(PRÜFTECHNIK NDT); (c) in-line laser measuring of rod section (ORBIS)

(a)(a) (b)(b) (c)(c)
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defects diagnostics (Fig. 2.8) and laying head vibrations damping are proposed 
[133]. Nevertheless, research on RSM dynamics, control and rolled metal oscil-
lations for diagnostic purposes is still less represented [134–139]. That makes it 
necessary to implement mathematical modelling and analysis to discover rea-
sons for wire and rod rolling instability at high speeds.

High-speed cold rolling mills. These are the powerful steel rolling machines 
combining many auxiliary mechanisms (coilers, welding units, strip accumulat-
ing stations), which form continuous processing lines. The tandem cold rolling 
mills consist of 46 stands (Fig. 2.9).

Fig. 2.9. The high-speed (up to 25–30 m/s) multi-stand tandem cold rolling mill

Fig. 2.10. Chatter marks: (a) in unstable boring operation [140];  
(b) corrugation of rails [142]

(a)(a) (b)(b)
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High-frequency vibration or so-called “chatter” is a well-known phenomenon 
in the different types of industrial machines. As it is noted in [140–142], such 
vibrations are not a problem specific to only rolling mills. The periodic marks 
appear on the surface during grinding, drilling, and cutting operations and on 
the rails, where friction forces interact with the elastic “wheels-transmission-
-suspension” system (Fig. 2.10).

However, it is most important in the cold rolling mills where chatter vibra-
tion affects rolls and strip surfaces by periodic marks (Fig. 2.11) that may cause 
specific audible sounds or mill “roaring” even at half of the available speed. De-
pending on rolling conditions, the period of chatter marks may vary from 140 
to 20 mm which corresponds to main mode frequencies of 100–120 Hz in the 3rd 
octave and 500–600 Hz in the 5th octave, respectively.

Nowadays, the only reliable method to reduce the amplitude of resonance 
vibration and to avoid strip breakages is the reduction of the rolling speed at the 
moment or before chatter excitation. In different mills, the required speed drop, 
which is enough for chatter cancelling before strip break, is about 50–250 m/min 
depending on the current level, mill type and rolling conditions. Such a method 
reduces the maximum speed available by mill design.

Frequent replacement of deteriorating mechanical components (spindles, 
couplings, gears, winding reels, tension rollers, bearings and rolls) may be ap-
plied only up to a certain extent when the maintenance costs begin to restrict 
the overall operational efficiency. Modern research and developments on chatter 
vibrations are carried out in several directions:

•	 permanent systems of vibration monitoring and diagnostics;
•	 passive and active vibration damping;

Fig. 2.11. Chatter marks: (a) on the backup roll; (b) on the strip (period 140 mm);  
(c) on the strip (period 20 mm)

(a)(a) (b)(b) (c)(c)
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•	 non-contact detection of periodic marks;
•	 diagnostics of rolls grinding process and machines;
•	 optimisation of coolant supply in the contact zone;
•	 mill setup tuning and online control by vibration signals.
Among the companies proposing specialized chatter monitoring systems are 

Vold Solutions Automation (USA) with “QuartzMill”, AMTRI (UK) with “AVAS”, 
IAS – Industrial Automation Systems (Australia) with the “VIDAS chatter moni-
tor”, SMS Siemag (Germany) with the “MIDAS”, iba AG (Germany) with ibaLogic 
based system.

Some companies implemented passive vibration dampers for the rolling mills 
(IAS, Asko and Dofasco) and in roll grinding machines (Vold Solutions Automation) 
as well as active vibration control systems (Primetals Technologies, SMS Siemag). 
Vibration recording for every coil and viewing spectrum amplitude in the differ-
ent frequency ranges of mechanical elements are the most required functions in 
chatter monitoring systems. Such systems allow mill operators to keep mill speed 
as close as possible to the upper limit for current mill conditions. The most known 
method for chatter detection and strip break prevention is online spectrum analy-
sis in certain frequency ranges including main mode frequency and giving the 
alarm signal for mill speed reduction when the spectrum amplitude overcomes 
the limit value (one or three levels). As the chatter amplitude arises quickly (less 
than 1.0 s) and the mill has a certain delay in reaction, operators try to set alarm 
levels as close as possible to the normal level. However, it frequently causes wrong 
alarm signals as the rolls and strip sizes are different from coil to coil.

According to the known publications and patents, there are no industrial 
systems which provide reliable early diagnostics and prediction of chatter ex-
citation. The main problem in the high-speed cold rolling mills is in fact that 
standard Hydraulic Automatic Gauge Control (HAGC) systems with the cut fre-
quency of control loops below 10–15 Hz are not able to control high-frequency 
oscillations of 100–200 Hz. The tuned mass dampers are not reliable because of 
the stochastic variation of the main natural modes of vibration. Therefore, active 
vibration control is proposed for chatter suppression [143, 144]. There are several 
approaches for active chatter damping:

•	 periodic force changing in HAGC cylinders through the fast servo-valves;
•	 periodic force generation in the hydraulics of backup rolls weight balancing;
•	 periodic force generation in the work rolls bending cylinders;
•	 safety valves in the hydraulic system of the rolling stand (one-time use).
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The IAS Company (Australia) proposed a tunable damping device (VIP – Vi-

bration Inhibition Piston) which is installed in the upper backup rolls balancing 
system. Designers reported that such devices allow an increase in mill speed by 
25–30%. However, its implementation has certain issues. The efficiency of damp-
ers directly depends on their ability to tune to the resonance frequency. In gen-
eral, the main natural frequency varies insignificantly (±12 Hz). However, the 
chatter frequency in the rolling mill may vary in the wide range (±2025 Hz) or 
even more. Therefore dampers should be installed in the stand taking into ac-
count what mode of chatter (3rd or 5th octave) is targeted.

Some other kinds of vibration damping were proposed for dynamics reduc-
tion. In [145], an additional degree of freedom (DOF) has been introduced in the 
form of a  controlled tension roller for phase shifting of tension vibration be-
tween stands of tandem mill for stability increase. The natural frequency of the 
supporting roller may be regulated by the stiffness or mass value and it should be 
a little bit more than the chatter frequency. Active damping may be realised by 
the actuation with an additional drive for tensioning roller vibration [146]. Such 
devices may be efficient as the strip tension is the elastic link providing stands’ 
synchronization and vibration amplification in the tandem mill.

Testing of active chatter damping in one of the tandem mills showed that 
damping efficiency is restricted by the absence of reliable and exactly equal 
phase regulation in every actuator. Even a little phase divergence under control 
may cause an even worse situation in the mill dynamics. For example (Fig. 2.12), 
the ChatterBlock system of Primetals Technologies uses specially designed high-
frequency servo valves. The AntiChatter system of SMS Group uses piezoelectric 
elements installed under the lower backup rolls [147]. Danieli Company patented 
a chatter control system that uses work rolls bending cylinders instead of the 
main large HAGC cylinders [148]. The efficiency of all above mentioned systems 
on the real mills has not been reported in the open sources. In any case, the 
vibration monitoring system is needed to produce input signals for actuators’ 
control.

There are always clearances between the stand housing beams, which may 
cause chatter vibration. The resonance analysis of horizontal nonlinear vibra-
tions of roll systems for cold rolling mills under double-frequency excitations is 
investigated in [149]. To struggle against the unstable horizontal beating of roll 
chocks, a special method is proposed [150], according to which the rolling process 
is controlled taking into account the dynamic changes in the horizontal forces 
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acting on the work rolls (WR). The method presumes the determination of many 
parameters in each stand: the roughness and diameters of the work and backup 
rolls (BUR), the static displacement of the work and backup rolls, the viscosity 
of the cooling fluid and friction coefficient. Further, based on calculation on the 
model, the regulated parameters are determined as required for roll stability. The 
application of this method in practice is associated with technical problems of 
unknown parameter measurement. In addition, when calculating the stability 
conditions, the work rolls bending forces are not taken into account, though they 
play a crucial role in the durability and vibration of bearings on the rolls.

Some companies (SMS Siemag, Danieli) proposed flat hydraulic cylinders for 
roll chocks pressing with constant force to the housing during rolling [151]. It 
prevents clearance opening and chocks horizontal vibration when the tension 
oscillation amplitude is too high. However, it was shown by experiments that 
critical rolling speed increases only by 10%. In addition, the restriction of the WR 
chocks’ vertical motion worsens HAGC operating conditions. Also, this method 
may cause problems in thickness control as it restricts roll vertical motion. Pat-
ents [152–156] are aimed at chatter suppression by different methods.

Some works are known in the field of chaotic vibrations analysis in cold roll-
ing [157]. Chaotic vibrations in metal cutting were also studied [158] and meth-
ods of friction instability early detection were developed for their active control 
[159]. However, the methods developed for metal processing machines are not 
applicable in the rolling mills. The essential complexities arise with the analysis 
of adjacent stands interaction in the rolling mills due to the regenerative mecha-
nism of chatter excitation by means of the strip waviness induced in the previous 

Fig. 2.12. Chatter active damping systems: (a) HAGC cylinder  
with high-frequency servo valves; (b) piezoelectric actuators in the stand

(a)(a) (b)(b)
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stands. This effect was considered by the deterministic models with a constant 
time delay [160, 161]. Also, the elastoplastic properties of the rolled strip and the 
damping ability of hardened metal have a great influence on chatter excitation 
that was investigated in [162–164].

2.6. Multi-motor drive systems (MMDS) of industrial plants

Possible problems in the multi-motor drive systems (MMDS) of industrial ma-
chines may appear from the mutual interaction when they are not synchronized. 
In this case, backlashes in the gears and high dynamic torques may affect over-
all durability and cause failures. In this relation, a method of control of the hot 
rolling mills is proposed [165]. Shock loads are reduced due to the automatic 
matching of speeds when the strip exits the preceding vertical stand and enters 
the horizontal stand. The dynamic torque and interaction of stands were inves-
tigated in [166, 167]. Results of experimental research showed the importance of 
this factor for reliability. A simplified synchronization system was implemented 
to solve this problem [168].

In recent years, the MMDS with digital control has been developed [169]. Mea-
surements of torques using a telemetry system show that the ratio between the 
maximum dynamic value and steady-state level does not exceed 2.1, which is 
not a high value. Nevertheless, developers of this control system noted that ad-
ditional play of gaps in the gearbox adversely affects the durability of mechani-
cal components. To eliminate this drawback, they recommended installing in-
dividual thyristor converters and controlling each electric motor excitation by 
the difference signal of the motor armature currents. However, preliminary dy-
namic analysis of this drivetrain [170, 171] showed a possibility of high internal 
torsional dynamics due to parametric resonances. Studies related to parametric 
oscillations in MMDS are known for the platform rotation mechanism of buck-
et-wheel excavators [172], the tilting mechanism of steel processing converters 
[173, 174] and tumbling mills (Fig. 2.13), drives of tunnel boring machines [175] 
and long-wall shearer [176]. To prevent abrupt failures, advanced methods are 
designed for vibration diagnostics of the multi-motor planetary gear drive of the 
bucket wheel excavator [177].

The sources of parametrical excitation are investigated in different industrial 
machines [178–183]. Although the nature of parametric vibration is a well-known 
and investigated phenomenon, this problem remains a  challenge for design-
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ers. Some methods are proposed for gear profile modification and gears’ phas-
ing [172, 184] taking into account contact friction and transmission errors [185]. 
Those methods are applicable only at the design stage. During the operation, 
some elastic damping elements can be implemented in the shafts to reduce in-
put impacts [186] that is not concerned with the internal dynamics of gearboxes. 
The diagnostic methods based on torsional dynamics monitoring [187], motor 
current signal processing and strain gauges telemetry tools [188] are not feasi-
ble due to low dynamics at the intermediate shafts. Equivalent load sharing in 
MMDS can be improved by the electric drive control [189–191] and active damp-
ing of torsional vibrations [192]. However, these methods are mainly applicable 
to two-mass drives (motor and load) and are not suitable for MMDS control. With 
the limited possibilities of load measurement inside the gearbox, mathematical 
models are widely used for dynamic simulation of gear drives [193, 194] includ-
ing detailed modal analysis of geared drivelines [195]. Summarizing a wide scope 
of MMDS studies, we can note the following tasks: optimal control for equal 
load share between parallel drives; gears phasing; kinematic errors diagnostics; 
monitoring of mechanical loads by the electric drives parameters; and torsional 
vibrations damping.

2.7. Instrumentation for monitoring and diagnostics  
of industrial machines

The success of condition monitoring greatly depends on appropriately chosen 
sensors, signal transferring methods (via cable or wireless), signal condition-
ing and the quality of power supplied to the measurement modules. A detailed 
analysis of dynamic torque monitoring systems is given to understand their 

Fig. 2.13. Industrial machines with multi-motor gear drives:  
(a) bucket-wheel excavator; (b) tilting steel converter; (c) tumbling mill

(a)(a) (b)(b) (c)(c)
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applicability in different heavy-duty machines. Issues of bolt loosening detec-
tion and instrumentation for backlash measurement in the drivelines are con-
sidered.

2.7.1. Wireless torque meters

Online monitoring and diagnostic systems can be integrated into the automation 
system of the main equipment supplied by the producers. The most advanced 
systems are based on torsional torque meters developed, e.g., by BFI (Germany) 
and marketed by ACIDA (Voith) (Germany). Only a limited number of non-con-
tact torque meter applications are known on rolling mills and mining machin-
ery: Binsfeld (USA), Astech Electronics (UK), Transmission Dynamics (UK), and 
KMT (Germany).

Presently, the real-time condition monitoring and diagnostics of mining ma-
chines are among the most demanding and quickly expanding areas of research 
and development. Existing sensors and wireless data transmission technologies 
based on the Internet of Things (IoT) and cloud-computing approaches allow tak-
ing and storing huge measurement data in real time. Besides, the exponential 
growth of microcontroller processing power allows the creation of price-effi-
cient measuring systems and provides the possibility to get insight into changes 
in the machine’s dynamic state during its operation [196].

The creation of a well-suited mathematical model of the industrial plant helps 
in dynamical load controlling but can be difficult when it comes to the multi-
body geared drivetrains with non-smooth stiffness characteristics, which may 
cause complicated chaotic behaviour [197]. The models are not always able to 
reproduce all aspects of the real working conditions, especially for underground 
mining machines. That is why numerous trials are needed to verify models by 
the reliable wireless torque measuring system. On the other hand, there are ob-
stacles related to a harsh environment, where mining machines are usually op-
erated. Particularly, there is often no stable wireless connection underground. 
Moreover, the continuous repairs and replacement of damaged parts in the min-
ing machines restrict significantly the possibility of torque sensor deployment. 
Installation of torque meters based on gauge sensors requires special skills and 
downtime of a machine or even the whole production line, e.g., long conveyors, 
which is generally undesirable. Therefore, a detailed analysis is conducted to fig-
ure out the functionality and design of torque meters.
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Nowadays, the torsional vibration measurements on rotating shafts are used 

in the following applications [198]:
•	 automotive transmissions measurements;
•	 marine drivetrains with high-power diesel engines;
•	 oil and gas equipment, drilling rigs;
•	 turbines and generators in electric power stations;
•	 drivelines of rolling mills in steel processing plants;
•	 ore and coal drum mills, cement kilns in minerals processing.
The analysis of abrupt failures in heavy machinery, e.g., rolling mills or belt 

conveyor drives [199], shows that most of them are caused by one-time overloads 
from high torques. Torsional vibrations caused by internal resonances [200] or 
stick-slip friction-induced vibrations can lead to even more severe damage or dete-
rioration in the drivelines due to accumulated fatigue cycles. Therefore, mechani-
cal torque signal, if measured with special tools, is a profoundly informative di-
agnostic parameter for complicated planetary gearboxes [201], and reciprocating 
machines like diesel engines, pumps and compressors [202].

Measuring torque along with other parameters, such as electric drive current, 
allows the detection of operational cycles of machines, and compaction param-
eters of bulk materials briquetting. In parallel, angular clearances can be moni-
tored in the drivetrain elements.

Although the monitoring of electrical drive currents allows estimating loads, 
their values are not strongly correlated with peak dynamic torques and have de-
lays at higher natural modes above 10–20 Hz. In the case when the industrial 
plant is equipped with digitally controlled drives with a pass-band of 25–30 Hz, 
some procedures can be applied for DC motor armature current to extract the 
lowest natural modes for load monitoring. However, such a method is only ap-
plicable to a two-mass drivetrain layout “electric motor–working tool”. In mul-
tibody powertrains with gearboxes, flywheels or other inertial components or 
synchronous AC motors, mechanical torques are not detectable directly by the 
motor current. One of the additional advantages of dynamic torque monitoring 
is the possibility of computing the remaining useful life (RUL) based on multi-
body models [203].

The examination of the consequences of torsional vibrations on machines, 
including pneumatic and hydraulic systems, enables a better understanding of 
the real operating parameters of the process. The analysis of down hole drilling 
vibration data is represented in [204]. Methodology and experimental verifica-
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tion of a drilling system optimisation based on torsional vibration suppression 
are represented in [205]. The assessment method of reliability calculation for 
mine machines, e.g., belt conveyors, is shown in [206].

Classification of torque sensors. There are several features for the classifica-
tion of torque meters shown in Figure 2.14. First, the principle of measurements 
determines how the system would be installed, and other parameters such as 
power supply, and methods of sensor installation. Accordingly, certain types of 
torque meters can be assigned for specific machines, e.g., mobile or stationary.

In the case of the mining industry, issues of permanent torque monitoring 
are the harsh environment and wireless connection stability. Moreover, there is 
an obstacle with a permanent power supply for sensors and shaft replacement 
caused by damage or failure. When it comes to higher torques, special calibra-
tion methods are needed.

Magneto-elastic sensors. The magneto-elastic effect has been used in sensors 
for a long time [207]. An example of a modern torque meter is shown in Figure 2.15, 
which is used in the testing of car transmissions and ship drives with internal com-
bustion engines. The sensor detects changes in the permeability of ferromagnetic 
materials under the influence of tension and compression forces.

Piezoelectric sensors. The most common design of piezoelectric torque sen-
sors available in the market include discs with measuring elements and plug-in 
bearings to take signals from the rotating shafts, which are connected with pin 

Fig. 2.14. Classification of torque meters
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or flange couplings (Fig. 2.16). Such meters are installed inside the transmissions 
of small machines or at the ends of shafts, which is practically not feasible in the 
drivelines of mining machines and rolling mills.

The torsional torque can also be measured with piezoelectric sensors due to 
the difference in angular displacements of two sections of the shaft. The mag-
nitude of the torque is calculated by the known diameter of the shaft and its 
stiffness. A pre-tensioned (for backlash elimination) plate with a load measur-
ing element or an inductive micro-displacement sensor that responds to angular 
displacements of the deformable shaft is mounted between two rigid clamps in-
stalled in different sections of the shaft (Fig. 2.17).

A measurement base of not more than 100–150 mm along the shaft is used 
since this affects the overall rigidity of the sensor. Due to the large diameters (300–
900 mm) of shafts in rolling mills, they have small twist angles proportional to the 
effective torsional torques and require an increase in the measurement base, and 
this in turn reduces the rigidity of the design of the clamps and connecting beams 
of the sensor affected by the impact loads and transient vibrations. This design 
was once used in measurements on rolling mills but was abandoned in favour of 

Fig. 2.15. Magneto-elastic torque sensor (ABB

Fig. 2.16. Design of the torque sensors (PCB):  
(a) disc; (b) bearing; (c) flange
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strain gauges. Most of the commercially available sensors of this type, as a rule, 
are used for precision measurement of relatively small torques (0.5...10 kN).

Wireless SAW sensors. Among the recent developments [208] is the torsion-
al torque sensor based on two resonators operating on Surface Acoustic Waves 
(SAW) (Fig. 2.18). Resonators are mounted on a rotating shaft perpendicular to 
each other. When mechanical stresses occur, the operating frequency of the res-
onators is shifted in proportion to the magnitude of the torque. The resonators 
are connected to the measuring apparatus using transmitters. Recommended 
field – automotive applications. Advantages over known analogues: the inertia-
free signal produced by the sensor and high sensitivity.

Inertial sensors. Historically, inertial sensors for measuring torques, or torsio-
graphs, as they are called, have been used since the beginning of the 20th century to 
study ship propulsion systems with extended transmissions and internal combus-
tion engines [209]. Later, sensors were equipped with telemetry data transmission 
from a rotating shaft, for example, the radio-torsiograph RT-660-02 developed in 
the Krylov State Research Center (Russia). Usually, these sensors measure the vi-
brations of a ship’s transmission at the shaft end, relative to the flywheel. The sen-
sitive element is a soft spiral spring between the end of the shaft and the flywheel, 
which maintains a constant rotational speed. Such devices have a non-uniform 
amplitude-frequency characteristic at frequencies up to 50–60 Hz (Fig. 2.19).

This allows their implementation in ship transmissions to identify resonant 
modes at higher shaft speeds, but not in low-speed shafts of mining machines and 
rolling mills, where the lowest natural frequencies are in the range of 10–20 Hz. 

Fig. 2.19. Radio-torsiograph RT-660-02: (a) general view;  
(b) frequency response function

(a)(a) (b)(b)
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Some authors proposed MEMS inertial sensors installed on the shafts to measure 
torque ripples.

Optical sensors. Standard laser rotation sensors can be used as optical sen-
sors, which measure the time intervals between successive pulses caused by the 
torsional vibrations of a given shaft section [210]. The optical measurement sen-
sors (Fig. 2.20) are used on the shafts. The Brüel & Kjær (HBM) Company manu-
factures a serial torsiograph based on a laser vibrometer.

Instead of optical sensors, Hall sensors can also be used making measure-
ments available inside the gearboxes, but with less angular accuracy. Similarly to 
the tension gauges method, the efficiency of torque measurement is determined 
by the correct choice of sensor positions. A single sensor should be installed in 
the place where the angular oscillations have maximum amplitudes, while the 
double sensors – in the main torsional node, i.e., maximum shaft deformation. 
Accordingly, special methods of signal processing are used.

This method of torsional deformation measurement has several limitations. 
The main sources of distortions of torsiograms recorded using optical sensors 
are as follows: sensor vibration and shaft beat; errors in the manufacture of tape 
“zebra”; errors when mounting the tape on the shaft. In addition, the sampling 
rate of the torque sensor signal depends on the drive rotation speed. A similar 
principle based on optical encoders is used for static torque metering in automo-
tive steering systems.

Strain gauge sensors with wireless data transmission. A strain gauge, made 
of wire or foil, transforms mechanical force or deformation into an electrical 
signal. It is widely used in studies of machines, both on stationary parts and on 

Fig. 2.20. Optical torque meter: (a) schematic diagram; (b) installation on the shaft

(a)(a) (b)(b)
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rotating shafts [211, 212]. The main advantage of strain gauges is their installation 
on the units without intrusion in the driveline. The disadvantage of using strain 
gauges in stationary monitoring systems is the slow drift of zero during the age-
ing of the adhesive composition, which can be compensated on the motor shaft 
with the signal of the electric motor current. Nevertheless, the analysis of known 
sensors for torque measurement and the experience of using them have shown 
that tension-resistive sensors are the most suitable primary transducers in harsh 
industrial conditions. To transmit signals from rotating shafts, several types of 
schemes are used:

•	 contacting strings and slip rings;
•	 movable rotor (shaft) and stationary stator (receiver antenna);
•	 transmitting via the radio channel using frequency (FM) or pulse (PWM) 

modulation;
•	 capacitive signal transmission.
Contact circuits are considered outdated due to large deviations in contact 

resistance. Among contactless circuits for use in rolling mills, the FM radio 
channel is the most acceptable. When using an inductive power supply to the 
sensor on a shaft, a circuit covering the shaft is simultaneously used as a receiv-
ing antenna. Therefore, the sensors cannot always be installed on spindles with 
large eccentricities. They are usually installed on cardan or gear spindles with 
small beating and long service time. The maximum distance to the shaft is no 
more than 50 mm. The schematic diagram of the monitoring system is shown 
in Figure 2.21. Data transmission from rotor to stator over the air gap occurs by 
a modulated signal, which is then normalized and sampled for storing in a com-
puter.

Among mining machines, where it is needed to acquire torsional vibrations 
signals, are drilling rigs, load-haul-dump (LHD) vehicles and belt conveyor drives. 
Besides, the Measurement-While-Drilling (MWD) systems are successfully imple-
mented in deep oil wells development. Dynamical changes in a power transmis-
sion line can be noticed implicitly through hydraulic oil pressure, vibrations or 
sudden changes in drill bit rotational speed. For a boom drill rig, although a con-
siderable number of parameters are monitored now, torsional vibration signals 
are out of them. The drilling driveline is designed with standard components and 
there is no possibility of merely adding a torque sensor. On the other hand, torque 
is a crucial parameter, which can be used for chatter vibrations control and rock 
properties determination.
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Another fruitful example of torsional vibration monitoring is the underground 
Load-Haul-Dump (LHD) vehicles, which are exposed to intensive reversal loads of 
transmission and stoppages when the bucket is in the process of filling with bulk 
material. Their onboard monitoring systems can be improved by adding torque 
signals reflecting the condition of the powertrain without the need for numerous 
vibration sensors.

Torsional vibration measurements can be applied to the belt conveyor. Lo-
calization of the sensor is often chosen close to the motor, behind the clutch. 
Unfortunately, the continuous characteristics of belt conveyor work make the 
installation of measuring equipment limited.

2.7.2. Diagnostics of bolts loosening

Rolling bearings have a wide application in numerous industrial machines. Al-
though bearings are the most standardized elements of transmissions, they are 
probably the most difficult-to-tune elements in the assembly units. Together 
with rotating shafts, bearings constitute a complex thermo-mechanical system, 
whose performance greatly depends on the radial and axial clearances. Any de-
viations of ring position caused by improper shaft installation, misalignment, or 
violation of shaft diameter tolerances may interrupt foreseen lubrication flows 
and homogeneous cooling that in turn provoke thermal deformations and re-
duction of bearing life. In addition, clearances may cause excessive dynamical 
loading in the case of gaps re-opening under non-stationary or reverse loading 
of a machine.

Fig. 2.21. Torque meters based on strain gauges and inductive power supply  
(ACIDA, VOITH)
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Therefore, clearances may be considered the most important operational 

parameters of drivelines because of their direct influence on bearing life and 
the overall reliability of rotating machines. Every producer of rolling bearings 
has a specification for axial and radial clearances. Neglecting the recommend-
ed maintenance rules, installation procedure, revision schedule, lubricant type 
and supply rate causes the majority of failures, even more than external loading. 
The influence of an oversized shaft diameter on the bearing life taken from work 
[213] is shown in Figure 2.22. This deviation in size can be caused, e.g., by the 
heating of the shaft itself or the bearings.

As it follows from the ISO Standard 5753-1981 (ANSI/AFBMA Standard 20), lim-
its for clearances in the unmounted radial ball and roller bearings are categorised 
into five classes or groups: “Normal”, “greater than Normal”, (C3 suffix), “less than 
Normal” (C2) [214]. Class C3 is used to avoid too little internal bearing clearance in 
machine operation and is applied for mining and metallurgical machines.

One of the most important factors determining accurate clearances in bear-
ings are the bolted joints that fasten the shaft and the bearings cover to the gear-
box housing. The fundamental principle of bolted joints assumes that the design-
ers of machines should predict their operational loads and avoid opening any 
joint contacted surfaces when forces are greatly increasing and additional com-

Fig. 2.22. Dependence of the bearing life on the operating clearance [213]
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ponents of stresses (torsional, bending, shear) appear in the bolt shank [215]. The 
greater the preloading (limited by yield stress), the less chance of bolt failure. 
Although bolted joints preloading has great importance, their tightening torque 
is not always available for control during repairs and shaft replacement in the 
transmissions, especially for large-scale industrial plants where bolt diameters 
can reach 100–150 mm and even more. The metric bolts for heavy-duty gearbox-
es should have property classes 10.9 or 12.9 (ASTM F568M) and are made of alloy 
steels (Table 2.4).

Table 2.4. Classes, size ranges and mechanical properties of bolts

Class
Nominal size range, 

mm
Proof load,  

MPa
Min. yield strength, 

MPa
Min. tensile strength, 

MPa

10.9 5–100 830 940 1040

12.9 1.6–100 970 1100 1220

The strength and durability of high-grade bolt steels (40Cr, 30CrMnSi) are usu-
ally improved by quenching and tempering. The application of deep cryogenic 
treatment is recommended for important parts of industrial machines [216] but 
is rarely used in practice. An over-elastic pre-load of the screw-nut pair allows 
one to obtain a significantly higher load capacity, and a self-forming screw is pro-
posed in this regard in [217] to achieve residual compressive stress at the thread 
root. However, the bolts of heavy-duty gearboxes of mining and metallurgical 
machines are subjected to fatigue damage due to frequent overloading beyond 
the allowed yield limits of steel parts.

Historically, direct measurements of installation clearances or the full wear 
(gap) in the elements of bearings in large-scale machines are conducted by lift-
ing their heavy shafts with special mechanisms or cranes in workshops and then 
sticking calibrated probes into gaps. These methods require partial disassembly 
of the machines, for example, removing the end caps on gearbox shafts. This is 
a  time-consuming operation and contributes to the bearings’ damage and fur-
ther reduction of the total life of machines.

The diagnosis of bolts loosening, not only in gearboxes but also in structural 
elements of buildings or bridges is a complicated scientific and engineering task 
taking into account the potentially huge number of bolted joints and the dramat-
ic consequences of their loosening, which leads to unpredicted redistribution of 
internal loads between other bolts in joints.
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There are several approaches to the health monitoring of bolted joints. They 

can be classified into two big groups: based on the use of local sensors or “smart 
bolts” and the modal analysis of the whole structure or machine. Local contact 
surface sensors, e.g., by electrical conductivity [218], tension stress measure-
ment by ultrasonic waves [219], high-frequency acoustic emission of low-speed 
rotating machinery [220], using high-order harmonics and spectral sidebands 
[221], wave energy dissipation (WED) and vibroacoustic modulation (VAM) [222]. 
Sensing instrumentation also includes piezoelectric active sensing [223] using 
wearable sensors [224] and smart washers [225] based on lead zirconate titanate 
(PZT) transducers, which generate testing stress waves as the actuators. These 
methods can be supported by wireless data transfer technologies and remote 
data accumulation for large-scale civil and industrial critical structures.

The axial force reduction decreases the stiffness of the “bolt-nut” assembly 
leading to a shift in the characteristic peak frequency of the bending mode. A gen-
eration of acoustic emissions occurs due to the relative movement between the 
contacting elements of joints, e.g., the bolt shank within the clearance hole. Elon-
gation of the bolt due to tensile stress is defined by the time-of-flight (TOF) of ul-
trasonic waves. The reliability of such methods may be high enough under labora-
tory conditions but they require more investments for additional sensors and their 
implementation in actual mining and metallurgical machines is complicated.

In recent years, visual image processing methods have gained popularity in 
bolts loosening diagnostics [226] using deep learning techniques [227], Hough 
transforms [228], support vector machine (SVM) [229], density-based spatial clus-
tering of applications with noise (DBSCAN) [230], nonlinear system identification 
based on empirical mode decomposition [231] and convolutional neural networks 
(CNNs) [232]. A brief review of bolted joint monitoring is given in [233]. This sub-
class of methods allows an increase in the productivity of scheduled revisions on 
large-scale structures even in automatic mode by the drones equipped with cam-
eras and embedded image processing methods. The reliability of such methods is 
greatly dependent on previous revisions, which are used as the reference points for 
nuts’ position change detection. However, these methods cannot detect bolt creep 
or axial deformations if not accompanied by a change of nut or head position.

Another class of bolts loosening diagnostic methods uses system modal pa-
rameters. The decrease in bolt tightening influences various boundary condi-
tions and can be detected by the changes in natural frequency, phase shift and 
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modal damping [234] due to less contact friction or stiffness. For example, vi-
bration transmissibility function is determined as a more reliable parameter 
to identify the state of the joint while natural frequency and modal damping in 
lower modes appeared less reliable. Strain measurements are carried out using 
fibre Bragg-grating (FBG) sensors [235] and optimal tightening sequence is de-
termined in multi-bolt connections [236]. Theoretical and experimental studies 
have been conducted for an assessment of modal properties for the detection of 
bolted joint degradation [237, 238].

Some methods of radial clearance diagnostics by vibration signals are giv-
en in [240, 241]. The effect of rolling bearing clearances is also investigated in 
nonlinear dynamic models. A simulation of truck transmission gearbox FEA in 
[242] showed that the loosening of one bolt varies the natural frequency in the 
1637–2674 Hz range. Experimental research conducted in [243] on the flange 
plate joints of a wind turbine tower showed that the first-order phase difference 
parameter is more sensitive to the looseness of the bolts. A combination of FEA 
with vibration and impedance responses measurement of wind turbine tower 
for bolts loosening detection is given in [244]. FEM simulation is used in [245] 
for a  lightning rod flange-bolt structure unit (FBSU) analysis. The authors in 
[246], considering a bolt as an axially stressed and clamped at both ends beam, 
proposed a simple method to determine the bolt tightness by natural frequen-
cies and damping ratios in hammer impact tests, in particular, the first trans-
verse natural frequency [247]. Damping ratios and nonlinearity in the bolt’s 
frequency response were examined in [248], and the natural frequencies are 
found to be practically independent of the amplitude of hammer test impacts.

A more general multi-degree-of-freedom (MDOF) model is developed in [249] 
accounting not only for bolt tightening but also material or boundary nonlin-
earities in structures. Faults are detected with a second-order output spectrum 
(SOOS) and local tuning approach (LTA). A comprehensive overview of bolt tight-
ening force measurement and loosening detection is presented in [250]. The au-
thors in [251] demonstrated the implementation of an electronic stethoscope and 
a continuous wavelet transform (CWT) technique to process and display the tran-
sient responses of a bolted joint in a structure to detect loosening and enhance 
audible perception using audio output. In [252] the authors used instantaneous 
angular speed (IAS) measurements to analyse the size of local defects in bearings 
with clearance. Another example of bearing spalling defect diagnostics is given 
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in [253], where the authors estimate the duration of transient signals at the natu-
ral frequency caused by stiffness variation of the structure. The problem is that 
numerous tightening using uncontrolled torques make the distinction between 
elastic and plastic elongation difficult for a bolt of large diameter, while tolerance 
temperature compensation is required in assemblies of heavy-duty gearboxes of 
mining and metallurgical machines working under harsh conditions.

Some methods [254, 255] are accommodated to bearing condition monitoring 
under non-stationary working conditions using wavelets, bicoherence, spectral 
kurtosis and covariance, and high-order spectrum techniques to detect non-
linear features of the signals. Methods are developed for impulsive component 
extraction in the presence of non-Gaussian heavy-tailed noise due to stochastic 
impacts from mineral pieces [256–258].

The accuracy of vibration-based diagnosis depends on the reference values 
corresponding to a healthy condition. For serial machines, such references and 
alarm levels are determined by a group of similar mechanisms or on a new ma-
chine after running at a constant speed and nominal load level. The unique de-
sign of mining and metallurgical machines requires new approaches to deter-
mining reference values and alarm levels for health indicators.

2.7.3. Measurement of angular backlashes

The same as torque measurement, reliable diagnostics of wear (angular gaps) on 
rotating shafts is an important procedure of maintenance process in many heavy 
industries. Angular and radial clearances in the drivelines of various machines 
and mechanisms are the inevitable consequence of their functioning in transmit-
ting torsion load from the engine to the working tools. Clearances, or backlashes, 
sustained within acceptable limits during operation play a positive role in allow-
ing the installation of large-sized components and assemblies, adjusting possible 
distortions and displacements, providing lubricant access on all contacting sur-
faces and eliminating jamming parts, for example, with thermal expansion of 
bearing elements. However, with increased wear, gaps begin to play a negative 
role, especially when a cyclical or reversible load is applied to a machine, for 
example, metal entering the rolling stand. In precision instruments, gaps lead to 
measurement errors and positioning errors in actuators. As the overall dimen-
sions of the machines increase and, accordingly, the transmitted torsional loads, 
clearances result in failures due to overloads.
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The drivelines for mining and metallurgical machines consist of large inert 

torsional masses like rolls, gears, couplings and electric motors. During opera-
tion, all elements experience large static and dynamic torques and high specific 
contact loads, which contribute to the wear of the contacting surfaces. For ex-
ample, bronze spindle pads wear of 5–6 mm happens in 1–3 weeks’ time depend-
ing on the rotation speed and drive load. Therefore, the angular and radial gaps 
are the main parameters of the technical condition. In vehicles, the presence of 
backlash of the steering bodies and transmission also leads to emergencies dur-
ing operation. The other defects can be considered a consequence of increased 
dynamic loads. The diagnosing of the open part and whole gaps is a challenging 
technical and scientific task.

Regulations of equipment maintenance. According to the rules of heavy ma-
chinery operation and ISO standards [259], total wear is considered as the param-
eter of maintenance. The open part of the angular gaps depends on the design 
features of the drivelines and machine operation modes. If the gaps are closed at 
the moment of loading and further under torsional oscillations, then the dynam-
ics of the system are not dependable on wear. However, the maintenance staff is 
interested in the whole wear value (gear teeth thickness, size of slipper pads, etc.). 
There is a certain contradiction between operating rules and existing standards 
in diagnostics [260–264]. Known methods of vibration diagnostics in the steady 
mode of equipment are not suitable for measuring the total wear in the drivelines. 
When the driveline is loaded, gaps are closed, and at idle period, they are in an un-
certain state, i.e., occasionally open under shaft rotations. Resolving this contra-
diction may be achieved by the following steps having quite different time scales.

•	 Development of diagnostic algorithms based on the dynamic models, which 
account for the open/total gap ratio and build functional relations between 
them and torques.

•	 Adaptation of existing maintenance rules from limiting total wear values 
to the maximum torques caused by the opened gaps, which are subject to 
diagnose.

•	 Continuous monitoring of loads in the equipment, converting accumulat-
ed data into mechanical stresses, comparing them with the strength and 
durability levels in elements, and assigning maintenance periods based on 
predicted remaining useful life (RUL).

Attempts to implement computerised systems for loading cycle accumula-
tion and maintenance planning were undertaken quite a  long time ago [265, 
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266] but with less success due to the lack of automation and reliable tools for 
torque measurement.

Methods and instrumentation for backlash measurement. The theoretical 
basement of nonlinear systems identification and backlashes analysis is given 
in [267–269]. However, there are a few experimental studies on the open gap 
behaviour in heavy industrial equipment and on the reduction of their influ-
ence on dynamics [270].

In practice, the use of standard sensors and vibration signals for diagnostics 
of gaps by known methods allows the wear determination only indirectly, by 
changing the surface geometry of the contacting parts (teeth, rings and rollers) 
causing shaft beating within gaps. Both at idle mode and under load, it is very 
difficult to identify accurately the absolute values of the gaps from the vibration 
signals. The use of special proximity sensors on the shafts, as in turbine units, is 
not feasible. The only method proposed for measuring clearances given in main-
tenance regulations is the thickness-calibrated probes or micrometres.

In automotive diagnostics, as well as in other industries, the basic principle 
of angular backlash measurement is the static fixation of one half of the coupling 
and the application of the moment to its second half for gap closing. The sensors 
can be either dial gauges or optical sensors similar to those used in laser shaft 
alignment. This principle is acceptable for small-sized machines, or if there are 
appropriate test benches. Under production conditions, it is desirable to perform 
diagnostics using electric drives. For this, inertial closure and opening of the 
gaps in transmissions can be used when reversing, accelerating and decelerating 
the machine drive.

Quite a lot of patents are devoted to the measurement of wear in mechanisms. 
According to the method [271], to determine the wear of the main transmission 
line of vehicles, the transmission is rotated sequentially in the acceleration and 
coasting modes. As a parameter characterizing the wear of teeth, the ratio of the 
maximum axial reaction to the average value of this variable in a slowing-down 
mode is taken. This method is not suitable for reverse gears where both sides of 
teeth have a certain wear. In [272], the authors provide a device for determining 
wear in friction pairs of a rolling stand (screw thread and thrust bearing). The 
device contains sensors of the angular position and displacement of the screws. 
The signals are recorded, and compared with previous values and thus the wear 
is determined. In the [273], a diagnostic method of the friction unit of an air-
craft landing gear is given. The tested unit is affected by a compressive force, 
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the deformation is measured and the characteristic of the unit stiffness is built. 
The transition from one section to another is characterized by a fracture charac-
teristic, the position of which determines the size of the gap in the friction unit. 
In work [274], to diagnose the wear of the stand linings and work roll chocks, 
an experimental assessment of the structural damping in the finishing stands of 
a wide-strip hot rolling mill was performed based on the Q-factor of the system in 
the transient mode of loading. The Q-factor (inverse of the damping coefficient) 
was determined by the formula:

	 π eQ N= ⋅  ,	 (2.1)

where Ne is the number of oscillations for which the amplitude decreases by  
e ≈ 2.73 times.

The highest Q-factor of the order of 130–170, which means the maximum am-
plitude and duration of the oscillations, is determined in stand No. 11. Accord-
ing to the results of wear measurements, it was found that in this stand there 
was maximum wear compared to the rest of the stands, where the quality fac-
tor was about 20–50. The RMS vibration level in the idle mode was also the high-
est. Therefore, the Q can be considered a characteristic parameter of the wear. 
The quality factor was estimated in the horizontal, vertical and axial directions,  
thereby comparing this parameter the wear of various components can be esti-
mated.

Methods and devices for contactless (telemetric) measurement of torsional 
vibrations on rotating shafts of various machines can also be implemented for 
diagnosing wear (angular gaps) in the drivelines since the torsional moment is 
highly sensitive to dynamics. For example, the method is known for diagnos-
ing gaps by the time of a torsional shock pulse delay [275] measured in several 
points of the driveline. However, this method allows the diagnostics of only the 
open gap in the coupling.

There are known devices based on measuring the angular positions of trans-
mission elements (angular gaps) based on selsynes (self-synchronized), optical 
and potentiometric sensors. To date, on the available data, those devices and di-
agnostic methods are not widely used for diagnostics on industrial machines due 
to the inconvenience of installing the sensors. Sensors, e.g., selsyn, should be 
installed at the ends of the shafts, which means they are not practical in reality. 
Optical sensors require precise calibration and enhanced protection against dust 



CHAPTER 260
and humidity. Encoders must be also installed at the ends of the shafts, which 
makes many elements inaccessible for diagnosing angular gaps.

2.8. Advantages and restrictions of model-based  
condition monitoring

The most general scheme of any machine exploitation is shown in Figure 2.23. 
Specific models are used at any stage of the machine’s life cycle. At the stage of 
machine operation the control and diagnostic subsystems usually interact and 
exchange data.

The most difficult from the viewpoint of condition monitoring are systems 
where separate units, e.g., rolling stands or multi-drive conveyors, are connected 
through the rolled metal or the belt, and signals are highly interfered with by the 
adjacent units. However, namely for these machines, stationary systems give the 
greatest effect because scheduled observations with hand-held vibration collec-
tors are not able to prevent failures.

For mining machines, only stationary systems can provide reliable failure 
detection before severe damages occur. Additional difficulties appear in mobile 
underground vehicles like load–haul–dampers, trucks or blast hole drilling ma-
chines. They need local acquisition and analysing systems because monitoring 
data upload to a central server is usually restricted to only one time per working 
shift (about 6 hours).

Limitations on the applicability of standard approaches to monitoring and 
diagnostics at heavy-duty machines are taken into account to some extent only 

Fig. 2.23. The scheme of machine life cycle and model-based approaches  
in diagnostics
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in some systems. For example, Tensor Systems Company (Australia) uses the 
“triggering”, i.e., recording of vibration signals only in the steady-state stage 
after the completion of transient processes (capture-ejection of material) that 
narrows the system’s capabilities to prevent equipment breakdowns namely 
during periods of maximum loading. Some systems use data acquisition that is 
synchronous with shaft revolutions, which is difficult to implement in the drives 
with multiple rotational speeds, such as mobile machines or reducing sizing 
mills with variable gear ratios or differential gears in some multi-stand tube roll-
ing mills.

In this book, some special new methods of wear diagnostics are proposed, 
which are focused on the analysis of natural vibration frequencies of industrial 
machines, which are excited during transient modes of operation, which in-
creases the noise immunity and reliability of the diagnostics.

The advantages of such an approach are as follows:
•	 different parts can be diagnosed where sensors are unavailable;
•	 alarm values can be derived by the linear model response;
•	 not only rotating parts of the machine can be monitored;
•	 can be highly accurate if the machine model is verified;
•	 required less information than data-driven approaches.
On the other side, this approach requires a good understanding of machine 

design and certain efforts for model parameter calculations and further adjust-
ing by measurement data. However, once created, the dynamical model can be 
applied to the whole park of similar machines, e.g., underground frontal loaders, 
trucks or conveyor drives.

Based on the given above overview of condition monitoring in industrial ma-
chines, the main objectives of the scientific research represented in this book, 
are as follows:

•	 Development of a unified approach for implementation of reduced-order 
MDOF dynamical models in condition monitoring of heavy-duty industrial 
machines.

•	 Experimental investigation of operating regimes of industrial machines 
with specific loading and vibrations, analysis of failures and process insta-
bility.

•	 Selection of appropriate classes of dynamical models based on linear, non-
linear or parametric differential equations to describe various dynamic 
phenomena.
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•	 Application of modal analysis of mechanical systems and selection of natu-

ral modes, which are most sensitive to wear (backlashes) and responsible 
for instabilities.

•	 Development based on computer simulations of the diagnostic parameters 
related to nonlinear features of mechanical systems for condition monitor-
ing of machines.

•	 Design of instrumentation and sensors for direct measurements of dynam-
ic torques and angular backlashes in drivelines of machines.

•	 Development of diagnostic methods for bolts loosening, bearings and sup-
porting springs deterioration in industrial machines.

•	 Development methods of dynamics reduction and vibration control in in-
dustrial machines with high-pressure hydraulic systems, e.g., tubes testing 
rigs, mining roof supports and steel rolling mills.

•	 Dynamics analysis of MMDS systems concerning load equalisation and 
branched parts interaction, development recommendations for their de-
sign and control.

•	 Development methods of vibration control in industrial machines, which 
allow the reduction in dynamics and the improvement of product quality.

•	 Development methods of stochastic load representation and dynamic re-
sponse calculation in nonlinear mechanical systems.

•	 Implementation of the developed dynamical models and methods of back-
lash diagnostics in the condition monitoring and control systems of the 
industrial plants.



3. CLASSES OF DYNAMICAL MODELS

To apply dynamical models in condition monitoring systems, it has to be created 
depending on machine design and the technological process where it is engaged. 
The class and order of these mathematical models should adequately reflect the 
main features of real objects. State variables are usually the subject of observa-
tion by the output measurable signals. Different classes of dynamical models 
used for condition monitoring of industrial machines are represented.

3.1. Linear models with lumped spring-mass parameters  
and damping

The standard matrix form of differential equations of a torsional linear system is 
as follows:

	 � �� � � �� � � �� � � �� �� � �� � � � � �� � � � � ��� �J t C A tA K A t M t ,	 (3.1)

where [J] – matrix of rotating inertias; [C] – matrix of damping coefficients; [K] 
– matrix of stiffnesses; {A(t)} – vector of angular coordinates; {M(t)} – vector of 
forcing torques. The stiffness and inertial parameters of the dynamic model are 
calculated as follows.

The torsional stiffness of the gear coupling (N m/rad):
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where b – is the width of the mesh; dw – is the pitch diameter; αw – pressure angle; 
k – coefficient of the gear type (k = 3.6 – bevel and helical, k = 6.0 – spur gear).

The stiffness of the cylindrical shaft (N m/rad) is determined by the formula:
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where G = 8 × 1010 MPa is the shear modulus of the shaft material; d – shaft diam-
eter, m; l – length of the shaft section, m.

The moment of inertia of the cylindrical element (kg m2) is determined by 
the formula:

	
4π
32
d ρ lJ ⋅ ⋅ ⋅

� ,	 (3.4)

where d – shaft diameter, m; ρ – shaft material density, kg/m3.
In the drivelines with gearboxes, the parameters are reduced from the high-

-speed shaft to the low-speed shaft by the square the gear ratio of the transmis-
sion (i2 = z1 / z2, where z1, z2 is the number of teeth of the driving and driven 
gear). Physical parameters calculated by the parts drawings and damping factors 
are then verified by the measurements of transient processes and assessment of 
their decrements of oscillations.

Frequency Response Functions (FRF) of multibody systems. The FRF-based 
dynamical systems analysis is widely used in control theory, but can also be ef-
ficiently applied to mechanical systems dynamics analysis. The examples of the 
FRF method use for dynamical systems optimisation are given in [276].

In this research, the FRF-based approach is used to describe and study dy-
namical processes in industrial machines of different types by representing 
them as a whole system with a treated material. The advantages of this method 
for multi-degree-of-freedom (MDOF) systems are as follows:

•	 FRF is directly derived from equations of motion and allows calculating the 
amplitudes and phases for each of the natural vibration modes for systems 
with an arbitrary structure.

•	 Convenient calculation of response in MDOF systems with multiple in-
puts-outputs and interconnections between elements, which is a  typical 
case for industrial machines.

•	 FRFs are the most efficient in the dynamic analysis of MDOF systems for condi-
tion monitoring and diagnostics when processing vibration signals in real time.

•	 Allows accounting in analytical form the damping to optimise and analyse 
the MDOF systems, including the electric drive, control system, hydraulics 
and mechanical elements.

•	 Allows statistical calculations of the dynamic system response when the 
spectrum of input is known or analytically assigned and allows obtaining 
distributions of loads and vibrations produced by random inputs.
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•	 Allows certain extensions for nonlinear systems dynamic analysis.
The MDOF mechanical system of machine driveline described by the system 

of second-order linear differential equations with damping can be investigated 
using the Laplace transform. The FRF for a single channel is the ratio of the La-
place transform of the output Y(jω) to the input impact X(jω) supposing that the 
input varies with different frequencies:

	 � � � �
� �

�
Y jω

W jω
X jω

.	 (3.5)

In mechanics, the expression inverse to the FRF has the meaning of dynam-
ic stiffness with the dimension [force (perturbation) / deformation (response)]. 
Modal analysis of the dynamic system can be fulfilled by the amplitude and 
phase FRFs, which are defined as:

	 � � � � � �� �2 2A ω P ω Q ω ;	 (3.6)
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where P(ω), Q(ω)–are the real and imaginary parts of the complex FRF.
When analysing the torsional system of the machine, the FRF is built for each 

part where the torque in the elastic shaft is considered as the response, and the 
loading torque is admitted as the input impact:
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where Tij(jω) – torque in elastic coupling between masses i and j; T0(jω) – input 
load torque on rolls; ai, bj – coefficients of characteristic polynomial functions;  
k – order of the system; ∆ij(jω), ∆(jω) – determinants of the system. The numer-
ator is the determinant, where the corresponding column is replaced with the 
column of the right parts of equations, and the denominator is the general deter-
minant composed of coefficients of the left parts of a system.

It is possible additionally to consider damping when calculating the modes 
of the driveline oscillations. When a velocity dependant linear damping is intro-
duced into the system, the FRF becomes a complex function, since in the diago-
nal elements, in addition to the squares of the frequency, terms appear with the 
first power of the complex frequency.
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The use of FRF allows without integration the obtainment of the re-

sponse at various points. Since the dynamic characteristics of the system 
are related by the Fourier transform, it is always possible to return from 
the frequency domain to the time domain by the transition function, 
which is performed by the expression:

	 � � � � � � � �
0

cos20
π

Q ω ωt
h t P dω

ω

∞
� � � .	 (3.9)

With a random input load due to changes, e.g. in friction and rolled metal 
temperature, the spectrum of the output response Sij(jω) in each point of the 
driveline can be calculated as the product of the square of the corresponding 
FRF Wij(jω) and input load spectrum S0(jω):

	 � � � � � ��
2

0ij ijS jω W jω S jω .	 (3.10)

In the case of mining and metallurgical processes, based on this formula, the 
spectrum of the dynamical response of stochastically loaded machines can be 
determined.

Modal analysis of MDOF mechanical systems. Since the dynamic behaviour 
of industrial machines greatly depends on vibration modes, their modal analy-
sis is required for diagnostic purposes. If we consider undamped free vibrations 
without external excitation, the equation of linear system motion can be repre-
sented as follows:

	 � � � �� �� � � �� � � ��� 0K xxM .	 (3.11)

In modal analysis, the structure is assumed to be linear, and therefore, the 
response is assumed to be the harmonic functions:

	 { } { } ( )cosi ix φ ω t=  ,	 (3.12)

where φi is the mode shape (eigenvector); ωi is the natural frequency of the mode i. 
By substituting the values of the response in the equation of motion, it can be writ-
ten as follows:

	 { } ( ) { } ( )2 cos cos 0i i i i iω M φ ω t K φ ω t− + =        .	 (3.13)
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The solution φi = 0 is not meaningful, and ωi needs to be solved as:

	 ( ){ }2 0i iω M K φ− + =        .	 (3.14)

By solving this algebraic equation, we obtain natural frequencies and mode 
shapes.

3.2. Nonlinear models with piecewise stiffness characteristics

The piecewise linear approximations of different kinds of backlashes occurring 
in the industrial equipment are given in [277] and shown in Figure 3.1, where the 
following notation is used: F – force (torque), δ – generalized coordinate of motion 
(deformation). Function like in Figure 3.1a describes clearance with a dead zone 
in the driveline couplings caused by wear or assembly errors (both positive and 
negative δ). In general, transient process calculation supposes that the opened 
part of gap b may not be equal to a closed part a (the whole gap is a + b). Figure 3.1b 
describes the “softening” stiffness function for bearings, housing and bolting 
(positive δ). The fracture point means stiffness decreases when a gap is opening 
between the gearbox housing and bearing cover under the action of severe shock 
vibrations. Some safety couplings may have the same characteristics, which 
are frequently installed in the drivelines to prevent overloading in other parts. 
A positive part of the “hardening” function in Figure 3.1c may correspond to the 
vertical stiffness of the rolling stand where the fracture point of characteristics 
corresponds to closing existing clearances under applied load, above which only 
machine parts deformations constitute the overall rigidity in a certain direction.

Fig. 3.1. Piecewise linear non-smooth stiffness in the industrial machines:  
(a) dead zone (backlash); (b) softening; and (c) hardening characteristics

(a)(a) (b)(b) (c)(c)
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Smoothening functions. Backlashes are described by a  non-analytical and 

non-differentiable discontinuous function of logical type (see below), which wors-
ens model numerical simulations. Therefore, some smoothening functions are 
analysed and issues of their implementation are discussed in [278]. They are as 
follows and shown in Figure 3.2:
logical:

	 ( )
( )

( )

3 2

1 2

1 2

k δ b k b b δ
g δ k δ a δ b

k δ a k a δ a

 − + ⇒ <

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 ;	 (3.15)

polynomial:

	 � � � � � � � �2 3
2 1 2 3g δ a δ a δ a δ ;	 (3.16)

arc-tangent:

	 � � � � � �3 0 arctan( )g δ δ a σ δ ;	 (3.17)

hyperbolic-tangent:

	 ( ) ( )4 0 tanhg δ δ a σ δ= ⋅ ⋅ ⋅  .	 (3.18)

Adjusting the approximating functions g1(δ)–g4(δ) is carried out by the fol-
lowing parameters a0, a1, a2, a3, σ. Regardless of the flexibility of such func-
tions, there are certain restrictions for their implementation. Only small di-
mensionless values of gaps (0.01–0.1) and stiffness (10–100) combinations 
are available for accurate approximation. Otherwise, scaling factors for the 
transition to model parameters should be introduced to get acceptable ac-
curacy.

A linear component (a1) in g1(δ) is responsible for gap size, while the cubic 
component (a3) is for stiffness approximation. The values a1 < 0.01 do not af-
fect curvature near the zero point. A square component (a2) gives a possibility 
of simulating with a polynomial g2(δ) function the asymmetry in gap opening 
conditions (it corresponds to a ≠ b in g1(δ)). Coupling preloading conditions are 
also available due to square component (a2) in g2(δ) when the symmetry point is 
shifted beyond the initial point of coordinates. However, when � �2 1 33a a a  or 
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a1 < 0, two points – maximum and minimum – appear in the g2(δ) graph instead 
of one saddle point. That has to be taken into account during parameter tuning.

Every coupling in the driveline with its unique gap and stiffness values requires 
a special function for approximation. Right function choice depends not only on 
gap and stiffness values but is also related to actual torque amplitudes. For exam-
ple, polynomial type function g2(δ) is more accurate near the fraction points of the 
stiffness curve (within the ±2(a + b) range), then, it crosses the original function 
g1(δ) and begins to deviate significantly from it. On the other hand, the arc-tangent 
g3(δ) and hyperbolic g4(δ) functions (they are similar in behaviour) are more ac-
curate for large amplitudes far from fracture points (beyond the ±2(a + b) range). 
Therefore, there are no general recommendations for any cases.

The interaction of a0 and σ is not fully understood and actual limits have not 
yet been determined definitely. For sure, a smaller σ value corresponds to small-
er stiffness, but a smaller a0 fits a larger gap. The larger the σ value, the closer 
the approximated g3(δ), g4(δ) curve to the original piecewise linear function g1(δ).

Analysis of approximation functions in the frequency domain. The effect of 
smoothening functions on the frequency response of an oscillator with clear-
ance nonlinearity was investigated in [278]. The nonlinear identification through 
feedback outputs (NIFO) technique was also used in [279] to estimate the nomi-
nal linear FRFs for the SDOF system using three different generating functions to 
describe the modulation in frequency response: Δyp+(n/m), where Δy is the relative 
motion across the nonlinear element, n and m are integers such that m > n. To 

Fig. 3.2. Approximation of non-smooth stiffness characteristic  
with continuous functions
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estimate the influence of different approximation functions (g1–g4) on FRF, cal-
culations were carried out on an SDOF system (Fig. 3.3).

The piecewise functions generate more harmonics and an irregular phase 
spectrum. The same output exhibits g3 and g4 functions (not shown). The poly-
nomial function gives only two harmonics in FRF and a clearer phase portrait. 
Again, it depends on actual amplitudes of torque and gap value. The more trajec-
tory lays beyond the stiffness fracture points, the less influence of nonlinearities 
that coincides with experimental results.

Research on the non-smooth characteristics of backlashes with analytic func-
tions showed that this approach has no effect on peak values of dynamical re-
sponse, but has some restrictions on parameters and produces additional high 
harmonics in the frequency domain. Therefore, based on the results of calcula-
tions, in numerical simulations of the nonlinear dynamical models, backlashes 
are usually described with the following expression:
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Fig. 3.3. FRF (magnitude and phase) and time domain signal for:  
(a) logical g1; (b) polynomial g2 functions



Classes of dynamical models 71
where Mij – elastic torques (N m); Kij – stiffness in coupling (N m/rad); zij = (φi – φj) 
– angular deformation of shaft or gear coupling (rad); ∆ij – full backlash in cou-
pling (rad); k∆ij

 – coefficient of initial gap state, which equals 0 for fully opened 
gap, and 1 when it is closed. This parameter, e.g., k∆ij

 = 0.80, means that 20% of 
full backlash is opened at the moment of load application.

When torque is at the zero levels, backlashes open in the couplings with sub-
sequent shocks until closing. Periodic changes of stiffness from a high average 
value up to zero are dynamically equivalent to a depth of modulation value µ = 1. 
This factor increases driveline susceptibility to parametric excitation that be-
longs to another class of dynamical models.

3.3. Models with time-variable parameters

Periodic changes in the stiffness lead to a change in the natural frequencies of the 
system and, by their nature, are parametric perturbations. Even small changes 
in these parameters under certain conditions, depending on the ratio of damp-
ing and disturbance, on the one hand, can cause increased oscillations in the 
mill, and on the other hand, these oscillations are important diagnostic signs, 
as they directly depend on the conditions of contact interaction in gearing in the 
focus of deformation.

For a two-mass system with one generalized variable, parametrically excited 
oscillations are described by the Mathieu equation:

	 � �� �� � � � �� ��
2

2
0 12 2  1 2  cos  0d φ ζφ ω μ ω t ψ φ

dt
,	 (3.20)

where µ = ∆ω0/ω1 – the relative change in the natural frequency ω0 or the depth 
of modulation; ω1 – the frequency of parameter pulsation; ζ – damping factor.

The standard form of the Mathieu equation can be obtained by substitution 
of variables:
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a
.	 (3.21)

After subsequent substitution of these terms into the original equation, we 
obtain:

	 � �� �� � �� �
2

2 2  cos 2  0d q a ε τ q
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.	 (3.22)
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Solutions of this equation are special polynomials, which determine the stabil-
ity regions of the system on the Ince-Strutt diagram (Fig. 3.4) in coordinates (a, ε).

The diagram is symmetrical about the axis a, since the sign of ε in equation 
does not matter [280]. The more damping and less disturbance, the more stable 
the system. For a multibody system, a stability diagram is analysed for each natu-
ral frequency and perturbation frequency.

With an unlimited increase in the frequency of the disturbance ω1, the imag-
ing point with abscissa a = (2ω0/ω1)2 and ordinate ε = µ moves along the dashed 
line to the origin of coordinates (Fig. 3.4), where µ – tangent of inclination angle.

The condition for an unlimited increase in the oscillation amplitude, i.e. the 
occurrence of parametric resonance, at an arbitrarily small value of the param-
eter pulsation (points on the axis a of the diagram) is:

	 � �
2

1, 2, 3ω
ω

n
ω

.	 (3.23)

At a  significant depth of the parameter’s pulsation, resonance may occur 
when the ratios of frequencies lay in a  certain interval within unstable areas 
around the integer values of the ratio. The larger the pulsation value, the wider 
these areas are. Therefore, the frequency detuning from parametric resonance 
is more difficult than from usual resonance with external excitation, since the 
region of instability can be spread by a confidence interval for calculating the 
average natural frequency.

Fig. 3.4. Ince-Strutt diagram of a parametrically excited system  
(excitation m = 0.20; damping 2d = 0.10)
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The linear damping in the system only narrows the instability regions slightly 

but is not capable of limiting the increase in the amplitudes of oscillations in the 
unstable areas of the diagram. Under the action of nonlinear viscous forces of 
resistance, the oscillation amplitudes are limited. The approximate value of the 
coefficient µ, at which resonance of the order nω is possible, is determined by the 
relation [280]:

	
1/

π

ωnδμ  
≈  
 

 ,	 (3.24)

where δ – the decrement of natural vibrations. Oscillations can develop only 
above the solid line in Figure 3.4 with the tangent of inclination angle 2δ.

3.4. Models with random parameters and stochastic loading

Two types of uncertainties are encountered in heavy industrial machines: ran-
dom parameters and stochastic external loading [281]. Backlashes as the factors 
of stiffness parameters uncertainty and other nonlinearities, can cause chaotic 
responses in mechanical systems [282, 283]. The analysis of stochastic loading is 
required for many kinds of heavy industrial equipment, e.g., vibrating screens, 
crushers, drilling rigs, and long-wall shearers where stochastic loading acts due 
to unpredictable material parameters and inclusions [284]. Different methods 
have been developed for random systems analysis: stochastic finite element 
techniques; random matrix theory and transfer matrixes.

The angular and radial backlashes make a drivetrain essentially a nonlinear 
multibody system. Drivetrain peak torque Mmax produced by input static load Mst 
can be described by a polynomial function:

	 ( ) 2
max 0 1 2st st stM M a a M a M= + ⋅ + ⋅  ,	 (3.25)

and corresponding nonlinear function of Torque Amplification Factor (TAF = 
Mmax/Mst):

	 � � � � � �0
1 2st st

st

a
TAF M a a M

M
,	 (3.26)

where ai – constants (vary in time of machine operation) describing drivetrain de-
sign and machine technical condition; Mst – applied torque. Constant a0 describes 
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drivetrain losses, a1 summarizes the design features of a linear system (without 
wear) and a2 takes into account nonlinear properties (wear). Coefficient a1 can be 
interpreted as TAF for the linear system, which is constant and only depends on 
the spring-mass parameters and input load rate. System damping principally af-
fects the transient process duration and has an insignificant effect on peak value.

Parameters of alpha-stable distribution S (α, β, σ; µ) of impulsive force, which 
exists in many industrial machines, depends on treated bulk material fraction, 
the speed of specific loading and geometry of contacting bodies. Simulation of 
stochastic components in the dynamic model is available based on formulas from  
[285]:

for α ≠ 1
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for α = 1
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where V(x) = πU – π/2 – uniform distribution U(–π/2, π/2); W(x) = λ exp(–λx) – ex-
ponential distribution with the mean 1/λ = 1; α ∈ [ 0, 2 ] – stability parameter; β ∈ 
[–1, 1] – skewness; σ > 0 – scale factor; and μ ∈ R – mean location.

To account for the stochastic and periodic perturbations of contact friction, 
the approach is used from the work [286], where the concept of “effective fric-
tion coefficient” is proposed, which, by analogy with the mechanics of vibra-
tional transportation, is defined by the following expressions:

	 01S
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 ;	 (3.30)
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 
= ⋅ − 

 
 ,	 (3.32)

where f is the initial coefficient of friction without vibrations of contacting bod-
ies; N – normal force; F0 – the amplitude value of the variable force F = F0 sin (ωt). 
Formulas (3.30) and (3.31) are used to calculate tangential forces parallel and 
perpendicular to displacement, while (3.32) describes normal forces, perpen-
dicular to the contacting surface. Worth emphasising that the term “effective 
friction coefficient” should not be identified with a change in physical friction 
coefficient under vibration, but only with a change in the proportionality of the 
tangent friction forces when the load is applied to the bodies.

In the case of eccentricity e of the rotating elements, the amplitude of periodi-
cal force:

	 � � � 2
0 0F m e ω ,	 (3.33)

where т0 e – the static moment of imbalance; ω – shaft rotational speed.
For example, with normal forces fluctuations of ±5% and rolled strip tensions 

of ±15%, the friction coefficient nonlinearly (in proportion to ω2) decreases by 
up to 30% with increasing the rotation speed. At a certain speed, a steady state 
condition (α < 2β, where α is the contact angle, β is the friction angle) may be 
violated, which will cause instability in the contact zone.

3.5. Model of electric drive

The dynamical model of the direct current (DC) drive with independent excita-
tion is considered, which is frequently used in speed-regulated industrial ma-
chines. The reference value of speed is supplied by the voltage value in the first 
control zone without changing the magnetic flux of the excitation. In this case, 
the equations of DC motor motion are as follows:

	 � �� � � � /a
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di
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dt
;	 (3.34)
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where ωm – rotational speed (rpm); Me = KmΦia – electric torque (N m); M – load 
torque on the motor shaft (N m); ea = KeΦωm – electromotive force (EMF) (V); 
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Ke, Km – electrical and mechanical constants of a motor; Φ – magnetic flux of 
excitation; ia – load current in the armature (A); La – equivalent motor armature 
inductance (H); Ra – equivalent motor armature resistance (Ω); Ua – armature 
voltage (V); Ub – voltage drop on brushes (V); J – motor rotating inertia (kg m2); 
Kf  – damping coefficient in shaft bearings.

Usually, parameters Ub and Kf  are neglected in electric drive simulations, but 
they should be accounted for in the multi-motor drive systems as the additional 
factors of asymmetry in parallel branches of the driveline. The machine control 
system is simulated separately to provide acceleration and deceleration of drives 
by programmable armature voltage Ua supply. For the electric drive simulation 
above the nominal rotation speed, torque is calculated depending on the rotation 
speed and applied load.

3.6. Models of gearboxes with bearings and bolted joints

In the most advanced studies of dynamical processes in rotating machines with 
gearboxes, the complex system of “rotor-bearing-housing” is commonly con-
sidered to reflect the existing internal clearances, coupling effects of natural 
modes and non-stationary loading. Radial clearance and waviness of bearings 
are investigated in a 4-DOF model [287]. A study of the effect of the radial inter-
nal clearance of a ball bearing on the dynamics of a rotor is given in [288]. Many 
studies are known on regular and chaotic dynamics and stability regimes under 
the action of imbalances, and external and parametric excitation. These studies 
of heavy rotor and bearings interaction dynamics are related to constant condi-
tions of speed and loading, mainly found in power generation units. Transient 
resonances under gradually changing rotation speed are also investigated using 
parameters maps and Campbell diagrams.

Nonlinear vibration of a  two-DOF rotor supported by rolling bearings with 
clearance is investigated in [289] where the inner and the outer race centres are 
assumed not to be collinear. As noted in [290], all mining machines are operat-
ed in dusty environments causing quick contamination of any lubricant by hard 
sharp particles and resulting in the wear of bearings and inner gearbox shaft and 
gear misalignment, which is difficult to account for in gearbox modelling under 
non-stationary loading conditions. Therefore, transient vibrations of shafts in 
bearing supports are less investigated, e.g., in pinion stands [291] and gearboxes 
[292]. An advanced 16-DOF dynamical model of a gearbox with radial clearances 
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in the bearings is developed and simulated in [293], where the authors noted that 
bearings contribute to natural modes of vibration.

To understand the importance of bolted joint loosening in dynamics, a simu-
lation of a 3D finite-element model was conducted in [294] and the authors con-
cluded that a creep slip phenomenon exists at the contact surface, which causes 
bolt self-loosening. Other different factors which influence the self-loosening 
of bolted joints have been investigated, e.g., the repetition of small slippages at 
the bearing surface [295] and the effect of hole clearance and thread fit [296]. 
Transverse displacements and shear stress are considered as the main factors of 
self-loosening, hence, friction forces created by pretension forces in a thread and 
joined contacts are the main remedy against it. Usually, bolts are prevented from 
loosening by different methods, e.g., Grover washers, split pins, and second nuts. 
However, reliable fixing does not eliminate the creep and plastic deformation 
of bolts and threaded studs under severe axial loading. Details of bolted joints 
simulation are presented in the book [297]. Dynamic shear stress represents the 
main contribution to the self-loosening of bolted joints [298]. The authors discov-
ered that there is a critical shear load amplitude below which loosening would 
not happen and bolted joints made of quenched and tempered steel and stainless 
steel have a significant anti-loosening performance.

Based on the conducted analysis of gearbox modelling approaches, it was con-
cluded that the constructed model has to account for the whole dynamical sys-
tem, i.e., gears, shafts, bearings and bolted joints, which play a crucial role in ma-
chine dynamics. Even high-order MDOF models without one of these elements 
will not reflect exactly the behaviour of industrial plants, which is required for 
their condition monitoring based on dynamics simulations. On the other hand, if 
correctly composed, the low-order dynamical models may be practically useful 
for understanding the reasons for damages and failures in complicated industri-
al machines.





4. DYNAMICAL MODELS IN CONDITION 
MONITORING AND ANALYSIS  
OF INDUSTRIAL MACHINES

The implementation of a model-based approach in condition monitoring helps 
to determine the most influencing factors on machine dynamics. The detailed 
multibody dynamical models are represented for different mining and metal 
processing machines, which can greatly reduce the risks of failures.

4.1. Articulated underground mining vehicles

The haul trucks and load-haul-dump (LHD) vehicles are the main mobile ma-
chines engaged in blasted minerals transportation. Their condition monitoring 
is not a trivial task due to the harsh working environment. The developed vir-
tual soft-sensors are based on low-sampled data and dynamical models for the 
identification of operational cycles and prediction of the remaining useful life of 
drivetrain elements.

4.1.1. Detection of working cycles

The problem of the operation of underground haul trucks is investigated, name-
ly, the detection of unloading events when the additional sensor of hydraulic 
pressure is not available or damaged. In this case, other standard signals from 
the electronic control units (ECU) can be used to detect automatically these 
events for the analysis of blasted bulk material transportation [299]. Research 
aimed to develop a  procedure that can reliably identify and count the cycles 
of a haul truck’s unloading moments when the main signal of hydraulic pres-
sure is not available for measurement due to either sensor or cable damage. 
This is a frequently occurring problem, which requires a solution. The typical  
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time series of truck motion signals are shown in Figure 4.1 (see notations in Ta-
ble 4.1).

Pre-processing of source data. The source data from monitoring systems of 
underground vehicles are stored in the database server of the ore mining com-
pany. A list of parameters available for the analysis of underground haul trucks 
is given in Table 4.1. The procedure of resampling is implemented to obtain the 
same lengths of data for all parameters with different sampling. Several param-
eters are linearly scaled for analysis by the coefficients of multiplication – A, and 
bias – B. The truck was operated by the same driver and at the same mining face, 
which resulted in approximately equidistant cycles. Depending on transporta-
tion routes, each vehicle can produce 8–12 cycles per shift.

Preliminary data analysis and signals selection. Data exported from the da-
tabase are in the tables where parameters used in calculations can be in differ-
ent columns. To implement the same procedure automatically over the different 
data sets, columns of the source data used in the calculations are assigned with 
indexes (Table 4.2), which means the order of the corresponding column in the 
tables of different data sets.

Fig. 4.1. Signals of haul truck: SELGEAR, SPEED, BRAKEP,  
ENGRPM and HYDOILP
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Table 4.1. List of parameters monitored in the underground haul truck

No. Parameters Description Units Sampling, 
s

Coef. A Coef. B

1 DATE Date yyyymmdd – 0 0

2 TIME Time hhmmss 1 0 0

3 BRAKEP Brake pressure KPa 1 0.001 0

4 ENGCOOLT Engine cool. 
temp.

°C 90 0 0

5 ENGEXB Manual brake 0/1 1 0 0

6 ENGHOURS Hours of work Hours 90 0 0

7 ENGOILP Engine oil temp KPa 30 0 0

8 ENGRPM Engine rotations RPM 1 0.001 0

9 ENGTPS Engine 
acceleration

% 1 0.1 5

10 FUELUS Fuel  
consumption

L/h 1 0.1 10

11 GROILP Gear oil  
pressure

KPa 1 0.001 10

12 GROILT Gear oil temp. °C 15 0 0

13 HYDDRV Hydraulic drive 0/1 5 0 0

14 HYDOILP Hydraulic 
pressure

MPa 15 1 0

15 HYDOILT Hydraulic  
temp.

°C 1 0 0

16 INTAKEP Intake air 
pressure

KPa 5 0.1 0

17 INTAKET Intake air temp. °C 15 0 0

18 SELGEAR Gear selection –4...0...4 1 1 0

19 SPEED Machine speed km/h 1 1 0

20 SWITCHMOVE Switch direction 0/1 1 0 0

21 TRNAUT Gear automatic 
mode

0/1 1 0 0

22 ATRNBPS Brake pedal 
position

0...100 1 0 0

23 TRNLUP State of lock-up 0/1 1 0 0
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The selection of the informative signals among the monitored parameters is 
based on the dynamics of real machine operation. Therefore, when bulk mate-
rial is unloaded by the axial force of the hydraulic cylinder, the driver should use 
the braking system to prevent machine motion in the opposite forward direction 
(Fig. 4.2). The four signals, which are used for the detection of unloading events, 
are represented in Table 4.2 with their indexes for three data sets #1, #2 and #3.

Table 4.2. List of parameters used in the calculation and their indexes in the 3 data sets

No. Signals Description Set #1 Set #2 Set #3

1 SELGEAR Gear selection by the operator 7 8 18

2 SPEED Speed of machine motion 8 9 19

3 BRAKEP The pressure of the braking system 1 1 3

4 ENGRPM Engine rotations per minute 2 2 8

The typical behaviour of signals during the haul truck unloading is shown in 
Figure 4.3. Some other signals available for monitoring (Table 4.1) which could 
be used for the identification of operational cycles, e.g., TRNBPS – brake pedal 
position; ENGTPS – engine acceleration, appeared to be ambiguous and not ro-
bust, hence, they were rejected during preliminary analysis.

Deviations of specific patterns in signals from one operational cycle to an-
other can be caused by the volume of material loaded by the LHD machine, 
a specific driver’s manner of truck control, the vehicle’s technical condition (en-
gine, brakes, transmission, hydraulics), ECU tuning parameters, road surface 
and mined material watering. Nevertheless, the signals of haul truck operation 

Fig. 4.2. Schematic representation of the haul truck unloading process
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exhibit some general repeatable regularities, which are not affected by all these 
factors, and the algorithm of signal processing enables them to provide robust-
ness to any changes in operational conditions.

Signal processing algorithm. During truck unloading, the signal of brake 
pressure should be greater than a certain minimal value. At the same time, the 
signal of engine rotations should also be above a certain minimal level to provide 
a sufficient output flow of the hydraulic pump and the corresponding pressure in 
the unloading mechanism. Simultaneously, the driver selects a neutral gear and 
the machine does not move. Hence, logical conditions for the identification of an 
unloading event can be formulated as follows:

	 BRAKEP > BRAKE_MIN; 	 (4.1)

	 ENGRPM > ENGRPM_MIN;	 (4.2)

	 SELGEAR = 0;	 (4.3)

	 SPEED = 0,	 (4.4)

where BRAKE_MIN – minimal braking pressure during truck unloading;  
ENGRPM_MIN – minimal engine rotations during unloading.

At the second step of data processing, false events are filtered. As it should be 
taken into account that a certain minimum time interval exists between cycles 

Fig. 4.3. Typical unloading cycle of the haul truck
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and that short peaks in the detection signal are false events (the equivalent of 
noise), the following logical conditions are used for filtering:

	 COUNT > DELAY;	 (4.5)

	 SUM < POINTS_MAX,	 (4.6)

where COUNT – number of time points since the previous event detection; DELAY – 
minimal time delay to the next subsequent event; SUM – number of time points in 
a detected event; POINTS_MAX – maximal number of points in the event. The initial 
values of the parameters used in the calculations are summarized in Table 4.3.

Table 4.3. Initial values of the parameters used in the calculations

No. Signal index Description Value

1 SELGEAR Gear selection by the operator 0

2 SPEED Speed of machine motion 0

3 BRAKEP The pressure of the braking system 1000

4 ENGRPM Engine rotations per minute 1800 (1400)*

5 LOGIC0 Logical level “0” of detection 5

6 LOGIC1 Logical level “1” of detection 10

7 POINTS_MAX Maximal points for filtering 4

8 DELAY Time delay to the next event 100

*Note: Value 1800 is changed to 1400 at the stage of algorithm tuning.

Signals of BRAKEP and ENGRPM can be normalized either to 100% of the 
maximal level or to any other assigned value. Logical levels of event detection 
indicators DETECT1 and DETECT2 are assigned as LOGIC0 = 5 and LOGIC1 = 10, 
but can be changed to any arbitrary values suitable for further data processing. 
A schematic diagram of data processing is shown in Figure 4.4. The data pro-
cessing procedure is organized in two subsequent loops: DETECT1 – detection of 
unloading cycles; DETECT2 – filtering of detected events.

The program code of the algorithm realization in MATLAB is represented be-
low. Variable DATA_LENGTH contains the total number of samples in the data 
set, and variable UNLOADS contains the number of finally calculated cycles by 
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the algorithm. Variables *IND represent the indexes of signals in different data 
sets.

DETECT1 (detection)
DATA_LENGTH=size(data,1);
COUNT = 0;
UNLOADS = 0;
for i=1:DATA_LENGTH
if data(i,SELGEAR_IND)==0 &&
data(i,SPEED_IND)==0 &&
data(i,BRAKEP_IND) > BRAKEP_MIN &&
data(i,ENGRPM_IND) > ENGRPM_MIN &&
COUNT > DELAY
data(i,DETECT1_IND)=LOGIC1;
COUNT = 0;
UNLOADS = UNLOADS + 1;
else
data(i,DETECT1_IND)=LOGIC0;
COUNT = COUNT + 1;
end
end

DETECT2 (filtering)
for i=1:DATA_LENGTH
if i > POINTS_MAX
data(i,DETECT2_IND)=data(i,DETECT1_IND);
SUM=0;
for j=1:POINTS_MAX

Fig. 4.4. Schematic diagram of data processing procedure
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SUM = SUM + data(i-j,DETECT1_IND);
end
if SUM < POINTS_MAX*LOGIC1
for j=1:POINTS_MAX
data(i-j,DETECT2_IND)=LOGIC0;
end
UNLOADS = UNLOADS – 1;
end
end
end

These procedures determine the beginning of every operational cycle as an 
impulse with the duration of one sampling interval (1 s).

Algorithm verification on real data. The robustness of the developed algo-
rithm is checked on three data sets, as shown in Figures 4.5–4.7.

In the first stage of algorithm tuning, the output signal DETECT2 is compared 
with the real signal HYDOILP. In the second stage, the signal HYDOILP is not 
used and is only shown in the graphs below to understand where the algorithm 
is working properly.

In total, 97 cases of unloading events were processed. The reliability of the 
algorithm for cycle detection is about 90% and for false cycles, it is about 5%. It 
is interesting to note that in the last data set #3 (Fig. 4.7) the whole subgroup of 
events (third working shift) was not detected. The in-depth analysis showed that 
missing events occurred due to lower engine rotations ENGRPM when a truck is 
being unloaded, which could be caused by several reasons:

•	 The distance from the mining face to the conveyor is shorter (shorter 
cycle time) than in four other shifts, and therefore different working con-
ditions are expected (not documented). More watering of ore material 
probably caused its easier unloading due to less friction and sliding resis-
tance in the bucket, which in turn corresponds to the less required pres-
sure and engine rotations.

•	 The average values of peak hydraulic pressure HYDOILP (shown by hor-
izontal dashed lines in Figure 4.7) for the third shift are lower than for 
the other four shifts, which can be related to fewer volumes of material 
loaded into the truck by a certain LHD machine at the mining face, and 
consequently, less hydraulic pressure required for its unloading. This hy-
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Fig. 4.5. Test data set #1 (10 cycles)

Fig. 4.6. Test data set #2 (40 events)

Fig. 4.7. Test data set #3 (47 events)
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pothesis can be further interpreted as larger fractions of material (less 
compaction in the bucket) or, as a result, less density of the material.

•	 The operator’s manner of machine driving, e.g., this person is more sensi-
tive to the load in the bucket and provides precise control of the unloading 
mechanism with less required pressure and engine rotation.

Tuning of algorithm parameter ENGRPM_MIN from 1800 to 1400 helped 
solve this problem. This action does not restrict the generality of the algorithm, 
because it is undertaken only at the beginning of method implementation and 
therefore management staff do not interrupt calculations in the future. The au-
tomatic selection of thresholds should be done based on a statistical analysis of 
the historical data after the implementation of the developed algorithm.

The developed procedure of signal processing is a virtual sensor, which al-
lows the fault-tolerant detection of operational cycles to be conducted. This is 
an important and not trivial task for the on-board monitoring systems of under-
ground vehicles because the repair of a damaged sensor or its cable may require 
a few days or even a week. During this time, the monitoring system continues to 
collect data and some other failures may occur, which then need to be analysed 
in correlation to operational cycles. This is the case when the proposed method 
is especially useful.

The available data sets showed that information from the monitoring sys-
tem is useful for better understanding and optimization of the operation of 
underground machines by comparing the manner of drivers working in the 
same vehicle, operation of different vehicles in the same working conditions, 
operation of one vehicle in different working conditions, etc. An in-depth de-
tailed analysis is possible if additional tags are provided in the database de-
scribing the operational conditions of the particular underground truck and 
driver identification. Based on historical data processing, management staff 
can determine: the number of cycles for every driver during the working shift; 
the average speed of transportation in different routes; and specific fuel con-
sumption for each cycle or per ton and kilometre.

The virtual sensor for detecting unloading cycles uses only standard signals, 
and the data comes from the ECU. The efficiency of the developed method is in-
dependent of external working conditions. It can be implemented as a software 
procedure that runs automatically once per shift over the historical data on min-
ing enterprise servers. Further research is focused on increasing the accuracy 
and implementation of other event detection in mobile machines.



Dynamical models in condition monitoring and analysis of... 89
4.1.2. Torsional vibration monitoring and remaining useful  
life prediction

In the underground mines, the heavy load-haul-dumpers (LHD) and hauling 
trucks (HT) are operated in harsh conditions and subjected to severe dynamic 
loads due to hard regimes of powertrains loading and intensive steering by op-
erators [300]. To prevent abrupt failures and optimise the maintenance process, 
monitoring systems are installed on board [301, 302]. The obtained data allow 
the determination of operational cycles of machines by different signals, how-
ever, the high-frequency quickly saturated transient torsional vibrations of large 
amplitudes are beyond observation [303]. The experimental investigation in the 
complicated transmissions with a  split-path structure or switchable gears in 
heavy industrial machines requires the installation of strain gauges and special 
telemetry torque meters on the shafts with subsequent identification of natu-
ral oscillation modes and nonlinear behaviour [304]. The analysis of torsional 
vibrations helps improve machine control [305]. The experimental research of 
automotive drivetrain on the laboratory testing rig [306] showed a response up to 
200 Hz, which is also predicted by the 5-degree-of-freedom lumped parameters 
model. The vibration properties of the powertrain system have a great influence 
on the cyclic fatigue damages due to possible resonances at different ranges of 
shaft rotations and gear meshing frequencies, while the mean engine torque is 
the main factor causing the fatigue damage of gear parts [307].

To estimate a residual (remaining) useful life (RUL), different prognosis mod-
els are under development to accurately predict the crack growth of powertrain 
components and internal combustion engines, e.g., cracked cylinder heads, and 
intake valves [308], based on both physics-based modelling and data-driven ap-
proaches [309].

Nevertheless, permanent torsional vibration monitoring systems are not char-
acteristic of mining machines due to harsh conditions and issues of permanent 
power supply on the rotating shafts. Methods of electrical motor current moni-
toring for machine operation analysis will probably be available in the case of 
wide implementation of battery-powered underground vehicles. For a while, the 
mathematical modelling of vehicles has been the main method to study dynamic 
behaviour under different working conditions. However, some issues complicate 
the simulation. These are the nonlinear characteristics of drivetrain elements, 
e.g., angular clearances, which are difficult to measure by known methods, hy-
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draulic torque converter [310] with a lock-up, or manual shifting of gears, which 
change the structure of the drivetrain. The lock-up, besides the influence on the 
torsional dynamics, can decrease fuel consumption at higher speeds [311] and 
affect some other operational parameters of heavy underground vehicles.

Since underground vehicles have no spring suspension because of height re-
strictions, one of the most important elements influencing their dynamics and 
performance is the tyres. The large-diameter wheels, having huge weight, with 
corresponding inertial moments, affect the natural modes of torsional vibrations 
in the powertrains. Besides, the tyres’ protector configuration and its intensive 
wear directly influence torsional dynamics when the vehicle is accelerating and 
the wheels are subjected to stick-slip contact interaction with the uneven or wa-
tered road surface [312]. Since underground heavy vehicles have no spring sus-
pension, tyre stiffness and damping properties determine the operator’s comfort 
under the impacts of large pieces of bulk material and machine safety [313] in the 
case of tyre failure.

The design of powertrains in underground vehicles is similar for a variety of 
main producers (Fig. 4.8). Powertrains include a diesel engine combined with 
a hydraulic torque converter (TC) and manual gearbox, several Cardan shafts 
and differential-type axles. TC includes the lock-up function to increase power 
transfer efficiency at high speeds. On the other side, TC efficiently reduces im-
pacts on transmission at the moments when the machine starts motion under  
load.

Fig. 4.8. Design of the underground mining vehicle:  
1 – diesel engine with hydraulic TC; 2 – gearbox; 3, 4 – front axle with a limited-slip 

differential, brakes and wheels; 5, 6 – rear axle with brakes and wheels;  
7, 8, 9, 10 – cardan shafts; 11 – intermediate support; 12 – articulation joints;  

A, B, C, D – couplings with potential angular clearances
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When designing the dynamical model, certain issues encountered in the 

practice of underground vehicle operation should be taken into account, e.g. zero 
values in monitoring data, missing data due to failures of sensors and cables, dif-
ferent parameters of ECU tuning (engine, gearbox), variable road conditions (wa-
ter, gradient, unevenness) and rocks properties, specific driving manner of each 
operator. Therefore, the dynamical model of an underground vehicle is based on 
certain assumptions:

•	 Inertial moments of the engine crankshaft, pistons, rods, and flywheel are 
constant.

•	 Engine torque is nonlinearly related to the speed of rotation (Fig. 4.9a).
•	 The speed of engine rotation is linearly proportional to the acceleration 

pedal position.
•	 The torsional stiffness of wheel tyres is constant and not dependent on 

deformation.
•	 Braking forces on all wheels are equal and linearly depend on the pedal 

position.
•	 Torque converter output is linearly related to the speed ratio of shafts 

(Fig. 4.9b).
•	 The stiffness of Cardan shafts is nonlinear (Fig. 4.9c) and independent of 

inclination.
•	 The interaction of torsional vibration and spatial motions is neglected.
The calculation scheme of the powertrain model with a scheme of a torque 

converter (TC) is shown in Figure 4.10.
The systems of differential equations of the dynamical model in absolute an-

gles of rotation and relative angles of shafts’ torsional deformation are as follows:
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where, φi, φij – angles of rotation and shafts deformation; Ji – moments of inertia; 
TE = f (nE, t) – engine torque, depending on nE – rotations; TTC = TE (nE, t) fTC (nE, nG) 
– TC output torque, depending on input nE and output nG speed ratio; TB = f (nB) 
– braking torque on a wheel, depending on pedal position nB; TWFR, TWFL, TWRR, 
TWRL – rolling resistance torques on wheels, depending on road conditions and 
tyre wear; TGF, TGR – intermediate shafts torques; TAFR, TAFL, TARR, TARL – torques 
in front and rear axles; iG – a current ratio of the manual gearbox; iA – a constant 
ratio of the axle; iDF, iDR – variable ratios of front and rear axle differential, de-
pending on vehicle steering and road conditions.

Viscous damping and angular clearances in the elastic joints are introduced 
via corresponding coefficients and functions. The resonance regimes from peri-
odical excitation of a diesel engine are possible for simulation concerning output 
shaft speed of rotation, but not considered in this research. The overall torsional 
dynamics greatly depend on angular clearances in couplings under non-sta-
tionary loading conditions. This effect is accounted for with the estimated wear 
intensity of every shaft coupling by the service time. Additionally, methods of 
angular gap diagnostics can be applied in vehicle powertrains to estimate real 
values of clearances.

The examples of torsional vibrations simulation are represented in Figure 4.11, 
where gearbox shaft and front intermediate Cardan shaft torques are given with 
their endurance-limiting torques Tmax. These values are recalculated from the 
stress for corresponding steel grades taken from the powertrain components spec-
ification. The amplitude and composition of natural modes in transient signals de-
pend on frequency response characteristics in every elastic shaft.

Further, the calculation procedure is implemented for fatigue cycle accumu-
lation in the database for the powertrain elements depending on the working 
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hours of vehicles. The example of RUL information of certain components (Car-
dan shaft No. 2) retrieved from the database is shown in Figure 4.12a. The S–N 
diagrams (Wöhler curve) are used to determine cyclic fatigue in elements. Good-
man’s law is used to process combined asymmetrical cycles of loading and trans-
form them into equivalent reversal stress cycles. The prediction of the date for 
a predetermined level of RUL (5–10%) achievement is based on standard Miner’s 
rule of damage accumulation.

The convenient representation of the RUL trend with appropriate working 
load in terms of transported tonnage of materials (Fig. 4.12b) can be used to 
schedule maintenance and production. Other useful information such as mean 
time between failures (MTBF), dates and reasons for replacement makes it pos-
sible to analyse the separate elements and the vehicle in general.

Nonlinear stiffness (gaps) in different elements of the powertrain resulted in 
more scattered torsional loads and in correspondingly wider range of accumu-
lated fatigue cycles depending on regimes of vehicle operation (material loading, 
acceleration, quick stopping). The most dangerous regime for the powertrain of 
LHD vehicles is the intensive digging into a hill of blasted bulk material. Unavoid-
able slipping of wheels causes sharp rises and drops of torques in transmission. 
The torque converter can dampen some impacts to a certain extent. At the same 
time, the reverses of LHD with additional weight in the bucket also cause tor-
sional vibrations of large amplitudes.

Fig. 4.11. Transient responses to impacts in powertrain: gearbox and cardan shafts
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Full-scale vehicle simulation requires additional signals from the monitoring sys-

tem – articulation angle steering (up to ±40°). Then, more real ratios iDF, iDR in front 
and rear axle differentials can be accounted for in torsional vibrations calculations.

The developed nonlinear dynamical model of the articulated underground ve-
hicle makes it possible to determine the most severe working regimes from the 
viewpoint of peak torsional loads in elements of transmission. Including such 
dynamical models in on-board monitoring systems gives a possibility of calculat-
ing and accumulating in the database fast cycles of high amplitude by the slowly 
sampled data from the on-board monitoring systems that greatly increase the RUL 
prediction accuracy of elements and safe operation without abrupt failures. In the 
case of thorough registration of maintenance actions and working hours of vehi-
cles, the developed approach of model-based fatigue monitoring can be applied 
for maintenance scheduling and parts replacement planning. In addition, using 
dynamical models helps assess each operator’s manner of vehicle control and the 
improvement of working regimes from the reliability point of view.

4.2. Vibrating sieving screens with inertial exciters

A wide variety of vibrating screens is engaged in the raw materials processing in-
dustries. These vibrating machines are involved in the separation of the fractions 
of ore, coal and other bulk materials. Having a wide range of power, design and 
number of decks, sieving screens can process from 10 to over 1000 tons of material 
per hour. Cyclic excitation of the screen decks can be realised by the unbalanced 
rotating shafts, hydraulic cylinders or electromagnetic actuators. Using decks and 
particle motion criteria, screens are categorised into circular, elliptical or linear 
types. Some other types of trajectories or vibration fields can be provided. To in-
crease overall productivity and final quality, several decks can be used.

The typical vibrating screen comprises the body and side panels connected 
by reinforcing beams, multiple sieving decks, and helical springs (Fig. 4.13a). All 
parts of the screen experience a significant level of wear. Therefore, huck-bolts are 
implemented instead of welded joints.

A model-based approach is developed for the diagnostics of spring stiffness re-
duction or crack initiation in vibrating screens [90]. The investigated sieving screen 
separates the incoming material (ore) into three grades: <40, 40110, and >110 mm. 
The maximum dimensions of the ore pieces falling into the sieve are 500×500 
×300 mm. Sieving material is fed to the screen by the belt conveyor having a certain 
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linear speed. The upper deck of the screen is usually designed as grizzly bars, which 
provide scalping of the input stream from the extremely oversized pieces to prevent 
damage. The upper and next levels of decks are subjected to blinding (Fig. 4.13b), 
which causes screen overloading and technological process interruption. Some 
methods are proposed for automatic cleaning but only for small-size meshes. Op-
erators of large-scale screens have to clean up manually the accumulated material. 
The 4 screen supports consist of 3 springs in each corner with parameters ∅210/30 
×410 mm. The nominal stiffness of a full set of 12 springs and proper tuning of vibra-
tors have to provide a designed orbit or trajectory of screen deck motion (Fig. 4.13c).

The screen is driven by two electric motors and individual belt transmissions 
with 0.582 ratios of pulley diameters. Special spherical roller bearings (FAG T41A 
series) are used on the shafts of unbalanced exciters.

Application of non-destructive testing (e.g. infrared imaging, magnetic, ultra-
sound) is a challenge for helical springs because of the complex geometry and 
non-stop operation mode of a processing plant. Therefore, it is preferable to use 
the signals of vibration sensors installed on the springs (Fig. 4.14a). Each of the 
four supporting units on the screen has several helical springs, whose geometry 
(Fig. 4.14b) and steel properties have gradually deteriorated. Consequently, the 
amplitude of forced vibration and natural frequencies of the screen are changing.

The unbalanced masses are placed on the shafts under safety covers and allow 
amplitudes of vibration to change by choosing the preinstalled different numbers of 
inserted pads. The default value of the producer for screen decks’ vibration ampli-
tude is 11 mm at a rotation speed of 850 min–1 and with 2 pads on the ends of every 

Fig. 4.13. Vibrating sieving screen (mifama.com.pl): (a) design and elements;  
(b) blinding with a near mesh size material; (c) the orbit of motion

(a)(a) (b)(b) (c)(c)
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shaft. Usually, vibrators are self-synchronized by either the kinematic gear couplings 
or dynamically. However, the investigated machine is designed without a kinematic 
coupling between drives. Hence, depending on the oscillations tuning (accuracy of 
unbalanced masses mounting, a bias of motors speed control) the screening process 
may be affected and additional stresses may appear in the elements.

The monitoring system of vibrating screen. The monitoring of sieved material 
at input and output is realised by the digital cameras. To prevent abrupt failures, 
a permanent monitoring system (Fig. 4.15) is installed on the investigated vibrat-
ing screen of the mining company. Falling pieces of material produce force im-
pacts of large amplitude. Therefore, those stochastic nature disturbances should 
be accounted for in diagnostic procedures to prevent false alarms.

The conducted research aimed to scale up the functionality of the existing 
system and improve its performance in supporting spring diagnostics and pro-
cess monitoring.

Fig. 4.14. Supporting unit with springs: (a) vibration sensors placement;  
(b) geometry and deformation limits of a single helical spring

(a)(a) (b)(b)

Fig. 4.15. Components of monitoring system on a vibrating screen (non-driven side) 
with two exciters
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Dynamical model. The proposed dynamical model assumes that the screen is 
a rigid body vibrating on the four supporting units having bilinear stiffness charac-
teristics in the case of cracks initiating. Hence, a six-degrees-of-freedom (6-DOF) 
model is developed, which includes three axes (X, Y, Z) of linear displacements and 
three angles (γ, φ, θ) of screen body rotation (Fig. 4.16a). The calculation scheme for 
the analysis of the vibrating screen is shown in Figure 4.16b.

Periodical excitation from two unbalanced vibrators (Fig. 4.17a) is considered 
a deterministic part of external forces:

	 � � � �� �2 sin UF t m t ψ ,	 (4.9)

where m – the masses of each unbalanced vibrator; ε – eccentricity; ω – speed of 
shaft rotation (rad s–1); ∆ψ – the phase difference between two vibrators because 
of detuning.

The stochastic part of the equivalent external force FΣY1(t) applied to the 
screen consists of two components (Fig. 4.17b):

1)	The first component FΣY1(t) having alpha-stable distribution S (α; β; γ; µ) 
includes impacts from the input flow. The median point of equivalent force 
application (p.f.a.) has relative displacements LX(t), LZ(t) from a nominal 
position with Gauss distribution N(µ; σ). Some technological parameters, 
namely, feed volume, fraction sizes and conveyor geometry affect the ex-
ternal force distribution.

Fig. 4.16. Dynamical model of the vibrating screen:  
(a) 6-DOF system of coordinates; (b) geometrical parameters

(a)(a) (b)(b)
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2)	The second component FΣY2(t) includes impacts which happen during pe-
riodical motions of particles over the decks. The input +Min(t) and output  
–Mout(t) flow should satisfy the mass balance condition, which assumes 
that the dynamical system has a constant mass during oscillations.

The subsequent sections of the screen may have different inclination angles. 
Therefore, spring-mass model verification based on vibration measurement has 
to be based on trigonometric relations between the centre of mass coordinates 
in the model and the sensors’ positions on the screen. The whole system of the 
differential equations governing the dynamical model is as follows:
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 	 (4.10)

where KX = (KX1 + KX2 + KX3 + KX4) – stiffness of springs in horizontal directions x 
and z (KZ = KX); KY = (KY1 + KY2 + KY3 + KY4) – stiffness of springs in vertical direc-
tion y; KXR, KYR, KZR – torsional stiffness of angular motion; CX, CY, CZ – damping 
of vibrations; Cγ, Cφ, Cθ – damping of rotations; k1 – coefficient of contact interac-
tion; χ – screen inclination angle; FΣX(t), FΣY(t), FΣZ(t) – stable distribution S(α; β; 
γ; δ) of stochastic equivalent force from material impacts; LX, LZ – normally dis-
tributed N(µ; σ) a position of equivalent force FΣY(t) application, where µ – mean 
value; σ – standard deviation from nominal position (middle of the deck); A, B, 

Fig. 4.17. External forces applied to the screen: (a) deterministic; (b) stochastic

(a)(a) (b)(b)
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C, D – functions of χ, θ; angles and ψ1,2 angles of two vibrators rotation; ai, bi, ci, 
di – position of the centre of mass (c.m.) and (p.f.a.).

The system of differential equations is integrated by the Runge–Kutta method 
of 4th order with fixed time step. The external stochastic impacts are generated 
in advance as a vector of numbers and are introduced into the right part of corre-
sponding equations at every time step.

Simulation of springs wear. The predictive maintenance of vibrating screens 
requires the detection of two main failure modes of springs: reduced stiffness 
and cracks. The usual approach of machine disassembling and visual inspection, 
e.g. retained deformation of every spring, is not possible.

After defect initiation and growing in any spring, its linear stress-strain char-
acteristic transforms into the bilinear function, i.e., compression and stretching 
stiffness are different. The lateral spring stiffness depends on the defect loca-
tion. Within the vertical plane of vibrator rotations, the vibration signal may have 
signs of spring damage, otherwise, these defects are undetectable.

To construct the diagnostics rules, the dynamical model, whose parameters 
are given in Table 4.4, is simulated. The elastic forces of supporting springs with 
bilinear stiffness are shown in Figure 4.18a. The simulated stochastic impacts 
from the input flow of material pieces in the time domain are represented in 
Figure 4.18b and its significantly skewed distribution in Figure 4.18c.

The time series and spectra of vibration for healthy and damaged springs 
are given in Figure 4.19. Under the action of external impacts, the dynamical 
system of the vibrating screen responds by transient vibration in the different 
coordinates of motion. The transient process is quickly attenuated (Fig. 4.19a). 
In theory, the shift of resonant frequency from its nominal value corresponding 
to a new spring may be a diagnostic parameter. However, maintenance staff re-
places springs not simultaneously in every supporting unit, which has 3 or more 
springs on other types of screens. Therefore, a single spring stiffness variation 
is difficult to discriminate, especially due to their typically very small values 
(Fig. 4.19b). The nonlinear stiffness of springs results in harmonics of the main 
natural vibration mode (1–2 Hz) and modulation side-band at the excitation fre-
quency (15 Hz) as shown in Figure 4.19c.

The orbit of screen motion reconstructed from the orthogonal vibration sig-
nals and phase space plots in coordinates of vertical displacement and veloci-
ty are shown in Figure 4.20. The orbit and phase space plots are changing with 
spring stiffness reduction and crack appearing.
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Table 4.4. The parameters taken in simulations of the dynamical model

No. Parameter Notation Value Units

1 Vibrator 1 horizontal position a1 1.400 m

2 Vibrator 2 horizontal position a2 0.800 m

3 Vibrator 1 vertical position b1 0.900 m

4 Vibrator 2 vertical position b2 0.300 m

5 Position of upper springs c1 2.600 m

6 Position of lower springs c2 1.300 m

7 Point of force FΣY1 application d1 2.200 m

8 Point of force FΣY2 application d2 1.200 m

9 Width between the springs 2e 2.200 m

10 Mass of empty screen M 15 230 kg

11 Inertial moment JX 2.08×105 kg m2

12 Inertial moment JY 4.25×105 kg m2

13 Inertial moment JZ 6.13×105 kg m2

14 Stiffness of linear motion KX 2.12×106 N/m

15 Stiffness of linear motion KY 4.80×106 N/m

16 Stiffness of linear motion KZ 2.12×106 N/m

17 Stiffness of rotation KXR 3.25×106 Nm/rad

18 Stiffness of rotation KYR 2.60×106 Nm/rad

19 Stiffness of rotation KZR 5.35×106 Nm/rad

20 Position of p.f.a. LX 0.200 m

21 Position of p.f.a. LZ 1.600 m

22 Angle of inclination χ 22.5 grad

23 Unbalanced mass of vibrators m 90 kg

24 Speed of vibrator rotation ω 88 rad/s

25 Eccentricity of vibrators ε 0.210 m

26 The phase difference of vibrators ψ 5 grad

27 Damping of linear motion CX, CY, CZ 1.97 s–1

28 Damping of rotation Cγ, Cφ, Cθ 4.29 rad s–1

29 S distribution, exponent α 1.2 –

30 S distribution, skewing β 1 –
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The results of dynamical model simulations are represented in Figure 4.21 
with different parameters of machine body vibration concerning the spring’s bi-
linear stiffness change (decrease) from 100% to 50% of the upper positive branch 
of deformation characteristic. The step of change is 1% for the 90–100% range 
and 10% for the 90–50% range.

These graphs show that almost all parameters have a linear relation with verti-
cal (Y-axis) stiffness change. Horizontal amplitude (dx) in Figure 4.21a has a specif-
ic bump above 90% and then goes linearly, while vertical amplitude (dy) is always 

31 S distribution, scaling γ 0.5 –

32 S distribution, localization δ 1000 N

33 N distribution, the mean value µ 0 m

34 N distribution, standard deviation σ 0.1 m

35 Input-output flows of material Min, Mout 236 kg/s

Fig. 4.20. (a) Motion orbit and PSP of vibrating screen: (b) with new springs;  
(c) with less by 20% stiffness KY; (d) with a crack in spring (nonlinear KY)

(a)(a) (b)(b)

(c)(c) (d)(d)

Continuation of the table 4.4
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linear. The sensitivity of these parameters is very small ~0.03 mm/50%. Orbit slope 
(x; y) in Figure 4.21b is exactly linear but has weak sensitivity to stiffness change 
~0.05°/50%. The form factor of the phase space plot (dVy/dy) in Figure 4.21c is al-
most linear within the whole range of stiffness change, while the amplitude of vi-
bration velocity dVy is always linear. The sensitivity of velocity is 0.03 (mm/s)/50%.

Natural frequency (×1 Yfreq) and amplitudes of its first (×1 Yamp) and second 
(×2 Yamp) harmonics in Figure 4.21d show linear behaviour but with opposite re-
lation: frequency and first harmonic go down, while second harmonic amplitude 
increases. The sensitivity of natural frequency is 0.4 Hz/50% and the reaction of 
its harmonics amplitudes is ~0.2…1.0 mm2/50%.

Industrial measurements. Vibration measurements are accomplished by the 
Kistler LabAmp 5165A 4-channel modules and accelerometers K-Shear 8702B500. 
The other instrumentation included National Instruments 9233 4-channel mod-
ules and accelerometers EC Systems VIS-311A and Endevco 751-10. All sen-

Fig. 4.21. Diagnostic parameters of vibrating screen springs  
investigated on the model: (a) orbit size (dx; dy); (b) orbit slope (x; y);  

(c) form of phase space plot (dYy/dy), (dVy); (d) natural frequency (×1 Yfreq)  
and amplitudes of first (×1 Yamp) and second (×2 Yamp) harmonics

(a)(a) (b)(b)

(c)(c) (d)(d)
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sors have an extended range of measurement (±50–500 g) and sensitivity (10–
100 mV/g). Positions of accelerometers and measurement directions are shown 
in Figure 4.22.

Building orbits of screen motion. The spatial motion orbit stipulated by the 
screen designers (Fig. 4.13c) is estimated by the vertical and horizontal vibration 
signals measured on every supporting unit. Notations of signals correspond to 

Fig. 4.22. Positions and measurement directions of accelerometers  
mounted on the vibrating screen

Fig. 4.23. Signals of screen acceleration on:  
(a) the left (drive) side; (b) the right (non-drive) side

(a)(a) (b)(b)
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S – springs, B – bearings; L, R – left and right side; U, D – up and down; H, V – 
the horizontal and vertical direction of measurement. The time series on springs 
contain the main dominating frequency of excitation about 15 Hz, which corre-
sponds to vibrator shaft rotations.

The orbits obtained by the double integration of the original acceleration 
signals and phase space plots are represented in Figure 4.23. Orbits on the left 
springs are inclined to the horizon by 66–67° and by 47–51° for the right side 

Fig. 4.24. Vibration orbits and phase space plots measured on  
the supporting springs: (a) up left; (b) up right; (c) down left; (d) down right

Table 4.5. The diagnostic parameters of measured vibration

Pos.
dy × 

103, m
dx × 

103, m
Slope,  
grad

dVy,  
m/s

dVy / 
(dy × 
103), 
(m/s) 

/m

×1  
Yamp, 
m/s2

×2  
Yamp, 
m/s2

×1  
Yfreq, 
Hz

LU 9.92 4.22 66.9 0.86 0.086 3.50 0.66 1.7

LD 9.88 4.18 67.1 0.85 0.087 4.10 0.66 1.7

RU 6.40 5.87 47.5 0.58 0.090 3.16 0.41 1.8

RD 8.83 7.18 50.9 0.72 0.082 3.36 0.75 1.7

(a)(a) (b)(b)

(c)(c) (d)(d)
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(Fig. 4.24). Amplitudes of vertical vibrations are about ±5 mm and horizontal – 
about ±3–4 mm and lay within the design values range (values of projections on 
the X and Y axis in Fig. 4.13c). The phase space plots are quite different for the left 
and right sides even for the similar orbits graphs that give a piece of additional di-
agnostic information for further analysis. The numerical diagnostic parameters 
determined by the measured vibration are shown in Table 4.5.

The configuration of orbit greatly depends on the nonlinear trends in the ini-
tial signal of acceleration, which affects the final view of the displacement signal 
after double integration operations. This problem is resolved by the proper se-
lection of a time slot for signal analysis without the remarkable transients from 
falling pieces of material. Also, the polynomial trend of the 8th order is removed 
from the initial signals at every stage of their integration.

Damping factors and resonant frequencies. The resonant frequencies and 
damping in the system are identified by the analysis of the transient response 
from the falling pieces of material (Fig. 4.25). The verified values of damping 
factors are given in Table 4.4. Since frequency-independent damping is admitted 
in the model, some discrepancies may appear in exponential decay values deter-
mined experimentally. It is necessary for the synchronous recording of vibration 
signals and video stream for joint processing to obtain qualitative estimations of 
stochastic impacts from the input flow of material. The frequencies of identified 
natural modes of the investigated screen are represented in Table 4.6 and low-
frequency spectra are shown in Figure 4.26.

Because of response deviation in the used types of accelerometers in the low-
frequency range (12 Hz), natural frequency identification and separation need 

Fig. 4.25. (a) Transient vibration on the spring;  
(b) image of the input pieces of material

(a)(a) (b)(b)
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another type of sensor. For comparison, the result of the bump test conducted 
by Metso Company with the ScreenCheck system on a  similar type of vibrat-
ing screen is shown in Figure 4.27. Three peaks within the frequency range of 
60…180 rpm (1–3 Hz) are the lowest modes of this screen and are quite similar 

Table 4.6. The natural frequencies of the vibrating screen

Units Linear motion frequencies Rotation motion frequencies

fX fY fZ fγ fγ fθ

Hz 1.8 2.6 1.8 3.8 2.9 4.1

rpm 108 156 108 228 174 246

Fig. 4.26. Spectra of low-frequency vibration on the right side of:  
(a) up spring; (b) down spring

(a)(a) (b)(b)

Fig. 4.27. Natural frequencies identified by the bump test  
with the system ScreenCheck (Metso)
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to values in the investigated screen (Table 4.6). Other peaks correspond to higher 
modes of vibration (the dotted line is a frequency of exciter rotation).

The screen body is supported by a set of springs. If a change of spring stiff-
ness appears (for example, due to wear or crack), the vibration of the screen will 
be asymmetrical. It may lead to damage of sieving screen elements. Each sus-
pension unit of the screen consists of 2–4 springs. In such a case, the detection 
of a single failed spring by the static deformation test under load is not possible. 
It could be concluded by disassembling and visual inspection of the suspension 
unit. The non-destructive testing techniques cannot be used here due to the com-
plex geometrical configuration of springs.

The fundamental frequency of screen oscillation caused by unbalanced force 
(≈15 Hz) significantly exceeds the lowest natural frequency (<3 Hz). Thus, diagnos-
tics of springs by the resonant frequencies shift and harmonics analysis is quite 
possible although at least 10 s sampling time is required to provide 0.1 Hz spec-
trum resolution. That is possible under non-stationary stochastic loads, which do 
not greatly affect natural frequencies. Instead, material impacts excite these fre-
quencies and increase the signal-to-noise ratio at the natural frequency range. Be-
side, damping factors can be assessed by these impacts as diagnostic parameters.

The 50% of stiffness reduction (0.5 KY) will result in 0.4–0.6 Hz or 25–30% of 
frequency change from the nominal values of about 2 Hz. Taking into account 
the low natural frequencies 13 Hz, this method of diagnostics needs low-frequen-
cy displacement sensors.

An advantage of the proposed dynamical model is in accounting for the ran-
dom disturbances occurring from the pieces of sieved ore, which modify the am-
plitude of the signal and point of the equivalent force application. The levels of 
impact from the falling pieces of material are much fewer than the amplitude 
from vibrators and quickly attenuated. Anyway, these impacts excite rotational 
components of motion, which can be as well used as diagnostic parameters.

A  localisation of damaged springs among four supporting units might be 
determined by comparison of 4 signals from different bearings, or sensors in-
stalled directly on the supporting units to obtain the more significant difference 
in displacements between them. The block diagram of the developed diagnostics 
procedure implementation is shown in Figure 4.28. On-line and off-line steps are 
divided into separate data flows.

Modification of the stiffness of springs and nonlinear properties due to cracks 
are noticeable in the results of simulations as the harmonics of natural frequencies 
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and side-band modulation of the main forced vibration. Simulation experiments 
on the dynamical model undermined linear relations of orbit size parameters and 
natural frequency with its first and second harmonics amplitudes. However, the 
sensitivity of these parameters to bilinear stiffness change is not strong enough.

The proposed parameters of vibrating screen spring monitoring and diagnos-
tics based on natural frequency, its harmonics and the form factor of phase space 
plot can be generalized for any of three linear coordinates of motion (x, y, z) and 
angles of rotational vibration (γ, φ, θ). This approach exhibits significant advan-
tages as compared to the spectral methods because it does not require high sam-
pling frequencies.

Using generalised coordinates of screen motion (x, y, z) and derivatives (dx/dt, dy/
dt, dz/dt) enables comprehensive visualisation of the whole portrait of the dynami-
cal system. In this research, the author does not address bifurcations of nonlinear 
systems, which makes the PSP technique strictly susceptible to minor changes in 
parameters associated with fault development. Application of the PSP technique in 
daily practise needs to develop qualitative measures of trajectories analysis.

Introducing into the model the external force from the falling pieces of mate-
rial with the alpha-stable distribution allows a more correct description of a real 
sieving process for diagnostic purposes. The proposed methods of the vibrating 
screens monitoring and diagnostics allow the theoretical detection of even weak 

Fig. 4.28. The block diagram of diagnostics procedure implementation
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(<10%) deterioration of supporting springs stiffness by the different parameters. 
Linear model response denotes a good condition of springs without damage.

The changes in frequency response functions at the higher natural modes out 
of the vibrators excitation frequency range can be associated with the structural 
elements failures or loosen bolted joints and can be considered potential diag-
nostic parameters.

4.3. Hydraulic mechanisms and machines

High-power hydraulic drives and actuators are an integral part of mining and 
metallurgical machines. They have certain advantages over mechanical transmis-
sions. However, they have their own working characteristics and failure modes 
during operation, which require special methods of condition monitoring.

The dynamic properties of hydraulic drives and the mechanisms that contain 
them are in many ways similar to purely mechanical systems since the work-
ing fluid is assumed as incompressible and acts like a usual spring. However, in 
the process of operation, a frequent change in the volume of fluid in the work-
ing space of the cylinders requires the consideration of hydraulic machines and 
mechanisms as a system with variable elastic-mass parameters and dimensions. 
The additional problems in modelling create the hydraulic fluid flows in outer 
space, e.g., under conditions of accidents or safety valve opening. In this case, 
the constant stiffness of the hydraulic spring becomes nonlinear due to the re-
duction of compressed fluid volume.

4.3.1. High-pressure rig for drilling tubes testing

The abrupt failure is investigated in the industrial plant for hydrostatic pressure 
testing of tubes. Significant damages to the testing machine are observed after 
the moving tube impact when the tube cap has released due to a screw-thread 
defect. A detailed analysis is conducted of static and dynamic forces acting on 
elements of structure. Conditions are determined by the sharp cap penetration 
into the thrust plate and possible damage of the upper protection casing from 
the water jet and tube pieces impacts. The two options are proposed for plant 
modernization to reinforce structure for safe work under pressure from 70 MPa 
to 125 MPa. Simultaneously, the productivity of testing plants up to 14–20 tubes 
per hour is achieved depending on their sizes.
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The hydrostatic pressure testing of tubes is an obligatory technological opera-
tion after their production in metallurgical plants or by field-tests before drill-
ing operations on oil and gas sites. During the tests, the tube is closed by screw-
threaded caps from both sides and filled with water by special pumps to a high 
pressure of up to 125 MPa. Tubes are kept at this pressure for about 5–10 s to 
check possible leaks and defects, then they release water and reinstall caps on 
the next tube. Such a sequential technological process is realized by the special 
mechanized hydrostatic presses, which may be damaged from the tube explod-
ing due to a crack or a defect of the screw-thread of caps in the case of the ma-
chine and surrounding protective structure being improperly designed.

The examples of the design of the existing hydraulic presses for testing tubes 
with a diameter of up to 1420 mm and a pressure of 70 MPa are shown in Fig-
ures 4.29 and 4.30. In these designs for tubes of various lengths, the end thrusts 
are provided, adjustable by a screw electric drive, as well as locks fixing the tube 

Fig. 4.29. (a) Design of a field test rig [314];  
(b) mechanized industrial press for hydraulic testing of tubes [315]

(a)(a) (b)(b)

Fig. 4.30. Design of hydraulic press for large diameter tubes testing  
with movable axial thrusts [316]
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along the length with a hydraulic drive. However, such variants of hydraulic press-
es do not provide high productivity for a wide assortment of tubes. The safety 
issues arising during the operation of high-pressure machines in the restricted 
areas of workshops and satisfying controversial demands for productivity always 
need great efforts from the designers. Therefore, industrial customers install test-
ing presses of their design. Such an example of the investigated hydraulic press is 
represented in Figure 4.31.

During one of the tube tests on this press, under the pressure of 20 MPa (even 
less than the maximum value by design), one of the end caps suddenly released due 
to the screw-thread defect and the tube being moved by a water jet hit the protective 

Fig. 4.31. The design of the hydraulic press for tubes testing  
with the places of major damages

Fig. 4.32. Deformed parts of a hydraulic press: (a) anchor bolt M36;  
(b) top beams fastening bolts M24; (c) hole in the front plate (h = 14 mm) of axial thrust

(a)(a) (b)(b) (c)(c)
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structure of the machine causing deformations and penetration damages. Inspec-
tion of the structure after hitting the cap on the left thrust showed visually notice-
able signs of deformation of the foundation bolts M36 (Fig. 4.32a) and the bolts M24 
of the upper beam joint (Fig. 4.32b). The front plate with a thickness of 14 mm on 
the right thrust was punched by the impact of the mass composed of the tube with 
water and the right cap with a sharp end of the pressure line tip (Fig. 4.32c).

Following this incident, it was necessary to conduct a detailed analysis of the 
strength capacity of the existing protective structure and to develop a moderniza-
tion plan to restrain all possible static loads and dynamic impacts for safe oper-
ation under higher pressures, i.e., 69–125 MPa. Multi-disciplinary research was 
required (fluid dynamics, mechanical shock and vibration, materials penetration) 
to estimate diverse impacts on the structure and it was necessary to conduct the 
multi-variant calculations for a wide variety of testing tubes in terms of their sizes.

According to the API 5CT standard [317], the mechanical properties of the tube 
material are independent of the assortment of products. Their properties depend 
only on the tube strength group (class) given in this standard. Impact strength is 
not controlled on tubes, but only on blanks of caps. In the calculations of the tube 
fracture, the material reference information included in ISO/TR 10400:2007 is 
used [318]. The hydrostatic test pressure is limited by the standard [317] to a maxi-
mum value:

	 min2 y
T

f σ t
P

D
⋅ ⋅

=  ,	 (4.11)

where PT  – the hydrostatic test pressure (rounded by 0.5 MPa), MPa; f – coefficient 
equal to 0.6 for strength classes H40, J55, and K55 at D > 244.48 mm, or 0.8 for all 
other classes and sizes; σy min – conditional minimum yield strength for tube body, 
MPa; D – nominal outer diameter, mm; t – nominal wall thickness, mm.

According to the standard [318], the calculation of the internal pressure at 
which the metal plastic deformation begins in thick-walled tubes with an end 
seal (Lame’s formula taking into account radial and tangential stresses) is per-
formed according to the formula:
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where σy min – the specified minimum tensile yield strength, MPa; D – the nomi-
nal outer diameter of the tube, mm; dwall = D – 2kwall t – inner diameter of the 
tube, mm; kwall = 0.875 – coefficient taking into account the deviation of 12.5% of 
the wall thickness; t – nominal tube wall thickness, mm; d = D – 2t – the nominal 
internal diameter of the tube, mm.

As the yield strength of the tubes, it is taken the tensile stress required to 
obtain the elongation of the sample under the load specified in [317], which is 
determined using an extensometer. The minimum internal pressure of plastic 
fracture of a tube with mechanical seal according to the yield criteria of Tresca 
and von Mises, MPa:

	
( )

( )
min2 dr u wall a N

R
wall a N

k σ k t k a
P

D k t k a
−

=
− −

 ,	 (4.13)

where 1 1(0.5) (1 / 3)h hk k
drk + += +    – a correction factor taking into account tube 

deformation and metal hardening; kh – the coefficient of hardening of the true 
stress–strain curve (0.06–0.14 for standard strength classes, 0.30 for strongly 
hardened two-phase steels); σu min – minimum tensile strength of samples, MPa; 
ka – the fracture strength coefficient of samples; aN = t kac – defect (crack) depth, 
which can be accepted as permissible at a  given acceptance level (0.635 mm 
with a wall thickness of 12.7 mm), mm; kac (0.05 or 5%) – predetermined accep-
tance level; ka – the coefficient of the metal viscosity influence in the presence 
of a crack with a depth of aN ( ≤1.0 for viscous steels, 2.0 for less viscous steels).

The yield and ultimate strength of the material depend on the group and class 
of tubes [317]. According to the source data: aN = kac t mm; ka = 1.0, the calculations 
of the minimum internal pressures PT, PY, PR were performed at Hmax = 16 mm, 
Dmin = 140 mm when the maximum values are obtained. The smallest tube frac-
ture pressure will occur with a minimum wall thickness (Hmin = 6 mm) and a max-
imum diameter (Dmax = 340 mm). As the depth of the crack increases relative to 
the wall thickness, the minimum pressure of tube fracture decreases linearly.

The calculation procedure is proposed for the dynamic impacts on the axial 
thrusts when the cap is failed, the high-pressure water jet flows out and the possi-
ble movement of the tube parts with subsequent penetration into the front plate 
of the thrust and protective casing.

Assumptions of the model. Mathematical representation of the real physical 
processes in the industrial hydro-mechanical machine requires certain assump-
tions.
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•	 The tube moves over the supports without friction because of small con-

tacts between the cylindrical body and the convex surfaces of perpendicu-
lar beams (rail profile). The acceleration of the cap and the remaining part 
of the tube lasts until the water pressure drops to atmospheric pressure, 
then the parts move by inertia.

•	 The impact of the caps on the axial thrusts is considered at the tube po-
sition on the supporting beams. The broken cap motion occurs without 
touching the upper protective casing; otherwise, its speed will be lower 
than the maximum due to the rebound. The whole amount of the kinetic 
energy of the impacting mass transforms into the potential strain energy of 
the target, i.e., without friction and heat losses (ideal inelastic shock). This 
is the worst case for penetration.

•	 The released water volume, whose mass is determined by the inner tube 
diameter and the compression ratio, moves as a free jet because of the long 
distance from the axial trusts (up to 5.0 m). Climatic changes in the temper-
ature do not affect the density and the coefficient of linear expansion. The 
hydraulic shock inside the tube resulting from pressure relief is not taken 
into account because the tube becomes an open vessel.

•	 Only one cap failure is supposed, the second one moves together with the 
tube under the action of a water jet flowing out under pressure, hence, im-
pacts on the axial thrusts do not occur simultaneously. The time difference 
of collisions on the left and right sides of the structure depends on the mass 
ratio of the tube parts and the distances from the thrusts. They are between 
front plates of thrusts – 15 m; from the right thrust to the tube end – 1 m; 
from the left thrust to the tube end – 1.5…5.0 m for the tubes of 12.5…9.0 m 
in length respectively.

•	 The calculation of the dynamic effect is carried out separately on the bolts 
and the front plates of the thrusts because penetration and structure re-
sponse have different scales of time. The impact shear force acts on the 
bolts of only this support because even the standard elongation of 0.3% 
(45 mm) of the upper beams (the length of the deformable part is 15 m 
between the thrusts) already compensates the lateral displacement greater 
than the diameter of the bolts on the opposite side. Therefore, on the oppo-
site support, the shear force in the bolts can be neglected.

•	 The degree of steel hardening and the dynamic yield stress are dependable 
on the strain rate and the static yield stress [319]. The ratio of the dynamic 
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and static yield stress for St3 steel, of which the protective casing and the 
front plates of the axial thrusts are made, is 4.1 at a strain rate of 105 s−1. 
However, in our case, the strain rates do not exceed 102...104 s–1, hence, the 
dynamic hardening can be ignored.

•	 The deformation of the front plate of thrust and protective casing occurs 
only by compression in the direction of impact force, while the shear and 
bending deformations are not involved. A  worst-case scenario is when 
tube fragments hit the target with a  sharp edge. The expansion range 
of tube fragments is limited by interaction with surrounding structure,  
i.e., damages beyond the structure and rebound of fragments are not esti-
mated.

Calculation of water jet impact. The force exerted by the water jet depends 
on the distance between the barrier and the tube end where the cap was broken 
or the section where the tube was transversely broken (Fig. 4.33). In the compact 
part, the flow is a continuous stream; in the fragmented part – separate jets; in 
the sprayed part, single drops [320]. As this distance increases, the pressure force 
of the jet decreases, since the area of the dispersion circle increases and the pres-
sure in the centre of this circle decreases.

The submerged high-pressure water jet (13–18 MPa) can produce a compli-
cated dynamic structure including cavitation effects [321], different flow patterns 
and self-excited vibrations when injected close to the surface in the open chan-
nel [322]. According to experimental trials [323], the impact force of the high-
pressure free jet for pressures up to 85 MPa remains unchanged up to a distance 
of 0.3 m from the nozzle. At a distance of 0.7 m, it decreases by only 14%. Outside 
the compact part, the effect of the jet on the barrier becomes insignificant from 
the viewpoint of the parts’ strength capacity. Therefore, it is considered in the 

Fig. 4.33. Schematic separation of liquid stream parts  
when they flow out of a tube
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calculations that the compact part of the jet acts on the structure due to the high 
pressure and small distances from the tube to the protective casing, and the axial 
pressure impact is not affected by the water flowing from the tube.

The impact of the liquid when it flows out of the vessel under pressure [324], 
[325]:

	 �
�
ΔPH
ρ g

,	 (4.14)

where ∆P – the difference between the internal and external pressure (almost 
equal to the internal pressure in the tube when it flows into the atmosphere).

The fluid flow rate through the hole:

	 �� 2v gH ,	 (4.15)

where ϕ is the velocity coefficient:
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,	 (4.16)

where α is the Coriolis coefficient; ζ is the pressure loss coefficient (resistance).
Volumetric water flow:

	 � � 0Q μ S v,	 (4.17)

where S0 – the cross-sectional area of the hole (inner diameter of the tube); μ = εϕ 
fluid flow rate; ε – jet compression ratio. If the stream diameter at the outlet of 
the tube is equal to the diameter of the hole, then the compression coefficient 
ε = 1 and, therefore, μ = ϕ, and the resistance coefficient ζ = 0.5.

The behaviour of the fluid flow depends on the Reynolds number:

	 Re uv d
υ
⋅

� ,	 (4.18)

where � 2uv gH  – the flow velocity under ideal flow conditions; d – the inner 
diameter of the tube; υ – kinematic viscosity coefficient of water.

For such low-viscosity liquids as water and high Reynolds numbers (Re > 105), 
the coefficients of the outflow conditions vary within small limits and their aver-
age values are: ε = 0.94, ζ = 0.06. ϕ = 0.97, µ = 0.91. When calculating the impact of 
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the jet on the structure, to obtain an upper estimate of the strength, they can be 
taken equal to unity.

In hydraulically smooth steel tubes of circular cross-section, when the thick-
ness of the boundary layer is greater than the height of the irregularities, the 
value of Re ≤ 2200–2300 for laminar flow, the value of Re ≥ 2200–2300 is for tur-
bulent flow. With laminar flow, the length of the compact, denser part of the jet 
(Fig. 4.33) increases.

The dependence of the kinematic viscosity coefficient of water on tempera-
ture:
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The values of the kinematic viscosity coefficient of water at t = 0°C, υ = 1.787 
× 10–6 m2/s at t = 50°C, υ = 0.658 × 10–6 m2/s, i.e., reduced by 2.7 times. Therefore, 
in winter, with an increase in water viscosity, the effect of the jet on the structure 
will be slightly greater than in summer. However, the water density change in the 
temperature range t = 0…+50°C is only 1.2%.

Following the work [325], water jet impact at known flow rate:

	 �
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where v0 – the fluid velocity at the outlet; g – the acceleration of gravity.
The hydrostatic axial force on the tube surface (initial) when a break occurs 

with an equivalent diameter dc:
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where 
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=   – gap area; p – the internal pressure of water.

The time during which the compressed water volume at pressure p flows out 
before its pressure equalises with atmospheric pressure:
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where ε = p/Ew – the relative compression of water (0.0616 at a  pressure of 
125 MPa); Ew – volumetric modulus of elasticity of water (2030 MPa); Q – the flow 



Dynamical models in condition monitoring and analysis of... 121
rate of water through a gap with a section Sc at a given pressure (it is considered 
linearly decreasing and equal to the average value during the compressed volume 
of water flow). The time of 6.16% of the water volume flow until the test pressure 
(125 MPa) will equalise to atmospheric pressure (0.1 MPa) is 0.0011–0.0015 s for 
the entire tube assortment.

The forces of the jet action on the barriers under different conditions are 
determined following [325]. The formula for the fixed perpendicular barrier 
(Fig. 4.34a):

	 � �1 02F γ S H,	 (4.23)

where γ = ρ ∙ g – specific gravity of water (9810 N/m3); S0 – the cross-sectional area 
of the jet (the area of the barrier is greater than 4–6 diameters of the cross-section 
of the jet).

If a flat fixed barrier is located at an angle α to the jet direction (Fig. 4.34b), 
then the force of the jet is determined as:

	 � � 2
2 02 cosF γ S H α.	 (4.24)

The force of the jet action on a  fixed surface deflecting the flow by 180° 
(Fig. 4.34c) is twice as high as in the case shown in Figure 4.34a:

	 � �3 04F γ S H.	 (4.25)

If a flat obstacle moves in the direction of the jet axis with speed u, then the 
force of the jet action on it will be equal to:
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where w = v0 – u – relative velocity.
Axial hydrostatic force on the thrust:

	 �5 0F S p.	 (4.27)

Radial hydrostatic force to break a tube without taking into account the weight 
of water:
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	 6 πF p l d= ⋅  ,	 (4.28)

where l – tube length; d – internal diameter.
Contact stresses at the point of impact:
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where i = 1, 2, 3 – options of a water jet drop onto an obstacle (Fig. 4.34).
If the contact stress exceeds the tensile strength of the protective casing ma-

terial St3 (380 MPa), then its plastic deformation will occur, and with sufficient 
kinetic energy of the jet, it will penetrate the sheet metal of the casing (5 mm 
thick).

A sharp increase in the speed of fluid movement in the tube when one of the 
caps is broken can cause the so-called “negative” hydraulic shock, which mani-
fests itself in the propagation of a low-pressure wave along the entire length of 
the tube. However, the hydraulic processes in the pipeline connecting the tube 
to the high-pressure pump can be ignored, because the flexible pipeline has high 
damping properties against pressure shocks.

The velocity of a shock wave in an elastic steel tube is determined by the for-
mula [325]:
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where αs – the speed of sound in water (1425–1435 m/s depending on density); Еw 
– volumetric modulus of elasticity of water (2030 MPa); Еst – the bulk modulus of 

Fig. 4.34. Options for the water jet impact on barriers [325]:  
(a) perpendicular barrier; (b) inclined surface; (c) inside the spherical surface

(a)(a) (b)(b) (c)(c)
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elasticity of the tube material (196 GPa); ρ – water density; d – the tube diameter; 
δ – tube wall thickness.

When the cap is broken, the low-pressure wave reaches the other end of the 
tube and, reflected of it, returns by time:

	 �
2

p
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a
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The pressure drop in the case of indirect (topen < tp) full hydraulic shock (flu-
id velocity varies from zero to v0) is calculated by the modified Joukowsky equa-
tion:
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where topen – the opening time of the tube, i.e., the time the cap moves along the 
screw-thread until it disconnects the tube.

The volumetric modulus of elasticity of water Еw determines what external 
pressure must be applied to reduce the volume by 2 times. To reduce the volume 
of water by 1%, an external pressure of about 20 MPa must be applied. In the 
range of tube test pressures up to 125 MPa, the compression of the water column 
along the tube length will be up to 6.16%. The length of the released liquid col-
umn will be 0.554–0.770 m, and the mass of this water – 4…65 kg.

Some correction of the additional volume of water will be made by an elastic 
increase in the diameter of the tubes:
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In the range of elastic deformation of the tube ∆r = 0.116–0.945 mm, the vol-
ume of water will change by 0.6%, which will practically not affect the calcula-
tion results. The “hydraulic spring” will decrease stiffness as the pressure drops, 
but this effect can also be neglected with an error of about 10% in the pressure 
range of 10–70 MPa. In a given temperature range of tube tests 0...50°C, the error 
in the estimated water volume will be about 0.5%.

The main natural mode of structure oscillation. According to the classical 
theory of shock [326], when two bodies collide, their partial elastic or plastic de-
formation occurs at the contact point until the normal component of the rela-
tive velocity at the contact point vanishes at some time. In this case, the kinetic 
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energy of the impacting body undergoes a complete transition to the internal 
potential strain energy of both bodies. From Newton’s second law in differential  
form:

	 �
dvF m
dt

	 (4.34)

get the formula for the momentum of force:

	 � � �F dt m dv,	 (4.35)

where dt – small time interval, m – mass (constant), and F – force proportional 
to dv.

There are three cases of the interaction of bodies upon impact:
1)	the body bounced off the obstacle at a speed of v1, then dv = v0 + v1;
2)	the body joined with the barrier, then dv = v0;
3)	the body broke through the barrier and flowed further, then dv = v0 – v2.
The greater the speed and weight of the body, and the shorter the time it 

comes in contact with the barrier, the greater the impact on the barrier. If the 
shock is elastic, then the collision time does not depend on the speed of the col-
lision because of the constancy of the period of oscillations with constant mass 
and coefficient of elasticity of the impact mass and obstacle.

In a collision without rebound of two bodies of masses m and M, the equation 
of motion without damping takes the form:
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where �� �
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 – the natural frequency of free oscillations, rad.

Solution of this equation under initial conditions (t = 0, dх/dt = v):
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The maximum value of the impact force F will be:
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vF K x K
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Impact time can be considered equal to the period of natural oscillations  

T = 2π /ω. Substituting the value of the natural frequency, we obtain:
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These formulas show that the impact force Fmax depends on the speed of the 
impacting body, its mass, as well as on the mass and stiffness of the obstacle.

As we neglected the heat loss upon impact and assumed the complete tran-
sition of the kinetic energy of the impacted body to the potential energy of the 
obstacle deformation, then:

	 �
2 2

2 2
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where x is the displacement during structural deformation, and the right part is 
the potential energy of an elastically deformed body with stiffness K.

The maximum displacement (at the end of the deformation):

	 max
m vx v
K ω

= =  	 (4.42)

The expression for the maximum displacement and elastic force:

	 max max
vF K x K
ω

= ⋅ =  .	 (4.43)

Fig. 4.35. The main mode of structural deformation upon impact
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In the calculations of complex structures with distributed masses, deforma-

tions occur by the several forms (modes) of oscillations. The main mode of nat-
ural vibrations corresponds to the combination of the largest mass and element 
with the lowest stiffness in the structure. In the hydraulic press with a total mass 
of 4070 kg, the distribution of partial masses is as follows: 1) the left thrust – 
875 kg (22%); 2) the right thrust – 875 kg (22%); 3) upper beam with mechanisms 
of the protective casing – 2320 kg (56%). Given the above masses, the design can 
be considered three lumped masses, where the main mode of deformation is the 
inclination of the axial thrusts (to either side) when foundation bolts (4×M36) and 
fastening bolts (6×M24) on the upper beams are stretched, as the softest elastic 
couplings (Fig. 4.35).

The natural frequency of the main vibration mode depends on the compli-
ance of the bolts:

	 �
st b
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,	 (4.44)

where Est – is the modulus of elasticity of the bolts; Ab – the total bolts section; 
l – the deformable part of the bolt.

During vibrations (tilts) of the structure, four M36 foundation bolts and four 
M24 bolts of the upper beam are tensioned. For the parallel elastic bolts, their 
stiffness is summed up [327].

The main natural frequency of free vibration:
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where Ks – total stiffness of elastic bonds; Ms – the mass of structural parts oscillating 
in phase at a given frequency. The value of the fundamental frequency of the struc-
ture is Fs = 197 Hz. The period of natural vibrations of the structure is 1/Fs = 0.005 s.

On the front plates of the axial thrusts, there are 50 mm thick wooden linings. 
These pads reduce the likelihood of rebounding the caps upon impact, but they 
affect the structural strength only indirectly due to increasing time of impact. The 
impact force decreases due to less stiffness at a given location in the structure.

The results of calculating the impacts on axial thrust for the entire assort-
ment of tubes under test are shown in Figure 4.36. It is assumed that the worst 
case of failure is when the left cap is broken on the longest tube of 12.5 m. The 
indices on the graphs have the following meaning: 1 – the left side (impact by 



Dynamical models in condition monitoring and analysis of... 127

a cap); 2 – the right side (impact by tube + water + cap). The greatest force of im-
pact is produced by the right part (tube + water + cap), which has a larger mass 
than the left part (cap). The velocities are inversely proportional to the masses 
and depend on the distances from the thrusts. For example, disruption of the 
left cap from the tube D = 339.72 mm, h = 13.06 mm, L = 12.5 m, at a pressure 
P = 53.0 MPa causes a shock to the right support of the mass of the tube with 
water and cap m = 2420 kg at a speed of v0 = 46.9 m/s and force Fy2 = 2.243 × 107 N. 

Fig. 4.36. Impact force and speed on axial thrusts by the assortment of tubes

Fig. 4.37. Overloads on bolts M24 of upper beams fastening  
and basement bolts M36 of axial thrusts
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With such shock loads, the complete damping of the speed of the body requires 
a significant thickness of the sand layer (more than 1 m), although minimal im-
plementation costs. More effective is the filling of the free volume of the axial 
thrusts behind the steel plate with reinforced concrete with a layer thickness of 
at least 500 mm in the direction of the tube axis. Besides, an increase in the mass 
(inertia) of the axial thrusts by 2–3 times proportionally reduces their displace-
ments upon impact and, accordingly, the load on the bolted joints.

Overloading on the upper bolts M24 and basement bolts M36 are given in 
Figure 4.37.

A comparison of the maximum permissible bolt loads and the calculated ten-
sile and shear loads acting upon a minimum impact force of Fy = 1.5 × 106 N on 
the front plate of the thrusts shows that the bolts do not withstand the tensile and 
shear loads. At maximum loads up to Fy = 5.0 × 107 N, the bolts will not withstand 
the loads, and the thrusts cannot be restored by minor repairs.

Based on the results of the modelling, two options for press modernisation 
are proposed for different levels of working pressure. The first option (Fig. 4.38) 
assumes only axial thrust reinforcement, while the second option (Fig. 4.39) 
assumes full modernisation and additionally increases the productivity of the 

Fig. 4.38. Design option of the press for pressures up to 69 MPa

Fig. 4.39. Design option of the press for pressures up to 125 MPa
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press due to the mechanisation of manual operations and provides more safety 
conditions for workers.

Multi-disciplinary research is conducted including fluid dynamics, mechani-
cal shock and vibration, and materials penetration to estimate diverse impacts 
on the structure of high-pressure hydraulic press for tubes and screw thread caps 
quality testing [328]. The general recommendation for reducing dynamic loads 
on a structure is to keep the tube as close as possible to the protective casing and 
axial thrusts. On the other hand, some clearance is necessary to prevent exces-
sive pressure between the casing and the tube during the tube burst, which in-
creases the loads in the structure.

Despite existing uncertainty in the position of crack and fracture on the tube, 
the main deformation mode and the natural frequency (about 197 Hz) of the 
structure are determined making possible stress calculation without the finite-
element model.

The proposed holistic approach to strength capacity assessment under the 
action of a variety of different loading factors (lumped masses, pieces of frac-
tured metal, water jets) on the surrounding structure can be successfully applied 
to different industrial machines. For example, pipeline failure applications for 
the prediction of equipment and worker damage from high-pressure water and 
hydraulic oil impacts, as well as minerals bursts due to stress in the underground 
and open-pit mining areas.

4.3.2. Powered roof supports in underground longwall mining

The powered sections of hydraulic props are among the main mechanisms in the 
underground longwall mining complexes providing safe work of personnel and 
Longwall Top Coal Caving (LTCC) process efficiency (Fig. 4.40a). The design of hy-
draulic props requires two telescopic pistons for a wide range of serviced heights. 
The carrying capacity of everyone may reach 1000 t at a working pressure of 32–
45 MPa (Fig. 4.40b). Modern automation systems provide overall supervision and 
vertical or horizontal position control over the section consisting of hundreds of 
double-cylinder props. Numerical analyses are known in this domain directed on 
mechanical design optimisation to restrain severe loading [329–339] and hydrau-
lic system simulation [340–342] to reduce undesired dynamics.

Along with standard functions of pressure supply and redistribution for car-
rying capacity control in the whole section, every hydraulic cylinder is equipped 
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with a  safety valve, which should prevent overloading by releasing pressure 
above the pre-installed level. Nevertheless, the props frequently failed due to dy-
namic loading from the released rock blocks with unrecoverable damages like 
sealing leakages, and cylinder and piston deformations. Therefore, safety valves 
are subjected to intensive testing on special facilities to optimise hydraulics con-
trol [343, 344].

The maintenance of hydraulic systems and full replacement of failed cylin-
ders in underground mines require significant costs and cause long downtimes. 
The hidden damages of sealing in cylinders are difficult to detect but they lead to 
dangerous consequences due to load redistribution among neighbouring props 
and their overloading.

Testing of safety valves is conducted on the special rigs where a huge mass 
(about 20 t) falls from a certain height (up to 1.0 m) and imitates impact from 
the rock (Fig. 4.41a–c). The typical design of safety valves is represented in Fig-
ure 4.41d and its installation on the cylinder is shown in Figure 4.41e. Some ap-
proaches exist to reduce the dynamics of hydraulic systems: multi-plate valves 
[345], hydro-pneumatic accumulators [346], and two-stage valves [347]. For ex-

Fig. 4.40. (a) The principle of Longwall Top Coal Caving (LTCC) mining;  
(b) automated section of powered roof supports; (c) damaged hydraulic cylinder

(a)(a)

(b)(b) (c)(c)
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ample, the flow rate of two-stage valves from OSTROJ Company (Czech Republic) 
may reach 7000 L/min [348]. Fast inertial valves are proposed in [349] with a gen-
eral strategy of roof support adaptation to stochastic loading [350]. Summarising 
the aforementioned information, the following problems are encountered in the 
safety valves:

Fig. 4.41. Safety valve testing and fluid flow with different impact height:  
(a) – 0.3 m, (b) – 0.4 m, (c) – 0.5 m [343]; (d) design of a safety valve [40]:  
1 – round seal, 2 – connection stub, 3 – round piston seal, 4 – piston,  

5 – piston pressure plate, 6 – casing, 7 – spring, 8 – thrust plate,  
9 – adjustment screw; (e) hydraulic roof support: 1 – canopy, 2 – cylinders,  

3 – small section pipe, 4 – safety valve [342]

(a)(a) (b)(b) (c)(c) (d)(d) (e)(e)

Fig. 4.42. Model of hydraulic roof support
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•	 Not equivalence (15–20%) of applied load and internal pressure due to fric-

tion losses.
•	 Time pressure delay to applied dynamic load due to the limited speed of 

a fluid wave.
•	 Harsh working conditions (dust, humidity, temperature) and explosive lim-

itations.
•	 Deterioration of valve spring material due to fatigue over the operation pe-

riod.
The dynamical model of a hydraulic prop with a safety valve is developed us-

ing MATLAB Simulink software [351]. The model includes the following blocks: 
hydraulic cylinder, pump for pressure supply, safety valve with regulated open-

Fig. 4.43. Dynamical model of  
a hydro-mechanical system of roof support

Fig. 4.44. Simulation of load application to the hydraulic cylinder  
with the closed safety valve: (a) pressure; (b) zoomed pressure;  

(c) piston displacement
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ing time, impact load of falling mass, pipes for fluid delivery to a cylinder and 
exhaust pipe where the valve is installed (Fig. 4.42). Parameters of the safety 
valve and hydraulic cylinder are adjusted by data of the equipment supplier 
from work [343].

The test rig is simulated without the opening of the safety valve to determine 
the free oscillations frequency of the closed hydraulic system. For this case, the 
stiffness of the hydraulic spring in a cylinder is as:

	 � � � �
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,	 (4.46)

where E0 – fluid bulk modulus under normal conditions (includes air content, 
temperature and fluid pressure); A  – effective inner area of piston chamber;  
h(t) – a fluid height in the cylinder.

For double-acting telescopic cylinders, this formula is applied to every sec-
tion. The total stiffness of the cylinder includes deformations of the walls and 
piston rods [352]. A hydraulic spring with a certain test mass (20 t) constitutes 
a dynamical system with a variable stiffness (Fig. 4.43), and the frequency of the 
main vibration mode is about 200–300 Hz.

On the MATLAB Simulink model, the shock impact was applied without open-
ing the safety valve to verify the model by the natural frequency of oscillations. 
The results of such simulation are represented in Figure 4.44. A further analysis 
of this system is given in the section on its dynamics control.

4.4. Steel rolling mills

The different types of rolling mills for the production of steel strips, rods and 
tubes belong to the most dynamical large-scale industrial plants. A wide variety 
of driveline designs are formed by multistage gearboxes, pinion stands, universal 
spindles, switchable couplings and the huge number of rolling stands having 2, 
4, 6 and up to 20 rolls including compact rolling mills (blocks) with both vertical 
and horizontal rolls for wire and rod production.

Standard maintenance procedures usually implemented for the majority of ro-
tating machines (balancing, shaft alignment) are not applicable for rolling mills 
due to frequent changes in rolls and technological schedules. Harsh operating con-
ditions affect vibration parameters and diminish the implementation of standard 
diagnostics methods where loads and speeds are supposed to be stationary. That 
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makes it very important to understand the causes of different dynamic processes 
occurring under variable working conditions.

4.4.1. Drivelines of heavy hot rolling mills with gearboxes

The hot rolling mills constitute a  wide class of industrial machines used for 
large-size metal ingot deformation with a final product formed in heavy coils. 
Historically, they were first subjected to torque measurements and analysis of 
dynamical processes [353, 354]. The general models of nonlinear dynamical sys-
tems with clearances are represented in [355]. There are several main drivetrains 
types, which are shown in Figure 4.45.

The first type is primarily used in roughing stands and includes two motors, 
intermediate shafts and spindles for every work roll driving. The second type is 
used in finishing stands and includes one motor and pinion stand to split torque 
between the two driven rolls. Lastly, the third type is used in particular for wide 

Fig. 4.45. Different drives arrangement of rolling mills: (a) separated drivetrains;  
(b) drivetrain with a pinion stand; (c) geared drivetrain: 1 – rolled metal;  
2 – work roll; 3 – spindles; 4 – intermediate shaft (a) or pinion stand (b, c);  

5 – motor (a), motor coupling (b) or intermediate coupling (c);  
6 – motors (a, b) or gearbox (c); 7 – motor coupling; 8 – motor

(a)(a)

(b)(b)

(c)(c)
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strip heavy hot rolling mills and includes one or more gearboxes and pinion 
stands. The DC and AC speed-regulated electric drives are used.

Factors affecting gaps opening. Backlashes at both heads of spindles consti-
tute up to 70–80% of summary drivetrain wear. Gaps opening depends on the 
following factors:

•	 spindle rotation speed and inertial forces of elements;
•	 speed matching of rolls and incoming pieces of metal;
•	 tuning of spindle weight balancing unit;
•	 spindle angular position before the transient process;
•	 static and dynamic loads ratio.
Some of the above-mentioned factors could be controlled theoretically but 

not in practice due to the stochastic nature of the steel rolling process. Many 
studies are devoted to gearbox vibrations and dynamics due to teeth meshing in-
accuracy and related resonances. Universal joint kinematics is widely represent-
ed in the literature. However, the weight balancing units of rolling mill spindles 
have not been investigated concerning torsional vibration control.

The spindles with slipper pads (Fig. 4.46a), which always have certain wear 
of pads (Fig. 4.46b), are equipped with weight balancing units consisting of two 
springs fixed by screws at the bottom of supporting journal bearing (Fig. 4.46c). 
Since a compensation force depends on the work roll’s vertical position, which var-
ies with the roll’s diameter and strip reduction, the controlled hydraulic type units 
are also used but in a much smaller number of plants.

The stiffness of the weight balancing springs varies in the range of  
0.5–3.0 kN/mm (for both springs) and spindle weight is about 20–200 kN for 

Fig. 4.46. (a) Spindles with slipper pads; (b) wear of slipper pads; (c) weight balancing 
scheme: 1 – head of spindle; 2 – journal bearing; 3 – two balancing springs

(a)(a) (b)(b) (c)(c)
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the different drivelines. Hence, to balance the spindle by 5% of its weight, the 
spring position has to be regulated by the screws with an accuracy of 1–2 mm. 
It is difficult to satisfy in the maintenance period and impossible during the op-
eration, which leads to unavoidable gap opening twice per spindle rotation be-
fore every loading. The universal cardan joints are effective but seldom used. 
The gap depends on friction in the bearings of the pinion stand and gearbox. 
It opens if a dynamic load exceeds the static load. Besides angular backlashes, 
there are radial clearances due to wear in the bearings. When the gravity and tan-
gent force have opposite directions in a gearbox, the radial clearances play the 
same role as the angular backlashes during transient torsional vibrations. The 
tangent forces lift gear shafts from its idle position. One stage gearbox will pro-
duce a higher response at the exit wheel bearings. The stages gearbox will show 
higher transient vibration at the middle gear block. An increased shock vibration 
causes fixing screws’ plastic deformation and requires frequent maintenance to 
avoid cracks at the edges of the tooth. Therefore, methods of torsional vibration 
reduction are required to eliminate all gaps in the driveline before the load is  
applied.

Natural modes of torsional vibrations. Drivetrain layout and nominal torques 
determine shaft diameters, inertial moments of rotating bodies and gearbox ra-
tios. Dynamics simulation has been fulfilled for TAF estimation in the drivetrains. 
Backlashes nonlinearity has been taken into account by the usual logical condi-
tions during simulation.

Table 4.7. Natural modes frequencies (Hz) of torsional vibration and gearbox ratios

Mode No. Stand 0 Stand 1 Stand 2 Stand 3 Stand 4

1 13 14 11 12 12

2 28 22 18 17 15

3 32 27 23 20 20

4 44 30 27 30 34

5 75 63 52 35 55

6 111 84 66 81 81

7 121 166 124 82 –

8 196 – – – –

Gearbox ratio 23.92 19.26 19.54 10.11 7.36
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The natural frequencies of the torsional vibrations are represented in Ta-

ble 4.7 for the five different drivetrains of a continuous hot rolling mill. Stand 0 
has two 1-stage gearboxes. Stands 1, 2, and 3 have a 2-stage gearbox and stand 4 
has a 1-stage gearbox. Regardless of design, the lowest natural frequencies lay in 
the narrow range of 10–30 Hz.

The calculation scheme of the drivetrain with two gearboxes (Stand 0 in Ta-
ble 4.7) is shown in Figure 4.47, which is investigated in detail.

The two lowest modes usually give the most contribution to TAF value, 
which is almost equal for all couplings without gearboxes. However, for geared 
drivetrains, TAF may be much higher for different elements along a drivetrain 
(Fig. 4.48), especially when backlashes exist.

Fig. 4.47. Drivetrain calculation scheme (Stand 0)

Fig. 4.48. (a) Variation of the TAF; (b) peak torque Tmax along a drivetrain  
in Figure 4.47 under conditions of backlashes in both spindles  

(δ68 = δ79 = 0.000 – 0.012 rad): 1 – motor current, 2 – K12, 3 – K23, 4 – K34,  
5 – K45, 6 – K56, 7 – K67, 8 – K68, 9 – K79

(a)(a) (b)(b)
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The lower and upper lines in the graphs correspond to both spindles’ summary 
angular backlashes variation from zero to 0.012 rad with 0.002 rad step, respective-
ly. Despite maximum angular backlash in the spindles (8, 9), their TAF and peak 
torque are less than in the intermediate shaft (6) and pinion stand (7). Torque am-
plitude transfer functions W34 (f) and W68 (f) from rolls (input) to corresponding 
couplings (output) are shown in Figure 4.49 and used for drivetrain modal analysis.

The transient torques M34 and M68 are simulated in a time domain and shown 
in Figure 4.50. It can be seen that the first torsional mode (13 Hz) is most im-
portant in K34 coupling (intermediate shaft between two gearboxes) but the third 
mode (32 Hz) plays a more important role in K68 coupling (lower spindle). There-
fore, TAF distribution is so uneven in the drivetrains with gearboxes. It depends 

Fig. 4.49. Amplitude-frequency diagrams (FRF) for different points in the drivetrain:  
(a) shaft between gearboxes – K34; (b) lower spindle – K68

Fig. 4.50. Transient torques in the drivetrain:  
(a) M34 – intermediate shaft; (b) M68 – lower spindle

(a)(a)

(a)(a)

(b)(b)

(b)(b)
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on the distribution of modal nodes. Usually, the main modes have nodes close to 
motor and gearboxes with a large rotating inertia.

The transient process in the dynamic system depends on many factors: spring-
mass parameters, time of load increasing, backlashes opened gaps, and motor 
speed control algorithm. As a rule, the spring-mass parameters are not available for 
modification in industrial machines. In some cases, elastic couplings are available 
for natural frequency tuning. The time of rolling torque rising may be controlled 
with less effect. Therefore, motor speed is the most suitable method to control tor-
sional dynamics in practice. To reduce angular backlashes, different electromag-
netic or other types of braking devices for end mass stopping before the loading 
are developed but are not always applicable in industrial machines.

4.4.2. Compact wire and rod rolling mill with a changeable structure

A comprehensive analysis of the design and dynamics of a high-speed Reducing 
Sizing Mill (RSM) is conducted. Modal analysis is implemented for multistage 
gearboxes with a changeable structure based on Frequency Response Functions 
(FRF). Natural modes of torsional vibration in the neighbouring stands are deter-
mined with the out-of-phase oscillations of rolls [356].

Design of driveline with changeable structure. The first two pairs of RSM 
rolls form the reducing mill; the last two pairs are the sizing mill (Fig. 4.51). The 
mill is designed for a speed of 120 m/s, while the working rolling speed is be-
low 100 m/s. To provide a higher rolling speed, RSM has a compact design with 
a 150–250 mm distance between pairs of rolls (stands) and hydraulic units for 
adjusting the rolling line.

The RSM of Morgan type contains four cantilever pairs of rolls, inclined at 
the angle of 90° to each other (no-twist scheme). The standard groove system is 
used “oval-round-round-round” for high accuracy of products. The RSM is driven 
by an AC electric motor and multi-stage gearbox, which has 9 servo drives based 
clutches. When rolling different products, an operator can switch the clutches to 
satisfy technology requirements on roll gaps and to ensure minimum tensions 
in RSM that provide better geometry of the final product. On the other side, this 
useful feature adds more complications to the dynamic analysis of RSM.

According to the data of the RSM manufacturer, the design of switchable 
clutches has the view shown in Figure 4.52a. The outer yoke, moving along the 
shaft, closes one of the gears or disconnects both couplings from the shaft. Each 
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state corresponds to certain power flows shown in Figure 4.52b as an example of 
stage D. In this stage, the intermediate shaft (gears G3–G6) is on the left and not 
between the drive shafts (gears G1-G4 and G2–G5) like in the other stages.

The correspondence of the RSM clutches positions and transmission ratios 
for each stage of gearbox is presented in Table 4.8. The positions of the clutches 

Fig. 4.51. Structure of the RSM drive and locations of gearbox ratio control clutches (⊕)

Fig. 4.52. (a) Design of the switchable clutch; (b) power flows when switching clutches

(a)(a) (b)(b)
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are indicated as follows: A – gear is activated to the side of the roll; B – gear is 
switched to the motor side; N – clutch is disconnected. In even stands 2 and 4, 
there is a direct transfer of the torque after stages C and D (ratio = 1), and in odd 
stands 1 and 3 the speed of the spindles decreases (ratio < 1). Stage B is up, C and 
D down, and stage A can be either down or up in the unbranched part of the 
transmission for all four stands.

Gear ratios of spindles/rolls remain constant: stand 1 – 2.1715; stand 2 – 2.4474; 
stand 3 – 3.9193; stand 4 – 3.9193. For example, for a final size of rod 4.5 mm A = 1, 

Table 4.8. States of gearbox servo clutches and speed ratios in the stands

No.
State of  
stage А

Pos. of 
clutch #1

Pos. of 
clutch #2

Pos. of 
clutch #3

Ratio  
motor / output А

1 1 N N A 0.3655

2 2 А N N 0.7292

3 3 N N B 1.1981

4 4 N A N 2.3900

State of  
stage B

Pos. of 
clutch #4

Pos. of  
clutch #5

Ratio  
input B / input C

Ratio 
input B / input D

5 1 B A 1.2553 1.3095

6 2 B B 1.2553 1.3721

7 3 A A 1.1458 1.3095

8 4 A B 1.1458 1.3721

State of  
stage C

Pos. of  
clutch #6

Pos. of  
clutch #7

Ratio 
inputС / stand 1

Ratio 
input С / stand 2

9 1 B A 0.9765 1.0

10 2 B B 0.9355 1.0

11 3 A A 0.9033 1.0

12 4 A B 0.8654 1.0

State of  
stage D

Pos. of  
clutch #8

Pos. of  
clutch #9

Ratio 
input D / stand 3

Ratio 
input D / stand 4

13 1 B B 0.9333 1.0

14 2 A A 0.9149 1.0

15 3 В А 0.9556 1.0

16 4 А В 0.8936 1.0
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B = 3, C = 4, D = 3 and the total gear ratio of the gearbox: i = (motor/in. B) × (in. B/
in. C) × (in. C/spindle) = 0.3655 × 1.1458 × 0.8654 = 0.3624. Then i value is multi-
plied by the constant spindles/rolls ratio of stand 1 – i × 2.1715 = 0.7869. Having 
such an easily reconfigurable transmission, RSM provides technological flexibil-
ity for rolling passes designers of steel producers.

Dynamical model of gear driveline. In this research, an approach based on 
FRF is used to describe and study dynamic processes in RSM as a whole system 
of geared transmission and rolled material. The efficiency of methods in the fre-
quency domain depends on the correctness of calculation schemes and their pa-
rameter verification. The frequency range, depending on the tasks being solved, 
is limited to the highest frequency of the disturbance or to the maximum consid-
ered natural frequency of the system. There are several criteria for assessing the 
optimal range of natural frequencies when modelling dynamics in mechanical 
systems. The errors of transition from a system with distributed parameters, as 
the most accurate, to a simplified model with discrete masses, are determined. 
For example, for five masses, the error (as the ratio of frequencies) is from 10% 
for the first mode to 60% for the fifth mode. The optimal range of natural frequen-
cies of the torsional system can be estimated by the ratio of the amplitudes of the 
maximum and minimum components, which should be less than 10. The same 
rule is for the ratio of the highest and lowest natural frequencies. If this number 
is larger, the natural frequencies and modes need reconsidering. This criterion 
is also used for reducing the masses of the dynamic model. With a much smaller 
unit of the ratio of the maximum natural frequency to the partial frequency of 
a certain mass, it can be excluded.

The standard reasons for the vibration increase in the high-speed RSM that 
affect the accuracy of the rolled material are the following: eccentricities of 
work rolls; imbalance of parts of the driveline; misalignment of shafts due to 
wear of bearings and defects of installation; defects in couplings, gears and 
bearings. At the maximum operating speed, the frequency range of any dis-
turbances in RSM is limited to 1000 Hz. Based on this range of vibration, to 
analyse the influence of factors, the RSM model should include electric motors 
and gears as the lumped masses and intermediate shafts and geared coupling 
as elastic links.

The calculation diagram of the RSM torsional system model is shown in Fig-
ure 4.53, where the following components are taken as the individual masses: 
motor gears A, B, C and D of the gearbox and roll assemblies of stands 1–3.



Dynamical models in condition monitoring and analysis of... 143

The following components are taken as elastic links: a motor shaft, transition 
gears of stages A, B, C and also spindles of rolls. As the external torques of the 
load, the moment of the drive M1 and four moments of rolling in the stands M6–
M9 are taken. In the driveline model, the upper and lower rolls are considered 
together, closed on the rolled metal. The calculated values of the dynamic model 
parameters Ji, Kij are given in Table 4.9.

The systems of differential equations of the RSM model are composed of ab-
solute angles of lumped masses oscillation: 

Fig. 4.53. Calculation scheme of RSM drive dynamical model

Table 4.9. Parameters of calculation scheme

Parameter Description Value Units

J1 Inertia of electric motor 3 × 103 kg m2

J2 Inertia of stage A 0.5 × 103 kg m2

J3 Inertia of stage B 0.5 × 103 kg m2

J4, J5 Inertia of stages C, D 0.4 × 103 kg m2

J6, J7 Inertia of stands 1, 2 0.2 × 103 kg m2

J8, J9 Inertia of stands 3, 4 0.1 × 103 kg m2

K12 Stiffness of motor shaft 5.1 × 105 N m/rad

K 23 Stiffness between stages A-B 5.0 × 105 N m/rad

K 34, K 35 Stiffness between stages B-C, B-D 7.9 × 104 N m/rad

K 46, K 47 Stiffness of spindles in stands 1, 2 7.1 × 103 N m/rad

K 58, K 59 Stiffness of spindles in stands 3, 4 5.2 × 103 N m/rad
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and relative angles of deformation in the shafts and couplings:
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where Ji – moments of inertia of concentrated masses; φi – absolute angles of ro-
tation of the masses; φij – relative twisting angles of the elastic links (shafts); M1 – 
electric motor torque; M6...M9 – moments of load on the rolls; Mij = Kij (φi – φj) are 
the moments of elastic forces. Each equation in the first system (4.47) describes 
the angular motions of one mass, and the second system (4.48) corresponds to 
one elastic link of a partial system (two masses on intermediate stiffness). The 
system (4.47) is used to calculate the natural frequencies and modes, and the 
system (4.48) is for calculation the FRFs of the drivetrain. Amplitude and phase 
functions of frequency in the stands of RSM are shown in Figure 4.54 (stands 1–2, 
3–4 are similar).

Modal analysis of torsional vibrations. The developer of RSM (Morgan) deter-
mined the frequency of the main natural mode of torsional vibration as 19.6 Hz. 
Its node (maximum torque) is located between the motor and gearbox, which is 
characteristic of many other rolling mills due to the large inertia of electric drive. 
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The frequency of the main mode, although it is low enough for a highly efficient 
drive system, should not cause any problems, as this is taken into account in the 
design of the electric drive speed controller. A notch filter within the frequency 
range of 15–25 Hz is provided to attenuate at least 4 times (12 dB) and to avoid any 
tendency of the system to oscillate at the main mode frequency. Above the main 
frequency range, oscillations can occur at higher natural frequencies, which will 
not affect the speed controller, as they are beyond the cut-off frequency of the 
filter.

Due to the large scatter of the moments of inertia in the RSM gearbox, the 
drive speed regulator is set to the minimum of 4 different gear ratios ranging 
from minimum to maximum. The setup parameters of the speed regulator are 
stored and automatically assigned when a certain gear ratio is selected by the 
mill operator.

The values of the four lower frequencies given by the manufacturer of the 
RSM:

19.6  22.2  27.6  34.3 (Hz).
The average values of the natural frequencies calculated by the model:
19  20  30  36  93  116  141  279 (Hz).

Fig. 4.54. Amplitude and phase FRF diagrams in the stands of RSM
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Deviations of the calculated values of frequencies do not exceed 10%. The 
values of the first four natural frequencies of the torsion system, given by the 
manufacturer, appear to correspond to their average values since the specified 
frequency range of the notch filter for suppression in the control system of the 
lower frequency is 15–25 Hz.

According to the phase frequency functions of the drive, the modes of the rolls’ 
oscillation in the RSM stands are determined. The calculated values are given in 
Table 4.10 for a gearbox setup for 4.5 mm of output product diameter rolling.

An increase in the amplitude of tension oscillations should be expected in 
those interstand gaps and at those frequencies where the out-of-phase torsional 
vibrations of the rolls are observed. Such combinations of the phases of oscil-
lations of the rolls are outlined in the table, which corresponds to the vibration 
nodes, i.e. the places of transition amplitude through zero.

At frequencies of 20 and 116 Hz, we should expect an increase in tension os-
cillations in the pair of stands 2–3, at a frequency of 30 Hz – in a pair of stands 
1–2, and at a frequency of 36 Hz – in pairs 3–4. Since the first four frequencies 
have similar values, the whole range of 20–35 Hz should be considered unfavour-
able from the viewpoint of interstand dynamical interaction. In addition, it cov-
ers the range of possible frequencies of the motor rotation 14.2–28.3 Hz. At the 
remaining natural frequencies, the oscillations of the rolls occur in all the stands 
in phase.

Table 4.10. Modes of RSM drive torsional vibrations

Natural frequencies (Hz)

Masses 19 20 30 36 93 116 141 279

J1 (motor) –0.166 –0.006 0 0 –0.020 0.010 0.013 –0.006

J 2 (stage А) 0.056 –0.002 0 0 0.283 –0.233 –0.436 0.866

J 3 (stage В) 0.028 0.002 0 0 0.440 –0.324 –0.517 –0.498

J 4 (stage С) 0.243 0.327 0 0 0.797 0.718 0.295 0.038

J 5 (stage D) 0.333 –0.185 0 0 0.263 –0.560 0.671 0.040

J 6 (stand 1) 0.420 0.597 0.861 0 –0.092 –0.051 –0.014 0

J 7 (stand 2) 0.420 0.597 –0.508 0 –0.092 –0.051 –0.014 0

J 8 (stand 3) 0.472 –0.270 0 0.738 –0.046 0.058 –0.046 –0.001

J 9 (stand 4) 0.472 –0.270 0 –0.674 –0.046 0.058 –0.046 –0.001
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The same behaviour is throughout the entire range of gear ratios. Under tran-
sition from 13.5 to 14 mm of rod size, another out-of-phase waveform appears at 
frequencies of 92–103 Hz between the stands of No. 2 and 3 but it has an opposite 
sign with the mode at frequencies of 116–127 Hz. Therefore, it is compensated 
for in these stands.

The control of the entire range of total motor/rolls ratios in the ranges 0.1572–
1.2173 (reducing stand) and 0.0778–0.5330 (sizing stand) causes changes in the 
moments of inertia, reduced to the motor shaft speed, within the 316–2195 kg/m2 
range. Correspondingly, the natural frequencies of the torsion system and the res-
onant speed ranges where the vibration amplification is possible and the reduction 
of the quality of rolled products in geometric dimensions will be decreased.

The influence evaluated of different stages ratios in the gearbox on the am-
plitudes of the torsional vibrations of the rolls in the RSM and the correspond-
ing oscillations of interstand tensions. The gear ratios of the input and output 
stands and the states (1, 2, 3, 4) of each gear stage (A, B, C, D) are indicated in 

Fig. 4.55. Scattering of FRF in stands 1–2 and 3–4  
for the different setups of RSM gearbox ratios
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Table 4.8. For the two reducing stands (1, 2), AB-C ratios play the role, and for 
the two sizing stands (3, 4) AB-D plays the role. The first four natural frequencies 
in the range 19...45 Hz almost do not change (Fig. 4.55) for different switching 
clutches setups (curves 1–16 in the graphs correspond to positions of clutches in 
Table 4.8).

Initially, the RSM drive has the structural heterogeneity of the first two re-
ducing stands (1, 2) compared with the last two sizing stands (3, 4). Stage C of the 
gearbox of stands 1 and 2 has larger gears and spindle diameters in comparison 
with stage D of stands 3 and 4. However, these drive branches correspond to close 
natural frequencies that cause the beating of torsional vibrations in the drive.

With an increase in the output section of the rod, the lowest mode frequency 
(19 Hz) (Fig. 4.56) drifts at 7.5–8.1, 9.5–10, and 14–14.5 mm, as well as the third 
(30 Hz) and fourth (36 Hz) modes frequencies in the range of 18–19 mm. Higher 
frequencies are monotonous, and there is no phase change on a different assort-
ment in these modes of oscillation.

Due to the change in the deformation parameters in the stands when rolling 
rods of various diameters, it is impossible to ensure the required zero level of 
tension for the entire size range of the mill. Therefore, some gear ratios in the 
RSM stands, ensuring rolling without longitudinal forces, are not the same for 
different diameters of the wire and rod.

A rational number of gear ratios for the entire dimensions can be selected for 
the diameter, the production volume of which is the largest, or for each stand are 

Fig. 4.56. Changing the natural frequencies (F1–F8)  
of the RSM drivetrain by the rolled rod diameter
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selected as weighted averages, taking into account the design production volume 
of wire rod of each diameter. The operation of the RSM with such gear ratios 
will have significant technological advantages in comparison with the existing 
values. The most unfavourable, from a dynamic point of view, combinations of 
gear ratios in the RSM steps, at which the amplitudes of the torsional vibrations 
modes are out-of-phase on the rolls and, accordingly, the deviations of the ten-
sions between adjacent stands, are maximal.

Elastic properties of thin rods between the stands have insignificant effects 
on the natural frequencies of torsional vibrations. Therefore, this component is 
not included in the modal analysis. However, dynamic processes in individual 
stands may have an effect on axial oscillations in the rod and maximum rolling 
speed, since perturbations lead to fluctuations in the interstand tensions.

Parametric oscillations of the rolled rod. The rising output speed of RSM up 
to 120–140 m/s is accompanied by increasing vibration amplitudes and frequent 
cases of “cobbling” when material loses axial stability and an uncontrolled grow-
ing loop is quickly accumulated inside the closed space of RSM housing. This 
phenomenon is observed in any RSM, i.e. steel producers have certain techno-
logical limits restricting overall plant productivity.

The modal analysis of the geared driveline of four stands showed that out-
of-phase torsional oscillations of rolls exist for certain natural frequencies in 
the neighbouring stands of RSM and constitute the triggering mechanism of 
rolled material instability. Parametric oscillations of rolled metal are supposed 
to be the most probable mechanism of instability. Therefore, research is di-
rected to the analysis of the torsional vibrations effect on the axial vibrations of  
the rod.

The parametric oscillations were previously considered concerning the axial-
ly moving strip [357,358], universal joints of spindles, gearbox meshing stiffness 

Fig. 4.57. Calculation scheme of rod vibrations between neighbouring stands  
under the action of a longitudinal periodic force
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variation, and cold rolling mills chatter [359]. Vibrations of a rod in the interstand 
spaces were investigated and it was proposed to stabilize the rolling mill to use 
not only the deflection of the rod loop but also the frequency of transverse vibra-
tions [360]. However, in modern solutions for high-speed wire and rod rolling 
[361, 362], this factor is not considered.

The calculation scheme of rod oscillations with linear mass m and hinged 
clamping of the ends on the fixed supports is presented in Figure 4.57. It is known 
that if under the action of a static longitudinal load, a loss of static stability hap-
pens, then under the action of a vibration load of the same kind, the loss of dy-
namic stability of rods is possible. Such a load is called parametric, and the result 
of its action may be parametric resonance. Periodic axial load excites transverse 
vibrations and deflection of the rod y(x).

The condition for violation of the stability of high-speed rolling is the loss 
of longitudinal stability of the rod under the action of compressive stresses. 
Depending on the accepted conditions of embedding at the ends of the roll, 
as a rod in the interspace, the natural frequency depends on the ratio of the 
equivalent compressive stress and the critical Euler voltage, at which the rod 
loses stability.

Static critical stress and deflection by the first mode for rigid clamping of the 
rod ends:
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The same for the hinged rod:
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where E – Young’s modulus; F – section; J – moment of inertia; ρ – material densi-
ty; l – length of rod. It turns out that for the hypothesis of rigid embedding of the 
ends of the rod by rolls of adjacent stands, the critical stress before a loss of sta-
bility is 4 times more, and the allowed deflection is 5 times less than for a hinged 
rod. Considering the rolls’ rotation in the adjacent stands, the hinged fixing of the 
rod ends looks more acceptable.

If the value of the critical stress exceeds the limit of proportionality of the 
material of the rod, then the loss of stability occurs in the zone of plastic defor-
mations. In this case, instead of Young’s modulus, the Engesser–Karman modu-
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lus is used, which characterizes the relationship between the deformations and 
stresses beyond the elastic deformation limits. During the hot rolling with rod 
temperature of about 1000°C, metal modulus E = 1.0×109 MPa.

The effect of tension forces in the rod on the dynamic stability of the roll-
ing process was evaluated. In the existing design of the RSM, the roller shaft, 
although cantilevered, is rather rigid; therefore, they are considered stationary 
in the vertical direction. In such a formulation, only the axial component of the 
periodic tension or friction force in the rolls P0 can create an external dynamic 
effect. Periodically varying axial force can influence transverse oscillations due 
to parametric oscillations and loss of rod stability.

When determining the parameters of the calculation scheme in Figure 4.57, 
it is assumed that the rod has a constant cross-section for a certain rolling sched-
ule, and therefore a constant linear mass m and its bending stiffness K relative to 
the central axis of the cross-section is constant and is determined as:
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where E is the modulus of elasticity of the rod (taking into account the tempera-
ture); Jy and Jz are the main moments of the rod along two axes (for an oval sec-
tion). In the rolling process, due to external disturbances, the axial component 
of the tension force P0 receives a periodic increment: P(t) = P0 cosΘt, where Θ is 
the oscillation frequency. Then, taking into account the inertial forces arising 
from the oscillations of a weighty rod with mass m, the differential equation of 
transverse vibrations of a rod has the form:
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The partial derivatives in the previous equation are denoted as:
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Then the expression (4.52) takes the form:

	 ( )IV II
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The solution of a partial differential equation of the form (4.54) is in the form:
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k xy x t f x
l

=  .	 (4.55)

After substituting the solution (4.55), equation (4.54) can be represented as:
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force of order k for a hinge rod.
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Then, taking into account (4.57) and (4.58), equation (4.56), for the first mode 
of dynamic instability, is reduced to the form:

	 ( )II 2 1 2 cos 0f ω μ Θt f+ ⋅ − ⋅ ⋅ =  .	 (4.59)

An equation of this type is known as the Mathieu equation. In a more general 
form for a function F(t) of any kind of periodic change in the load, it is known as 
the Hill equation:
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One of the main properties of these equations is the presence of dynamic 
instability regions, which arise at certain ratios between the parameters of the 
system 

( )( )II 2 1 2 0f ω μ F t f+ ⋅ − ⋅ ⋅ =  

 

 

kω   and µ when the equation has unlimitedly increasing solutions, that is, 
concerning elastic systems, parametric resonance can occur. The boundaries of 
the first domain for the equation are determined by the expression:
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The upper and lower bounds of the second region are determined by depen-

dencies.
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The boundaries of the third region are determined by the expression:
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The diagram of the first three regions of dynamic instability is shown in Fig-
ure 4.58. The first (main) region of instability is the most dangerous. The regions 
of dynamic instability for lower frequencies usually degenerate into “skeletal” 
lines. At unfavourable ratios between the parameters Θ/2

( )( )II 2 1 2 0f ω μ F t f+ ⋅ − ⋅ ⋅ =  

 

 

kω   and μ, when the op-
erating point of the system falls into the shaded areas, a resonant increase in 
the transverse displacements of the rod occurs and the tension forces in the in-
ter-stand spacing of the RSM begin to increase. In this case, the value Θ is the fre-
quency (rad–1), and 2μ is relative amplitude, one of the modes of natural torsional 
vibrations of the drive and rolls in the adjacent stands of the RSM. The value 

( )( )II 2 1 2 0f ω μ F t f+ ⋅ − ⋅ ⋅ =  

 

 

kω   is 
the natural frequency of the transverse oscillations of the roll, as a weighty rod.

The rod length between the rolls of RSM: stands 1–2 – 820 (mm); stands 2–3 – 
852 (mm); stands 3–4 – 290 (mm). For certain rod dimensions, the two stands of the 
RSM are out of work, and then the distances between the corresponding stands 
are summed. At the maximum values of the longitudinal stresses in the rod of 8 
MPa (N/mm2), the frequencies of transverse oscillations are as follows: stands 1–2 
– 19.5...13.8 (Hz); stands 2–3 – 18.9...13.4 (Hz); stands 3–4 – 55.4...39.2 (Hz).

The calculated frequencies of transverse oscillations of the metal appear with-
in the range of natural frequencies of torsional vibrations of the RSM drive. Ac-
tual frequencies will decrease in the relative range of 1…0.707 ( ) depending 
on the heating temperature of the metal (up to 950…1000°С), since reduced mod-
ulus of elasticity of the metal. The obtained dependences between the geometry 
of the rod (Jy and Jz), the frequencies and amplitudes of the torsional vibrations 
of the drive, as well as the heating temperature, make it possible to calculate in 
advance possible areas of instability using RSM stands depending on its setting 
for rolling each type of range. The influence of damping due to elastic-plastic 
deformation of the rod between the stands on the stability of oscillations during 
rolling was neglected. In theory, damping narrows the areas of instability, and 
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resonance occurs at greater values of the amplitude of the external action. In 
general, linear damping cannot eliminate parametric resonance.

Simulation of impulsive disturbances. Impacts at the entrance of the RSM are 
represented by the step-up torque on the rolls in stand 1. The pulse durations 
vary in the range of 0.001–0.010 s, which corresponds to the defect on the rod 
at a speed of 110 m/s. The delays of rod transportation between the stands are 
0.003–0.01 s. The synchronous and out-of-phase oscillations in the drivelines of 
neighbouring stands are shown in Figure 4.59.

Fig. 4.58. Areas (1–3) of the dynamic instability of rod vibrations  
with hinged clamping of the ends in the rolls of neighbouring stands

Fig. 4.59. Oscillations of: (a) torques; (b) roll speed in the neighbouring stands

(a)(a)

(b)(b)
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At long duration (low frequency) of disturbances, the higher natural frequen-
cies about 100 and 150 Hz practically do not manifest themselves (Fig. 4.60). As 
the frequency of a pulsed disturbance increases (duration decreases), the vibra-
tion modes associated with these natural frequencies and localized in gear stages 
C and D become noticeable in transients even at a disturbance amplitude of only 
1% of the static rolling moment.

Oscillations of interstand tensions. The calculation of the tensions during the 
mismatch of the frequency and phase of roll oscillations in the adjacent stands 
is calculated as:

	 ( )0 1ij ij ij
i j

ij

dT E S
v v

dt L
⋅

= ⋅ −  ,	 (4.64)

where E – modulus of elasticity; S – rod section; L – interstand distance; vi
0, vj

0 – 
entry and exit speed of rod in the neighbouring stands i and j.

Under combinations of vibration parameters (amplitude, frequency, phase) 
in two stands (i is the next, j is the previous one), the rod speed is specified as:

	 ( ) ( )0
0 sin 1 1 πi i ωv v R A α ω t β = + ⋅ ⋅ − ⋅ ⋅ + − ⋅    ,	 (4.65)

	 ( )1
0 sinj j ωv v R A ω t= + ⋅ ⋅ ⋅  , 	 (4.66)

where α, β (0...1) is the mismatch in frequency and phase in adjacent stands; 
Ri, Rj – rolls radii; Aω, ω is the amplitude and frequency (rad–1) of torsional vibra-
tions of the rolls.

The calculations are made for a 5.5 mm rod size, with appropriate RSM drive 
settings with the nominal diameters of the rolls in stands 1 and 2 – 228 mm, stands 

Fig. 4.60. Spectra of torques oscillations
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3 and 4 – 156 mm. Calculations with a nominal linear rolling speed of v = 110 m/s, 
the amplitude of rolls torsional oscillations Aω = 0.03 rad–1 and identical phases 
(β = 1) showed that with a frequency deviation of α = 0.1 in adjacent stands, the 
resulting tension is in the form of an amplitude-modulated signal (Fig. 4.61).

The alternating tension fluctuations can lead to the formation of a  loop. 
A  smaller mismatch (closer frequencies) leads to a  longer beating period 
Tbeat = 1 /  (F2 – F1), which in the case of long duration can look like a random 
variation of technological factors. During high-speed rolling, the integration of 
the difference in rolls’ instantaneous speeds and the increase in tension forc-
es between the stands occur very quickly, until the rolls completely slip or the 
rod breaks in the stands. Given the dense spectrum of the natural frequencies 
of the RSM drive in the range of up to 60 Hz, we can expect an increased effect 
of torsional vibrations through tensions with amplitude modulation periods of  
3–5 Hz.

The average tension between the last stands 3–4 remained unchanged be-
cause rolls fluctuated synchronously (Fig. 4.62). In these stands the disturbance 

Fig. 4.61. Tension fluctuations between stands 1–2 with the frequency mismatch:  
(a) α = 0.1, (b) α = 0.01

(a)(a) (b)(b)

Fig. 4.62. The synchronous rolls’ vibration  
with a constant average speed in stands 3 and 4
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was no longer from the rolls, but from the unbranched part of the drive (stages A, 
D), as a delayed reaction to the disturbance from the rolls in stand 1.

In this case, the beats were caused by the difference in the parameters of the 
drive branches in stage D. This is confirmed by the presence of a certain delay of 
the reaction from the moment of time t = 0.1 (s) of the application of a load impulse 
in stand 1 and another beat frequency (4 Hz instead of 3 Hz). Fluctuations of mo-
ments of elasticity between the engine and stage A, between stages A and D occur 
in the same phase.

All branched parts of the gearbox exhibit nonsynchronous (out-of-phase) 
oscillations with amplitudes proportional to the magnitude of the disturbance, 
which at small load moments and large amplitudes of torsional vibrations can 
lead to the opening of gaps and subsequent amplification of vibration in the gears 
of the RSM stages. Simulation of disturbances from the engine, for example, by 
applying a step change in the rotational speed reference causes oscillations in 
the entire gearbox only at the fundamental natural mode frequency of 20 Hz.

The RSM drive was modelled in absolute angles of rotation of the lumped 
masses. When even a minimum attenuation coefficient of about 0.001–0.0001 is 
introduced into the model for all the masses of the drive, the transient processes 
decayed.

The influence of tensions on friction. Tensions influence the friction in the de-
formation zone of the adjacent stands. To determine the friction coefficient in the 
deformation zone, taking into account the obtained on the model amplitudes of the 
torsional vibrations of the rolls and the tension oscillations, the earlier introduced 
“effective friction coefficient” is used. A common limitation of this earlier intro-
duced term is the absence of the formulas of frequency and phase of oscillations.

The deviations of the friction coefficient, calculated with the rolling force 
N = 50 kN, the corresponding cross-sectional areas and the deviations of the ten-

Table 4.11. Parameters of tension fluctuations and friction in the stands of RSM

Stands
Interstand 
distance,  

mm

Rod 
 stiffness,  

N m

Speed,  
m/s

Specific  
tension,  

MPa

Friction  
coefficient 
 deviation

1–2 820 3.86 × 106 85.216 ±3.3 ±0.0013

2–3 852 3.22 × 106 98.850 ±2.1 ±0.0018

3–4 290 8.83 × 106 105.769 ±6.5 ±0.0033
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sion forces in the stands are presented in Table 4.11. With an average value of the 
friction coefficient f = 0.20, its deviations are about 0.5%.

In practice, the influence of tension fluctuations on friction conditions during 
high-speed rolling can occur due to inertial forces, which at a cross-section of 
5.5 mm and a speed of 100 m/s will reach values of the order of 350 N (accelera-
tion 120 × 103 m/s2 and mass 2.917 × 10–3 kg in the deformation zone). Alternating 

Fig. 4.63. (a) Interface of RSM modelling system;  
(b) diagram of potential resonances

(a)(a)

(b)(b)
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forces will also depend on the section of the strip, and change in proportion to 
the fundamental mode frequency of vibration.

Since A = dν/dt = (ν0ω) sin(ωt), where ν0 is the amplitude of the vibration veloc-
ity obtained in the model calculations (±0.05 rad–1), ω is the natural frequency (up 
to 400 rad–1), which gives the amplitude of rod acceleration ±20 m/s2. For a metal 
mass of 0.2 kg and length of 0.852 m, the variable inertial force will be about 
±4 N, which is 2.5% of the total force in the range of 0–100 N from the steady-state 
value in the first stand of the RSM.

The tension signal is an informative parameter for diagnosing the stability of 
high-speed wire and rod rolling. It can be determined by the vibration sensors 
on the bearings of rolls, unlike torsional vibrations by the sensors on the shafts, 
which are not suitable for RSM. The developed dynamic model of the RSM can 
be efficiently used for determining the influence of the technical state of gearing 
(total wear, local defects) on a dynamic process and simplifies fault detection 
under the variable structure of the gearbox.

The RSM drive structure is constantly changing during operation. The soft-
ware has been developed for multivariate calculations for each rolled dimension 
of metal. The program interface is presented in Figure 4.63a. One of the software 
functions – the frequency diagram, which is shown in Figure 4.63b, where the 
vertical lines correspond to the natural frequencies, the horizontal lines repre-
sent the speeds in each stand, and the inclined lines correspond to some chosen 
kinematic frequencies of disturbances. The coincidence of the kinematic and 
natural frequencies determines the allowable ranges of the drive speed, which 
are indicated on the vertical scale. The user of the program (mill operator) selects 
the final size of the rod and the algorithm sets the necessary clutches (in yellow 
colour) to the active state, thereby changing the structure of the dynamic model. 
Then, the mill operator sets the operating speed of the mill and gets a complete 
picture of what is happening inside the block in the form of a kinematic diagram. 
Calculations of torsional vibrations are carried out in advance.

This software module can be integrated into the RSM control system as an 
advisor to mill operators, or for work in automatic mode to control the speed of 
the electric drive to reduce resonant vibrations during the rolling process.

Detection of instability in the RSM. In various places of the RSM drive a suffi-
cient number of vibration sensors are installed (Fig. 4.63a): stage A – 7, stage C – 6, 
stage D – 6, stand 1 – 5, stand 2 – 5, stand 3 – 8, stand 4 – 5, in total – 42 sensors. Due 
to the presence of sensors it is possible not only to diagnose the equipment but also 
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to perform mill control by predicting the onset of unstable conditions at elevated 
rolling speeds.

The amplitude of the vibration signal depends on the ratio of the support stiff-
ness, the sensitivity of the sensors (100 mV/g) and the amplitude of the tension 
fluctuations. With constant support stiffness and sensor parameters, the vibra-
tion signal in a given frequency range (20–40 Hz) will be proportional to the stan-
dard deviation of the tension force. The noise immunity of this tension diagnos-
tics method is ensured by the fact that all other kinematic sources of noise are far 
beyond the specified frequency range at speeds up to 110 m/s.

4.4.3. Tandem cold rolling mills

A detailed analysis of the specific phenomenon of chatter vibrations is repre-
sented, which occurs in all types of single-stand and multi-stand (tandem) cold 
rolling mills as well as in other industrial machines under certain conditions. 
These vibrations cause severe failures of mechanical parts or final product qual-
ity deterioration. Factors affecting the excitation and amplification of chatter vi-
brations as well as approaches to their modelling are considered and possible 
methods for their damping and control are discussed.

Factors of chatter vibrations excitation. The friction forces between the 
treating tools and material (including rolled strip) have a nonlinear relation with 
many factors: machine design, lubrication conditions, rotating speed and others. 
Such kind of instability is considered either as kinematically excited from the 
torsional system [363], self-excited [364–367] or parametrically excited by friction 
in the contact of rolls and strip.

Some of the authors pointed out that the chatter excitation is caused beyond 
the strip and work roll contact zone. Their investigations concern rolls, gears and 
other parts vibrations. They matched kinematic sources with the main frequen-
cy of chatter. It was stated that chatter marks on the rolls and strip are the result 
of resonance in the mill due to an integer number of defect wavelengths along 
the rolls’ circumference [368–371]. Other authors investigated frequencies of the 
elastic rolls and strip displacement as a possible source of chatter. They matched 
different system mode frequencies with the chatter frequency.

The electric drives and control system parameters are considered in [372] 
where the author builds a stable rolling area in the domain of the stand electrical 
drive parameters. The friction and slipping velocity relation linearization was ad-
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mitted. The electrical drive stability is discussed in [373]. Linear models and the 
transfer function method are frequently used for the complete mill dynamic de-
scription including drives and mill automatic control system, roll stack and strip 
in the tandem mill. However, these models do not allow chatter investigation for 
the real plant conditions as the friction in the contact zone is a nonlinear force.

The next group of studies concern the contact friction and emulsion instability 
as a source of vibrations [374, 375]. The authors in [376, 377] investigated the effect 
of the roll grinding process on the strip chatter marks and mill vibration. They 
showed the exact relation between usually invisible roll surface defects after grind-
ing and chatter vibrations in the rolling mills. Dampers and speed range control 
for grinding machines are proposed to avoid those causes of chatter. The authors 
in [378] and others describe the positive feedback in the linear system of the mill 
and tried to find a condition of the mill vibration self-excitation due to contact fric-
tion linearization.

For the mechanical systems dynamics description, the Lagrange method and 
equation is the most widely known approach. As considered, the relative slip-
ping appears during chatter between strip and rolls and it is necessary to assign 
the Raleigh dissipation function following the Lagrange method. This function 
should describe friction forces’ dependence on relative slipping velocity and al-
low the integration of the Lagrange equation. Usually, nonlinear formulas are 
used, which contain the drop zone incorrectly called “negative friction” by some 
authors. The well-known Van-der-Pole and Raleigh dissipation polynomial func-
tions describe non-damped self-excited vibrations.

The theoretical approach, which helps avoid the Raleigh function by using 
the movable system of coordinates, is described in [379, 380]. The energy balance 
method for the moving strip kinetic energy and distributed friction forces was 
used instead of the Lagrange equation. Strip tensions are taken into account. The 
nonlinear positive feedback as the cause of chatter was described and a method 
for model-based rolling mill control was proposed.

In the publications [381–388], authors have developed the models of chat-
ter. However, sophisticated nonlinear models need more accurate parameters. 
Firstly, there are no practical methods for online accurate determination of the 
analytical dissipation function in the rolling mills, especially for the different 
frequency ranges. Secondly, nonlinear models may give in reality unexpected 
results due to system bifurcations at the bound of stability as it concerns high-
speed rolling mills. The mentioned difficulties for deterministic models initiated 
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statistical approaches to chatter research. The chaotic oscillations models were 
proposed for chatter investigation because the rolling mills are the non-conser-
vative systems.

The early chatter detection is more developed in the metal treating ma-
chines control than in the rolling mills. There are some methods for chatter 
vibration prediction in drilling and cutting. The authors of work [389] used the 
ARMA (Auto Regression Moving Average) model and controller. The described 
real-time monitoring system determines the system damping factor and main 
mode frequency. The designed method was tested in the rig and showed well 
enough results in chatter forecasting (about 2 s before chatter onset). The 
neural networks were used to control driveline chatter vibrations. Some of 
the methods for avoiding chatter vibrations focus on clearances between mill 
housing and roll chocks and chatter detection based on monitoring of inter-
stand tension have been patented [390, 391]. Since the 1970s, some theoretical 
and experimental studies of the coupled dynamic processes in the drivelines 
and stands of the tandem cold rolling mills have been conducted and the main 
factors affecting chatter vibration were determined [392–396], which are re-
viewed further herein.

Torsional vibrations and load balance regulator. It was experimentally discov-
ered in every rolling mill that the roll’s eccentricity (preferably backup rolls) causes 
large (50–70%) torque variation and much less (35%) electrical drive current oscil-
lations when the speed was kept in the resonant ranges. The strip product and rolls 
in some cases were affected by chatter marks. Conditions for chatter appearance 
occur depending on average torque and speed, gear wear and drive load balance 
regulator settings. When the drive load for one roll is much less (by 20–30%) than 
for another roll, then gear couplings exhibit such shocks that the system becomes 
parametrically excited by the periodic changing of stiffness. The rubber spindle 
coupling was proposed to eliminate such vibration. Also, the load balance unit was 
corrected by feeding impact not only to the upper but to the lower drive, too. Such 
measures have effect only in transient periods of mill speed changing.

Rolls eccentricity compensation. Almost all modern systems of roll eccentric-
ity compensation do not take into account phase conditions in the neighbouring 
stands of tandem mills in the low-frequency range of backup rolls beating. They 
act independently in every stand taking as input the back tension signal in every 
stand and using Hydraulic Automatic Gauge Control (HAGC) cylinders for chang-
ing the rolling force. Chatter research in the 5-stand tandem mill showed that the 
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three middle stands 2, 3 and 4 demonstrate the same phase in the low-frequency 
range (2–4 Hz) of backup rolls beating. However, stand 5 shows out-of-phase os-
cillations in this range because of the stiffness compensation mode. Therefore, 
roll eccentricity compensation systems may affect 3rd octave chatter.

Rolls grinding operations. Periodic oscillations were discovered during the 
work rolls gritting operation. The unbalanced rotating drum caused periodic 
surface hardness and then chatter marks appeared on the work rolls. Gritting 
machine design (belt coupling and drum) was improved and chatter marks 
were eliminated.

The conducted measurements of vibration and technological parameters on 
the roll grinding machines (Fig. 4.64a) explained the causes of periodic defects 
(Fig. 4.64b).

Defects are induced in the contact between the grinding wheel and the treated 
backup roll when the machine is not equipped with the special control function, 
which provides compensation for the wheel diameter decreasing because of its 
wear in every pass. The research resulted in building regions of process stability 
on the diagram of wheel feed and grinding depth that allowed avoidance of addi-
tional excitation of chatter in the tandem mill due to hidden defects on the rolls.

Winding reel vibrations. In single-stand reversing mills, the coil beating 
compensation systems are installed. Unfortunately, the majority of other mills 
often demonstrate the interaction between the coils on the reels and the first or 
last stands. It mostly appears when the backup roll diameters in the last stand 
are equal to the coil diameter. When tension begins to oscillate with the backup 

Fig. 4.64. (a) Vibration measurements in two axes  
with accelerometers installed on the grinding wheel support;  
(b) diagnostics of hidden periodic defects on the backup roll

(a)(a) (b)(b)
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roll rotating frequency while the coil diameter gradually changes, the resonance 
appears. Another type of resonance in the temper mills involves reel driveline 
torsion oscillations with the natural frequencies or coil rotating frequency har-
monics. Time-frequency diagrams are the most suitable tools for long-term pro-
cess spectrum analysis in such cases. The two coils compared which were rolled 
in the tandem mill to the different winding reels (Fig. 4.65). One reel (No. 2) had 
problems with the coil supporting rollers. It was diagnosed successfully by the 
exit tension analysis in the last stand No. 5. Besides, approximately 1520% of the 
cases of chatter occurred under the constant mill speed at the end of coils when 
the coil and stand No. 5 backup rolls diameters became equal (about 1600 mm). 
Such cases were identified and tension oscillations were avoided due to mill 
speed control.

Cooling emulsion concentration and temperature. Lubricant degradation as 
a vibration source under high-duty conditions has been investigated by many 
authors. Narrow contacts (10–15) × (1000–2000) mm between strip and work rolls 
are the only places where the biggest part of power (up to 10 MW) from electric 
motors is being transferred by the friction to rolled metal for its elastic-plastic 
deformation. Therefore, even the smallest disturbance in contact friction condi-
tions under the high loads in stands (10–15 MN) may produce impulsive impacts 
with the wide band spectrum. Consequently, it excites the natural frequencies of 
the mill. The obvious methods for emulsion concentration control by the vibra-
tion signals in the stands were reported. Besides the very high cost of emulsion, 
the roll cooling system could not be able to vary concentration quickly (time 
of response is 20 min), so it cannot be used for fast chatter control. It has been 

Fig. 4.65. Time-frequency diagrams of the exit tension signal in stand No. 5  
of the tandem mill: (a) reel No. 1 in good condition; (b) reel No. 2 with defected rollers

(a)(a) (b)(b)
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shown by simulation and experiment that in tandem mill for two neighbouring 
stands there is an optimal friction factor for minimal susceptibility to chatter.

It was known that there is a possibility of self-excited vibrations initiation by 
periodical temperature changes in the contact zone during rolling. Emulsion tem-
perature may reach the upper limit of its destruction. Following the results of our 
analysis of emulsion, there is no evident relation between the emulsion type, its 
concentration and chatter occurrence in the tandem mill. Chatter is rather de-
pendent on backup roll defects, which greatly increase the vibration.

The dynamical model of the rolling stands. A 4-high stand (Fig. 4.66a) of tan-
dem cold rolling mill is considered in [397], which consists of massive cast hous-
ing, the top and bottom set of work rolls (WR) and backup rolls (BUR), placed with 
its necks into chocks with the roller bearings and hydrostatic sliding bearings, ac-
cordingly. The chocks are placed into the housing where side backlashes appear 
(designated as δ1 and δ2) because of removable flat liners deterioration. Therefore, 
stands are designed in such a way that WR chocks are shifted forward (last stands) 
or backward (first stands) from the BUR axis by a = 10–15 mm. There are four hy-
draulic blocks fitted to each rack of housing which contain 4 big cylinders for upper 
BUR balancing during stand maintenance (WR changing) and 8 or 16 (depending 

Fig. 4.66. (a) Design of the 4-high rolling stand with hydraulic systems;  
(b) spring-mass model; (c) vibration modes

(a)(a) (b)(b) (c)(c)
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on stand design) smaller cylinders, which are involved in strip flatness regulation by 
the positive or negative WR bending. Bending cylinders are regulated automatically 
in the last stand or manually in the previous stands depending on the WR wear and 
strip flatness. In general, WR bending causes random contact stiffness deviations 
between the top and bottom WR and BUR. It is described further herein that either 
stochastic or controllable stiffness change can occur during mill operation.

Besides, the two main cylinders of the HAGC system for rolling load creation 
and strip thickness regulation are placed between the upper crossbeam and BUR 
chocks (some mills have HAGC cylinders at the bottom). The small deviation of 
stiffness occurs due to HAGC oil column and roll diameter changes after their 
scheduled replacement. The deformation of every element influences the stand 
summary modulus of elasticity (46 MN/mm).

To obtain vibration response specific for different measuring points a detailed 
spring-mass model has been designed (Fig. 4.66b). Unlike in all known models, the 
WR bending and BUR balancing forces are included as stiffness instead of external 

Table 4.12. Parameters of calculation scheme of the 4-high rolling stand

Para-
meter

Description Value Units

m0 Mass of upper cross-beam with HAGC cylinders 80.0 103 kg
m1 Mass of upper BUR chocks 26.7 103 kg
m2 Mass of upper BUR 45.0 103 kg
m3 Mass of upper WR with chocks 8.7 103 kg
m4 Mass of lower WR with chocks 9.1 103 kg
m5 Mass of bottom BUR 45.0 103 kg
m6 Mass of bottom BUR chocks. 24.3 103 kg
K07 Stiffness of housing racks and top cross-beam 29.01 103 kg
K01 Stiffness of HAGC cylinders and upper BUR chocks 22.02 MN/mm

K12, K56 Stiffness of sliding bearings and BUR bending 87.99 MN/mm
K23, K45 Stiffness of WR and BUR contact 19.89 MN/mm

K34 Stiffness of WR bending, contact and strip deformation 20.00 MN/mm
K17 Stiffness of upper BUR weight balancing cylinders 25.00 MN/mm
K67 Stiffness of lower BUR chock and level tuning jack 38.95 MN/mm

K37, K47 Stiffness of WR negative bending cylinders 15.00 MN/mm
K13, K46 Stiffness of WR positive bending cylinders. 15.00 MN/mm



Dynamical models in condition monitoring and analysis of... 167
forces. Such an approach allows a statistical analysis of the stand vibration under 
the variable operating schedules and helps find methods for chatter active control. 
Stand vibration is assumed to be symmetrical for both the operator and drive side 
(without skewness) because that is proved by measurements. Positive movement is 
assumed upward. Experimental modal analysis of the rolling stand and the detailed 
FEM analysis showed that the 4-high rolling stand cumulative mass fraction is about 
0.80–0.85 for the first 4–9 modes. The natural frequencies range for the average val-
ues of stand parameters covers a band of 50–600 Hz (Fig. 4.66c). The parameters of 
a typical 4-high rolling stand are given in Table 4.12.

It is commonly admitted that the feedback loop, which is created in the roll-
ing stands by the interdependence of rolling force, strip thickness, tensions and 
speed, is the main cause of instability. Chatter in the tandem mill excited by this 
mechanism can occur only due to symmetrical modes around the strip plane 
with the opposite phases of the upper and lower pairs of WR and BUR motion. 
Chatter excitation through the strip thickness variation (δh = 20–50 microns) can 
only be initiated by the modes with the several masses movement near the strip 
plane. The out-of-phase WR movement causes only periodic roughness defects 
on the strip or BUR (Ra = 2–3 microns).

The modes of vertical vibrations are represented in Figure 4.66c and Ta-
ble 4.13. In practice, the first mode of about 67 Hz does not appear. The conduct-
ed measurements of vibration on the four roll chocks have shown that for the 
thick strips (h1 > 0.8 mm) chatter is not excited because the main mode of 118 Hz 
has a node beyond the WR gap.

Table 4.13. Natural frequencies and vibration modes in the rolling stand

fn, Hz

Mass

67 118 143 254 389 416 502

1 2 3 4 5 6 7

m0 0.302 –0.302 0.584 0.022 –0.043 –0.003 –0.001

m1 0.509 –0.098 –0.364 –0.149 0.840 0.064 0.028

m2 0.533 –0.031 –0.512 –0.077 –0.458 –0.052 –0.050

m3 0.432 0.305 –0.228 0.684 –0.018 0.234 0.725

m4 0.352 0.461 –0.013 0.685 0.270 –0.010 –0.684

m5 0.190 0.609 0.356 –0.109 0.020 –0.391 0.050

m6 0.136 0.471 0.292 –0.147 –0.097 0.886 –0.038
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Dependences of natural frequencies (numbered 1–7 as in Table 4.13) on the 
stiffness of different elements of the rolling stand are shown in Figure 4.67. The 
nominal stiffness values (1.0) vary in the range of 0.25…2.0.

The results of the statistical calculations show that the stiffness of hydraulic 
elements (K13, K46, K37, K47), which are newly introduced in the model, can change 
natural frequencies and modes (Fig. 4.68). Node displacement of the principal vi-
bration mode (~118 Hz) can be achieved due to the HAGC stiffness (K01) decreas-
ing by 25% from the nominal value or the stiffness of the rolling level tuning unit 
(K67) increasing by 50% at the bottom of the stand. Both actions can be done only 
before the rolling process starts, i.e., during the mill set-up procedure.

Calculations by the developed model showed that work roll bending does 
not affect significantly the principal mode frequency ( f2 in Fig. 4.68a). However, 

Fig. 4.67. Changes of natural frequencies by the stiffness of stand elements
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variation of WR bending stiffness can move the node from the position between 
masses 2 and 3 (upper WR and BUR) into the gap between masses 3 and 4 (upper 
and lower WR) (Fig. 4.68b). Therefore, it can be used for chatter active control 
not only by the high-frequency periodical impacts but also due to comparatively 
slow stiffness control in the stands. This method of chatter vibration control does 
not require an oil pumping station with a high flow rate and fast switching valves 
to produce quick control impacts of large amplitude.

BUR balancing cylinders usually have constant stiffness and less influence 
on node movement even with the greater force (1600 kN) in comparison with 
the WR bending force (960 kN negative and 460 kN positive). The only problem, 
which has to be solved, is a WR initial profile design to fulfil high demands on 
strip flatness. Hence, the complex of chatter control channels is required.

Strip damping due to elastic-plastic deformation. By the process observation, 
chatter occurs rather for thin and hard strips. It is related to the strip dissipation 
properties. The larger strip section size and its plastic deformation in compar-
ison with the elastic deformation increases energy dissipation of the roll stack 
during the vertical oscillations. The hysteresis loop width of the spring-mass sys-
tem depends on rolling parameters. In the tandem mills, the last stands always 
have a narrower hysteresis loop than the previous ones and more sensibility to 
chatter as the rolling speed increases to the mill exit.

The elastic-plastic properties of the rolled strip play a main role in the mill 
vibration. By the various estimations, the rigid-plastic theory can serve until the 
fraction of external energy to the whole energy of elastic deformation of a ma-
terial is, at least, not less than three. It becomes important in cold rolling of thin 
strips where elastic restoring of strip thickness (h1–he) is comparable with an ab-

Fig. 4.68. (a) Scattering of natural frequencies; (b) principal mode (f2 ~ 118 Hz) 
deviation by the work rolls bending stiffness (K13, K46)

(a)(a) (b)(b)
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solute reduction (h1–h0), especially in the last stands of the tandem mills. The 
strip deformation scheme is represented in Figure 4.69a. In a modern rolling 
theory, the strip properties are described by the nonlinear formulae including 
initial yield stress, tensions, strain and strain rate with other rolling parameters. 
Statistical deviations of the strip properties and rolling parameters as a rule are 
not taken into account. It does not allow reliable prediction of the dynamic phe-
nomena of chatter vibrations in the rolling mills.

The strip stiffness Ks and its viscous damping Cs are described with the frac-
tion derivatives of a rolling load deviation by the strip thickness reduction and 
its deformation rate. Also, the dynamics sensitivity factor λ is introduced by the 
following formulas:

	 �
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Stand and strip stiffness graphs are represented in Figure 4.69b. An initial 
nonlinear stand deformation b due to backlashes is eliminated by the stand pre-
loading P0. There is a variety of operation points around a mill set-up load val-
ue P* and thickness h1 because of rolling parameters variation.

Curve (1) corresponds to back and/or front tensions increasing; curve (2) – to 
a lower input thickness; curve (3) – to the working point of mill set-up; curve (4) 

Fig. 4.69. (a) Strip and WR contact scheme; (b) stand and strip deformation diagram

(a)(a) (b)(b)
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– to an increment in the output thickness and curve (5) – to a possible increment 
in the friction coefficient and the average yield stress or a decrement in the back 
and/or in the front tensions. It can be seen in Figure 4.69 that random rolling 
parameters can change strip stiffness significantly (tangent of inclination angle 
at a working point) and, hence, natural frequencies and modes.

It is known that a quick jump up of λ factor appears when dε /dt > 103 s–1. It is 
particular for the material hardening properties. Strip deformation conditions in 
the 5-stand tandem mill are given in Table 4.14.

The parameters combination gives minimal strip damping value in stands 3 
and 4, which are most susceptible to chatter vibrations in practice. Deformation 
velocity increases with stand number and for stand 4 is close to critical value 
103 s–1. The commonly used method in the mill automatic monitoring systems or 
by mill operators for chatter cancelling is the slowdown of rolling speed, which 
is addressed to the strip deformation rate and its damping ability, respectively. 

Table 4.14. Strip rolling parameters in the 5-stand tandem cold rolling mill

Rolling parameters Stand 1 Stand 2 Stand 3 Stand 4 Stand 5

Strip exit thickness h1, 
mm

1.400 0.840 0.546 0.382 0.363

Strip absolute deform.  
Δh = h0 – h1, mm

0.600 0.560 0.294 0.164 0.019

Rolls and strip contact 
length Ld, mm

15 16 12 10 10

Strip linear velocity V1, 
m/s

6.5 10.8 16.6 23.8 25.0

Time (freq.) of deform.  
Ld/V1, ms (Hz)

2.30(435) 1.48(676) 0.72(1389) 0.42(2381) 0.40(2500)

Strip relative deform.  
ε = ∆h / h0, %

30 40 35 30 5

Strip stiffness Ks, МN/mm 20 21 41 73 628

Strip damping Cs, MN s 0.092 0.044 0.025 0.017 0.096

Deformation velocity  
dε/dt, s–1

130 270 486 714 125

Notes: 1) Length of deformation zone Ld accounts WR contact indentation.  
2) Initial thickness is h0 = 2 mm. 3) Stands loads are assigned equal to P1–5 = 12 МN.
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Besides, the strip reduction schedule changing in the last stands can be used for 
chatter control due to more damping in the strip material. It was tested in stands 
No. 3 and No. 4, and approximately every step down by 1% of relative reduction e 
gave 20 m/min of additional mill speed. Also, specific tension reduction by 5 N/mm2 
gives a mill speed increase by 40–50 m/min.

The wear of chocks and stand housing give WR an additional degree of free-
dom in the backlash gap and enables the interaction of vertical and horizontal 

Fig. 4.70. Spring-mass models: (a) individual drivelines  
of work rolls; (b) 4-high rolling stand with 3rd and 5th octave  

symmetrical modes of chatter vibration

Fig. 4.71. Modelled vibration signals at the mill speed 1200 m/min:  
(a) low-frequency vibration amplitude modulation;  

(b) high-frequency strip thickness deviation

(a)(a) (b)(b)
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vibration modes. WR and its chocks may start to vibrate within the stand housing 
gap under the random variation of the strip tensions difference ∆T (tension roll-
ers misbalance), rolling load P (rolls eccentricities, strip yield stress) and M (drive 
torque fluctuations under torsional vibrations).

Tandem mill dynamics simulation. The spring-mass mathematic models of 
the twin DC motors drivelines (Fig. 4.70a) and 4-high stands (Fig. 4.70b) are devel-
oped and analysed with the proper parameters of the investigated tandem mill.

Modelled vibration signal and strip exit thickness variation are shown in Fig-
ure 4.71 for different time scales but for the same mill speed of 1200 m/min. The 
distance between the stands for this mill is 4 750 mm. When the frequent pulse 
series are superposing, the stand is late to dissipate disturbances and chatter 
amplitude comes up. During this process, low-frequency vibration beating also 
appears (Fig. 4.71a).

The stand dissipation coefficient is calculated during the strip breaks when 
the roll stack oscillates for some time without the strip. In such way, a decrement 
time of about 0.3 s is obtained. For the mill rolling speed of 1200 m/min (20 m/s), 
the distance of 4.75 m between stands will be covered in 4.75/20 = 0.2375 s, which 
is less than 0.3 s. Hence, after a certain speed limit (4.75/0.3 = 15.83 m/s), the 
last stands rolling hardened metal with low damping ability will not be able to 
dissipate energy after previous impacts and vibration amplitude will rise. The 
abnormal roll eccentricity and phase matching of thickness variation impacts 
(Fig. 4.71b) will increase mill sensitivity to chatter.

The frequency spectrum and envelop line for the strip periodical thickness 
pulse sequence are shown in Figure 4.72. The parameters of the thickness varia-
tion series are as follows:

Td – �pulse series period (backup rolls diameter and stand speed dependent) 
(4.2 Hz);

Fig. 4.72. The model spectrum of the upper backup roll vibration
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Т – period of pulses (main chatter frequency) (125 Hz);
τ – duration of pulse (defects width) (200 Hz);
∆t – sampling rate (spectrum width) (1000 Hz).
Measured chatter vibration spectra for stands 2–5 showed that such a picture 

is characteristic of every chatter case. There are always 3–5 harmonics during the 
roll stack resonance at the main frequency (about 120 Hz), which looks similar 
the one in Figure 4.72.

There are two ways to produce such a spectrum of dynamical system response: 
linear systems output for pulse sequence input; and nonlinear system response to 
periodical input. Both situations may have a place in the mill. The first factor al-
ready exists in the form of strip thickness variation and depends on previous stand 
vibrations. To tackle it, the function of high-frequency thickness measurement is 
designed in the developed vibration monitoring system. The other cause may ap-
pear in two cases: rolls slipping in the contact zone and backlashes opening in the 
stand between the housing and roll chocks. These factors are more available for 
elimination by the appropriated amount of cooling emulsion supplied and the hor-
izontal position of roll stabilisation by the tension forces.

Horizontal stability of the rolls. The probabilistic approach to chatter vibra-
tions based on WR horizontal instability in the tandem mills has been applied in 
[391]. A simplified empirical criterion was derived for chatter probability estima-
tion (original notations):
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where Пi – dimensionless chatter probability factor; i – stand number; E – strip 
modulus (MPa); Uci = V1α / h0 – mean deformation rate (s–1); eΣi – summary WR 
and BUR eccentricity (mm); σ0i = σinit + m (100(H – hi–1)/H)K – yield stress at ith 
stand entry (MPa); σinit , m and K – initial yield stress before rolling and material 
hardening constants; H, h0 and hi – initial, entry and exit strip thickness (mm); 
fi – contact friction factor; Fi – chatter vibration main frequency (Hz, s–1); n – 
number of stands. Condition (4.71) means chatter increased probability in ith 
stand if it is more than 1/n value (equal for all stands probability). However, WR 
bending force and drive torque have not been used for horizontal forces balance 
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composition. Therefore, new formula is proposed for steady state condition (for 
one WR):

	 � � �
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,	 (4.72)

where P – rolling load; a – WR chocks displacement; RBUR and RWR – BUR and 
WR radiuses; F and Kf  – summary bending force and friction factor in the WR 
chocks and piston contacts; ∆T = T0 – T1 – strip entry and exit tensions difference 
(T0 > T1 is assumed); M – drive torque; i and η – drivetrain gears ratio and efficien-
cy (0.8–0.9). WR bending forces and reactions from drive torque at the WR chocks 
were taken into account. Every component in equation (4.72) may be used for 
comparison with the others. In practice, a half-difference of the strip tensions is 
used as a most scattering parameter:
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where k = 1 + Sdev, Sdev – standard deviation obtained from measurements.
Simulation of chatter regeneration effect in the tandem mill. The resonance 

related to the coincidence of phases of material waviness in the subsequent rota-
tions in the cutting machine is a well-known effect, called “regenerative chatter”. 
A similar phenomenon occurs in the tandem cold rolling mills when the wavi-
ness of the moving strip is induced by the vertical vibration in the previous stand 
and then transported to the next stands (Fig. 4.73a).

Synchronization phenomenon is the basic physical phenomenon, which hap-
pens in several mechanical oscillators (stands) interacting by the elastic connect-
ing link (strip). It has been less investigated so far in comparison to other factors 
of chatter such as strip thickness, width, chatter marks on the rolls after their 
grinding, and roll bending.

The main mode frequency may vary from 90 to 150 Hz for different mills. 
However, for the considered tandem mill, all stands have very close frequen-
cies of the main mode of vertical vibrations (118–120 Hz). Simulations showed 
that the three last stands (Nos. 3–5) are always synchronised (Fig. 4.73b) when 
chatter is amplified. Due to the results obtained on the developed dynamical 
model, it was  possible to formulate ideas about possible remedies against the 
chatter vibrations, which subsequently were realised in the mill monitoring sys-
tem [398].
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4.4.4. Multi-motor gear drive of slabbing mill

A real case study of abrupt failures in a new multi-motor gear drive of vertical 
rolls is investigated in the heavy slabbing mill. Modal analysis is conducted and 
the lowest torsional vibration modes are verified by the data from an industrial 
plant. Conditions of parametric resonances due to variable stiffness of teeth are 
determined within the range of working speed. The branched gear drive is in-
vestigated by the nonlinear dynamical model with backlashes. It is shown that 
instantaneous dynamic loads in the driveline are strongly dependent on the 
difference in gap sizes and phase shifts between two intermediate gears in the 
output gear wheel coupling. Deviation in electrical parameters is considered the 
additional cause of not equal load sharing of parallel motors. The conducted re-
search allowed the prevention of further gearbox failures and optimization of 
mill control [399].

Fig. 4.73. Regenerative chatter by strip thickness  
and subsequent stands synchronisation in the tandem mill:  
(a) time-series of strip thickness; (b) spectra of vibration

(a)(a) (b)(b)
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The multi-motor, split path power or so-called summation drives are used in 

large-scale machines and rotating aggregates when the technological capabili-
ties of equipment manufacturers limit the dimensions of gearboxes of traditional 
design. The use of a multi-motor drive allows, depending on the specific circuit, 
the reduction in the power of individual electric drives and the total cost of the 
unit several times. Deep separation of power flows is considered rational, i.e., 
their summation at the last stage, where the loads are maximal. An additional 
advantage of multi-motor drives is a reduction in the inertia of every drive, which 
is important for precise control of industrial machines.

In addition to the positive features of multi-motor gear drives, there are some 
design and operational problems. They concern the need to eliminate static un-
certainty, ensure equal angular gaps, optimal selection of the number of flows 
and joint control schemes for electric drives, which not only equalize static loads 
but also suppress out-of-phase oscillations of branches due to the inaccurate gears 
(run-out, eccentricity, transmission errors).

The presence of opened gaps in the kinematic pairs of any rotating machines 
significantly affects the overall response to external loads, e.g., in mining excava-
tors with multi-motor drives. The increased dynamics in the gear drives of heavy 
hot rolling mills occur due to specific technological loads when a pair of driven rolls 
capture metal in harsh operating conditions with increased wear and backlashes in 
split path drivelines. Especially significant is the effect of backlashes opening when 
asymmetry exists in parameters of parallel working electric drives of the machine, 
which is operated under reversing regimes with stepwise or impulsive loads. In roll-
ing mills, the high torsional loads do not allow the use of planetary gears for roll 
driving. To increase the power of some steel processing aggregates, e.g., strip coil-
ers in cold rolling mills, 2–3 motors are axially connected with short intermediate 
shafts and no problems have been reported on their synchronous working.

In addition to the abovementioned reasons, there are internal factors of dy-
namics that are often not accounted for when gearboxes are designed as a partial 
subsystem of a whole driveline. One of these factors is a periodic change in teeth 
stiffness, which plays its role even under constant speed and load. This disturbance 
may cause parametric resonances, which are not possible to suppress by linear 
damping and lead to severe torsional vibrations comparable by amplitude to the 
static technological torques within certain ranges of speed.

The described further research is initiated by the accident with critical failures 
of gears in a modernized gear drive of the heavy slabbing mill. The single-motor 
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drive system that worked for many years (Fig. 4.74a) was replaced with the new 
multi-motor drive system (MMDS) to add power and increase overall plant pro-
ductivity. Vertical rolls are driven by two-stage spur gear MMDS, which consists of 
branched first stages with direct current (DC) and four motors (Fig. 4.74b). These 
electric motors have an independent excitation scheme with pairwise parallel 
speed control for each vertical roll. Horizontal rolls of the second stand of the 
slabbing mill are directly driven by two DC motors via spindles without a gearbox.

Right after the new gearbox commissioning, an increased level of vibrations 
was observed, which finally resulted in dramatic failure and long-time down-
time of the slabbing mill. After gearbox repair and replacement of main gears, 
vibration continued to be at a high level and the customer decided to investigate 
the cause of such unexpected behaviour. Internal dynamical processes were sus-
pected as a reason for early failures because static load limits for this gearbox 
were not exceeded during several months of mill operation.

Following these approaches, in-depth analysis and mathematical simulation 
of dynamical processes in the multi-motor gear drive of the heavy slabbing mill 
are represented. Special emphasis is placed on the investigation of parametric 
excitation in spur gears and the influence of gears’ phasing on out-of-phase tor-
sional oscillations in the MMDS. Interactions between vertical and horizontal 
stands and deviation of electric motor parameters are emulated in the developed 
nonlinear dynamical model.

Dynamical model of the gear driveline. According to traditional approaches 
and methods of dynamic processes simulation in rolling mills, the driveline sys-
tem of the stand is usually represented by the calculation scheme with a small 
number of lumped masses (from 2 to 4) and constant stiffness of elastic connec-
tions between them, taking into account backlashes as bilinear nonlinearities. 
This approach is quite correct, since peak values of load torques usually appear 
during the first period of oscillations (10–20 Hz) in the range of lowest modes 
of torsional oscillations, and the highest modes are decaying during this time. 
However, with parametric perturbation, higher modes can be sustained and am-
plified when natural frequency matches with the periodic parameter changes or 
their harmonics. Therefore, the mathematical model of a slabbing mill includes 
the inertia of two motors, all gears and roll with the added mass of the ingot. The 
backlashes and variable stiffness of the gears are taken into account in numeri-
cal simulation. Two independent symmetrical parts of each roll gear drives are 
combined into the whole gearbox housing, hence, only one part of the gearbox 
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is considered (Fig. 4.74c). The designations and numerical values of the model 
parameters are shown in Table 4.15.

All parameters are reduced to the roll rotation speed. The spindle has the low-
est stiffness and the first stage of the gearbox has the highest stiffness. The inertia 
of the roll is 3 times lower than the one of the gear wheel and 3.5 times lower than 
the moment of inertia of the motor. In such systems when an instantaneous load 
is applied to the terminal mass (roll) with low inertia, significant oscillations of 

Fig. 4.74. Gear drive of vertical rolls in a slabbing mill:  
(a) previous single motor drive; (b) new multi-motor gear drive;  

(c) calculation scheme of one half of gearbox

(a)(a) (b)(b) (c)(c)

Table 4.15. Parameters of calculation scheme

Parameter Description Value Units

J1, J4 Inertia of one electric motor 7000 kg m2

J2, J5 Inertia of one input gear 2100 kg m2

J3, J6 Inertia of one intermediate gear 1700 kg m2

J7 Inertia of one output wheel 5200 kg m2

J8 Inertia of one roll 1830 kg m2

K12, K45 Stiffness of one motor shaft 15.7 × 108 N m/rad

K23, K56 Stiffness of one gear at stage I 32.7 × 108 N m/rad

K37, K67 Stiffness of one gear at stage II 13.8 × 108 N m/rad

K78 Stiffness of one spindle 0.61 × 108 N m/rad
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torques may occur. Based on the calculation scheme, the system of differential 
equations is as follows:
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where φi – angle of inertial masses rotation (rad); Ji – rotating inertia (kg m2); 
Ci – equivalent damping coefficients (N m s/rad); Mij = Kij(φj – φi) – elastic torques 
(N m); M1, M4 – driving torques of two motors (N m); M8 – technological load 
applied to one roll, equal to half of total rolling torque (N m).

Modal analysis of the driveline. Modal analysis is conducted to understand 
drive dynamics. The natural frequencies of one roll driveline are represented in 
Table 4.16. The dynamical model is verified by the recordings of electric motors’ 
currents. The lowest natural modes are identified, the first is near the frequency 
≈ 29 Hz and the second ≈ 41 Hz (Fig. 4.75).

This coincidence is accurate enough, taking into account some decrease in 
damped oscillations frequency. It is not possible to identify the highest natural 
modes using the electric drives’ signals because of 100 Hz sampling frequency 

Fig. 4.75. The spectrum of electric motors power
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limit in mill control. Some deviation of real frequencies can be as well due to 
a joined mass of rolled ingot coupled by contact friction with roll inertia J8 in the 
deformation zone.

Three even natural modes ω2, ω4, ω6 (43, 152, 329 Hz) correspond to torsional 
vibrations of separated branches, while four odd modes ω1, ω3, ω5, ω7 (30, 87, 172, 
332 Hz) correspond to symmetrical oscillations of parallel branches in the gear 
drive (Fig. 4.74, Table 4.16).

The first mode (30 Hz) has a node, i.e. the point around which neighbouring 
inertias oscillate, in the spindle shaft. In this case, the masses J1–J7 oscillate out-of-
-phase with the roll’s mass J8 and gaps opening in the spindle may produce higher 
input loads on gears in the case of non-equal load sharing between vertical drives 
or non-synchronous speed with horizontal stand. In the wide strip hot rolling mills, 
this node is located, as a rule, on the shaft between the motor and the gearbox.

The second mode (43 Hz) corresponds to out-of-phase oscillations of one 
branch J1–J3 against other parts of drive J4–J6 together with output gear wheel J7 
and roll J8. This mode may cause gaps opening in stage II of the gearbox and addi-
tional cyclic loading on the gear couplings.

The third mode (87 Hz) corresponds to out-of-phase oscillations of motors J1, 
J4, against gears in the first branch J2, J3, second branch with output wheel J5, J6, 
J7 and roll J8.

Table 4.16. Natural modes of torsional oscillations

Natural 
frequencies

ω1 ω2 ω3 ω4 ω5 ω6 ω7

[rad/s] 186 270 545 954 1078 2069 2085

[Hz] 30 43 87 152 172 329 332

J1 –0.079 –0.543 0.363 –0.156 –0.118 0.024 –0.024

J2 –0.067 –0.367 –0.118 0.475 0.495 –0.443 0.433

J3 –0.060 –0.265 –0.326 0.500 0.420 0.551 –0.556

J4 –0.079 0.543 0.363 0.156 –0.118 –0.024 –0.024

J5 –0.067 0.367 –0.118 –0.475 0.495 0.443 0.433

J6 –0.060 0.265 –0.326 –0.500 0.420 –0.551 –0.556

J7 –0.040 0.001 –0.700 0.001 –0.360 –0.001 0.078

J8 0.985 0.001 0.088 0.001 0.011 0.001 –0.001
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The highest modes (152, 172, 329, 332 Hz) show different combinations of 

phases with the opposite motion of separate pairs of gears as a whole body or out-
put gear wheel against them. These modes are dangerous from the viewpoint of 
gear gap opening and teeth shock loading, but their influence depends on damp-
ing factors in the torsional system.

The most generalized natural modes of this drive system are possible when 
two separate parts of the gearbox with two motors oscillate against each other 
(7.6 Hz) or in-phase (24.6 Hz) against the inertia of rolls with ingot. These modes 
coincide by phase with the first mode for separate parts of the gearbox (30 Hz) 
and therefore only one part of gearbox is considered in the calculation scheme.

The opened angular gaps in the spindles have a significant impact on the dy-
namic loads in all sections of the driveline – from the spindle up to the motor 
shaft. However, when the operator reverses the mill and rolls capture the slab, 
drives usually are accelerated, gaps are kept closed by the inertial torque of the 
roll, and the dynamics in the driveline are not as high as could be when the mill is 
decelerated. Nevertheless, the proximity of several pairs of natural frequencies 
(ratio ω2/ω1 = 1.43, ω5/ω4 = 1.13, ω7/ω6 = 1.01) indicates that this driveline is prone 
to beat of elastic torques resulting in torque amplification not only when metal is 
being captured by rolls, but also in the steady rolling mode.

Parametric excitation in the gear meshing. To keep the gear ratio constant 
at each moment, the next pair of teeth must contact each other by the time the 
previous pair of teeth leave the contact. The duration of the contact, depending 
on the teeth number of the meshing gears, is characterized by the overlap con-
tact ratio:
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where α – pressure angle; a – centre distance; m – gear module; ra, rb – outside 
and base radiuses of a pinion (1) and wheel (2) gears. Usually in large-scale gear-
boxes 1 < εα < 2. Values of εα < 1 are not desirable as there is no two-pair engage-
ment. With εα increasing from 1 to 2, the duration of one-pair engagement is 
shortened, and with εα = 2, three-pair contact overlap appears in gears. For spur 
gears with 1 < εα < 2, the stiffness change is significant for dynamic simulations. 
With the number of teeth of the slabbing mill gear drive: z1/z2 = 53/81 – stage I 
and z3/z4 = 51/125 – stage II, the contact ratios are εα = 1.78–1.79, therefore, one-
pair and two-pair engagements are possible.
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At a maximal rolling speed of 3 m/s, the peripheral speeds in the gears: stage I 

– 13 m/s, stage II – 10 m/s. For the 7th class of gearbox manufacturing precision, 
taking into account the hardness of the teeth about 4252 HRC, the coefficient of 
gears meshing dynamics is 1.17–1.22 by the recommendations of ISO 6336 that 
corresponds to values of excitation μ ≈ 0.17–0.22. This coefficient accounts for 
non-load and under-load transmission errors.

According to experimental data from similar heavy rolling mills and other ma-
chines with gear transmissions, the damping of the system is about ζ = 0.02…0.15 
(assumed as an average for natural modes). Hence, in the gearbox of the slabbing 
mill, the stiffness pulsation μ = 0.17–0.22 can exceed the critical value, at least for 
the first-order resonance (nω = 1), i.e., when the natural frequency is equal to half 
of the excitation frequency (ω0 = ω1/2).

Intermediate gears phasing. The analysis of the geometry of the gearbox 
helped identify its features concerning the use of a multi-motor scheme. The 
source of periodic disturbances is not the synchronization of the teeth of each 
pair of intermediate gears with the gear wheel because the angle between the 
axes of their centres is 60.2° (Fig. 4.76).

In this sector, there is no integer number of gear teeth nz = 60.2°/2.88° = 20.903, 
where 2.88 is the angular pitch of the teeth of the output wheel of the gearbox. 
Therefore, in the process of rotation, periodic perturbations occur with teeth mesh-
ing frequency from one branch intermediate gear (K37), then from the other (K67) 
with a constant phase shift between them: φz = 0.903 × 2.88° × π/180° = 0.0454 rad.

Given the phase shift, the formula for the variable stiffness of the gear cou-
pling is:

Fig. 4.76. Schematic angular phasing of intermediate gears on the output gear wheel



CHAPTER 4184
	 � � � �0, 1 Δ sign sin(  )ij z z zK t ω K K ω t φ� �� � ⋅ �� � 	 (4.76)

where K0 – nominal gear stiffness; ∆K = 0.17–0.22 – change in teeth stiffness with-
out regard to wear; ωz = zw ωw – gear meshing frequency; zw – number of teeth; 
ωw – the variable angular speed of the corresponding shaft.

Transitional parametric resonances. After mill reversing and during accel-
eration to the maximal rolling speed of 3 m/s, the driveline passes through five 
ranges V1–V5 of parametric excitation shown in Figure 4.77.

For the first-order resonances (ω0 = ω1/2), gear meshing frequencies are given 
as half values: gear (I)/2 and gear (II)/2. Mean values of resonant ranges of rolling 
speed are as follows (m/s): 
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where ω1, ω2, ω3 – natural frequencies; r – rolls radius; zp, zw – input pinion and 
output wheel gear teeth number; i12 – total gearbox ratio (1.528 × 2.451 = 3.746). 
Values V2 and V3 are very close and a higher level of excitation is expected in the 
range 0.95...1.04 m/s of mill speed.

Under the terms of the electric drive manufacturer, the difference in motor 
parameters is allowed within 5%. After the repair or change of any motor, the 
mill maintenance staff has to adjust the magnetic flux of each of the four motors 
in idle mode. They change shunt resistances and currents in the excitation wind-
ings to reduce the effect of variation in the magnetic and electrical parameters. 
They aim to equalize the idle armature current of each of the four motors. The 
developed computer model allows the investigation of the influence of deviation 
in parameters (Ke, Km – electrical and mechanical constants of the motor) on the 
dynamics of the mechanical system of the driveline.

Steel ingots are processed within 10–13 reversal passes. After the first pass, 
due to ingot elongation, two stands of the slabbing mill (horizontal and verti-
cal) begin to work in the continuous regime when they are connected via the 
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rolled ingot with high axial stiffness. In this case, rolling torque M8 in the vertical 
stand will also greatly depend on the roll’s linear speed synchronization with the 
horizontal stand. To reduce this component of loading, the mill control system 
provides, individually for every pass, a limit on the speed and its synchroniza-
tion in neighbouring stands. Limiting drive speed restrains the stick-slip slab mo-
tion in the rolls, which is the most dangerous regime of the load causing severe 
damage.

Model simulations. In each series of passes of ingot processing, average roll-
ing torque changes due to different ingot sizes, metal temperature and reduc-

Fig. 4.77. Resonance ranges of rolling speed

Fig. 4.78. Torque Amplification Factors (TAF) in different sections of  
the driveline: TAF12 – motor shaft; TAF23 – stage I of the gearbox;  

TAF37 – stage II of the gearbox; TAF78 – spindle
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Table 4.17. TAF for different backlashes ∆ [rad] and gaps opening states K∆ = 0…1

No.
Conditions of loading and  
backlashes gaps opening

Motor 
shafts 
К12, К45

Stage I  
К23, К56

Stage II 
К37, К67

Spindle 
К78 

1 Gearbox no gaps for both parts
∆12 = ∆23 = ∆37 = 0; K∆12 = K∆23 =K∆37 = 1;
∆45 = ∆56 = ∆67 = 0; K∆45 = K∆56 = K∆67 = 1;
Spindle no gap: K∆78 = 1; ∆78 = 0; v = 3

2.30 1.70 1.47 1.30

2 Spindle gap opened
K∆78 = 0; ∆78 = 0.015; v = 3 

5.33 4.33 3.62 3.57

3 K∆78 = 0; ∆78 = 0.010; v = 3 4.67 4.00 3.19 3.13

4 K∆78 = 0; ∆78 = 0.005; v = 3 3.83 3.33 2.77 2.61

5 K∆78 = 0; ∆78 = 0.005; v = 2 4.04 3.39 2.88 2.64

6 K∆78 = 0; ∆78 = 0.005; v = 1 4.04 3.39 2.88 2.67

7 Spindle gap half-opened: K∆78 = 0.5; ∆78 = 0.005; v=3 3.40 2.83 2.43 2.24

8 Spindle gap closed: K∆78 = 1.0; ∆78 = 0.005; v = 3 2.50 2.20 1.85 1.70

9 Gearbox gaps are half-opened for both parts
∆12 = ∆23 = ∆37 = 0.001; K∆12 = K∆23 = K∆37 = 0.5;
∆45 = ∆56 = ∆67 = 0.001; K∆45 = K∆56 = K∆67 = 0.5;
Spindle gap half-opened: K∆78 = 0.5; ∆78 = 0.005; v = 3

4.17 6.00 5.32 2.13

10 Gearbox gaps are all half-opened for both parts
∆12 = ∆23 = ∆37 = 0.0001; K∆12 = K∆23 = K∆37 = 0.5;
∆45 = ∆56 = ∆67 = 0.0001; K∆45 = K∆56 = K∆67 = 0.5;
Spindle gap half-opened: K∆78 = 0.5; ∆78 = 0.005; 
v = 3

3.67 3.67 2.98 2.22

11 Gearbox gaps in stage I equal for both parts
∆12 = ∆37 = 0; ∆23 = 0.001; K∆12 = K∆37 = 1; K∆23 = 0.5;
∆45 = ∆67 = 0; ∆56 = 0.001; K∆45 = K∆67 = 1; K∆56 = 0.5;
Spindle gap closed: K∆78 = 1; ∆78 = 0; v = 3

3.00 4.00 2.98 1.65

12 Gearbox gaps in stage II equal for both parts
∆12 = ∆23 = 0; ∆37 = 0.001; K∆12 = K∆23 = 1; K∆37 = 0.5;
∆45 = ∆56 = 0; ∆67 = 0.001; K∆45 = K∆56 = 1; K∆67 = 0.5;
Spindle gap closed: K∆78 = 1; ∆78 = 0; v = 3

3.10 3.67 4.26 1.65

13 Gearbox gaps different for both parts
∆12 = ∆23 = ∆37 = 0.001; K∆12 = K∆23 = K∆37 = 0.5;
∆45 = ∆56 = ∆67 = 0.002; K∆45 = K∆56 = K∆67 = 0.5;
Spindle gap closed: K∆78 = 1; ∆78 = 0; v = 3

3.33
3.33

5.67
2.67

5.32
5.11

1.60
1.65
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tions assigned by an operator following a  technological schedule. The time of 
load ramp rising is changing from the first to the last passes due to slab section 
reduction and its front edge elongation. In simulations, the worst case of the load 
is assumed with instantaneous stepwise torque rising.

The peak values of torsional loads are characterized by the Torque Amplifi-
cation Factors (TAF) for different sections in the driveline (motor shafts, gears in 
two stages and spindle), which are calculated TAFij = Mmaxij / M8, where Mmaxij – 
peak elastic toque in couplings; M8 – static technological torque, applied to roll. 
Maximum rolling speed v = 3 m/s is assumed. The dependence of TAFs on spin-
dle backlash, which constitutes 70% of the total gap is represented in Figure 4.78.

Technological torque on the roll is calculated depending on the metal section 
and reduction in stands for every pass. The dynamical component of loads, be-
cause of the two stands’ interaction with a mismatch of their speeds, is emulated 
by the additional torque applied to the roll. The results of the simulation are rep-
resented in Table 4.17.

Under frequent technological reversals of the slabbing mill, the difference in 
dynamical loads is greater when the wear of gears in the branches of the gearbox 
is more uneven. In this regard, it is necessary during the repairs to choose a pair 
of gears with the smallest difference in the wear of the teeth or replace them 
both. Rolling speed has an insignificant effect on dynamics. The indexes (i, j) of 
the backlashes ∆, opening states K∆ and parameters of dynamics TAF, M, F corre-
spond to the notations given in Figure 4.74c.

Fig. 4.79. Transient torques in the driveline under different conditions:  
(a) idle mode (v = 0…3 m/s, µ = 0.2, ∆ij = 0);  

(b) under load (v = 0…3 m/s, µ = 0.2, ∆78 = 0.015)

(a)(a) (b)(b)
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In the time domain, the results of the model simulation are shown in Fig-
ure 4.79, there are elastic torques in the gearbox during mill speed changing in 
idle mode and under stepwise load 900 kN m. Backlash in the spindle is assigned 
to its maximal value of 0.015 rad.

In idle mode, the passage through the resonant zones is accompanied by an 
increase in the amplitude of out-of-phase oscillations in the gears of the paral-
lel branches of the gearbox. Torque crossing through the zero level causes gaps 
opening in the gears and back shocks of teeth. There are practically no fluctua-
tions of torques in the spindle from gear meshing.

Under the load, torque amplification factors during the transient process 
are not very high (TAFij = 2.0...2.1), which corresponds to other studies of this 
mill. This is due to gaps closing during mill acceleration. Unlike this, TAF values 
in Table 4.17 are much greater because gaps are intentionally assigned opened 
(K∆ij < 1) to show potentially maximum dynamic loads that can occur if the slab 
enters at stable speed or during mill deceleration.

The largest amplitudes of parametrically excited oscillations are observed in 
the couplings of the output wheel of stage II at a mill speed of about V2–V3 = 
0.9–1.0 m/s and V4 = 1.5 m/s. Other ranges V1, V5, V6 do not show significant exci-
tation.

Simulation of the meshing phase shift φz = 0.0454 rad between two intermedi-
ate gears showed that this factor alone plays a minor role if no backlashes are in-
troduced in the model. However, non-synchronous meshing starts to play its role 

Fig. 4.80. Dynamical torques in parallel branches of the driveline  
under deviation of electrical constant of one motor:  

v = 0…3 m/s, µ = 0.1, ∆37 = ∆67 = 0.0001 rad, ∆Ke = 0.5%

(a)(a) (b)(b)
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when gaps are opened similar to the case when the motors’ electrical parameters 
are different. Simulation of small (∆Ke = 0.5%) electrical constant difference in 
one of the motors is represented in Figure 4.80. This leads to static load deviation 
and gaps opening with subsequent out-of-phase oscillations in both branches of 
the gearbox. Therefore, the MMDS requires quite accurate parameter tuning to 
equalize static loads. With a serial connection of two motors, the static load is 
better shared, but the dynamic load is not damped. In the frequency domain, 
parallel branches have similar responses.

Spectra of dynamical torques are shown in Figure 4.81. In idle regimes, elec-
tric motors demonstrate insignificant response at natural frequencies. The spin-
dle shaft (F78) shows mainly low frequency (30 Hz) as predicted by modal anal-
ysis. All other sections: motor shafts (F12, F45), stage I (F23, F56) and stage II (F37, 
F67) of the gearbox responded at higher modes of vibration (87, 172 Hz). The two 
highest modes of vibration (329, 332 Hz) are very close in terms of frequency, 
however, they are not excited in the driveline. Natural modes at 43 and 152 Hz are 
also not visible in the spectra.

The results obtained on a slabbing mill are consistent with the effects report-
ed on the MMDS of open-pit mines excavators and tilting mechanism in steel 
converters having spur gear couplings, i.e., the possibility of parametric oscil-
lations. The difference in gaps of the parallel gearbox branches increases their 
influence on torsional dynamics compared with symmetrical distribution even 
for smaller values. The non-synchronous meshing of intermediate gears causes 

Fig. 4.81. Spectra of dynamical torques in the different sections of the driveline:  
(a) idle mode (v = 0…3 m/s, µ = 0.1, ∆ij = 0);  

(b) under load (v = 0…3 m/s, µ = 0.2, ∆78 = 0.015)

(a)(a) (b)(b)
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out-of-phase oscillations in branches. The same effect has electrical parameters 
deviation in the two DC drives. The results of this study clarified the reasons for 
early gearbox failures but also made it possible to improve the operation of in-
dustrial machines.



5. DEVELOPMENT OF INSTRUMENTATION 
FOR CONDITION MONITORING

The instrumentation has been developed for torsional load monitoring and back-
lashes diagnostics in the drivelines of heavy machinery. The given devices were 
tested in real harsh conditions of industrial plants and showed their reliability 
and acceptable metrological parameters.

5.1. Digital wireless torque meter

Condition monitoring and diagnostics of minerals mining machines is a chal-
lenging task for operating companies and their maintenance staff. Conventional 
approaches based on measurements of vibration, temperature and other param-
eters are still not widely implemented in the mining industry due to non-station-
ary loading conditions. Registration of overloading and resonance modes by the 
electrical motor current is not sufficient in the case of heavy mobile vehicles or 
stationary mining machines having multibody structures. Telemetric torque 
measurement tools installed in the drivetrains of mining machines can account 
for the variation of loads and give valuable information on damages in geared 
transmissions.

In work [400], the developed digital telemetry torque meter based on strain 
gauges is represented. The focus is on the functionality required for industrial 
applicability and issues in the course of machines’ operation and maintenance. 
The additional features the torque meters can use in mining machines diagnos-
tics are considered. The design solutions of the developed torque meter account 
for all operational issues and requirements for its use in the harsh conditions of 
the mining and metallurgical industry: high electro-magnetic noise; high tem-
perature and humidity; mechanical damages; oil, water and metallic dust; power 
supply on the shaft; wide range of rotation speed for different machines. A block 
diagram of the digital torque meter is shown in Figure 5.1.
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The telemetric channel includes strain gauges (half-bridge), a low-pass filter, 
a DC amplifier, a 12-bit ADC and DAC, an 8-bit microcontroller, two digital FM 
transceivers, a computer with an ADC board and input ports for recording digi-
tal measurement data. The carrier frequency of data transmission via the radio 
channel is 433.92 MHz and is fulfilled in a digital code by frequency-modulated 
signals, which offers a sufficient range of data transferring up to 20 m. This fa-
vourably distinguishes the developed scheme from similar systems with a car-
rier frequency of 100–600 kHz, which requires the installation of receivers at 
a distance of 10–30 mm from the shaft. The data exchange protocol between the 
circuit elements is performed in the Manchester code, which has a high noise 
immunity.

The sensor circuits (Fig. 5.2) use components from reliable producers (trans-
ceivers, microcontrollers, ADC and DAC, amplifiers, stabilised voltage sources), 
which are widely available in the electronic market for convenient replacement 
in the case of sensor damages.

Data transmission from the receiver to the recording unit (PC) can be per-
formed both as an analogue signal after a digital-analogue conversion and in 
a digital code. The ADC board used in the PC incorporates 8 digital inputs and 
outputs and enables the generation of control signals or the change of the torque 
meter settings remotely. In a stationary monitoring system, for data transmis-
sion over a long line, the standard RS485 protocol should be implemented.

Fig. 5.1. Block diagram of a digital wireless torque meter
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The permissible temperature range of the system circuits operation is an im-
portant factor in the reliability and accuracy of the measuring since it causes 
a signal drift and, at sufficiently high temperatures, a failure of electronic com-
ponents. The temperature range of most of the used circuit components is +85°C 
and the permissible temperature range of the transceiver chip is +70°C. That is 
why the torque meter can be used in hot conditions. It should be noted that when 
the shaft rotates, the transmitter is cooled by the airflow. To isolate the transmit-
ter from heating, a sealed polymeric case and a heat-insulating gasket between 
the shaft and the mount are used. In addition, algorithmic temperature compen-
sation can be provided depending on working conditions.

The structural design of the torque meter concerns the following units:
•	 transmitter housing and the location of the transmitting antenna;
•	 shaft mounting of the transmitter housing with a power supply;
•	 housing of the receiver and its location close to the receiver.
The design of the system and fastening clamps should protect against me-

chanical damage during machine operation and repairs, as well as oil, water and 
metallized dust. The design determines the reliability of the torque meter, and 
the cost of its operation, taking into account the time spent on equipment down-
time and the cost of the failed modules.

The high carrier frequency (short wavelength) of the transceiver allows an-
tennas to be placed inside a sealed plastic housing, which greatly simplifies the 
operation of the meter. In some systems with a lower carrier frequency, antenna 
winding is required around the perimeter of the shaft.

Primary sensors (strain gauges) of different vendors can be used with a re-
sistance of 100–700 Ohms. Increasing the resistance of the sensors reduces the 

Fig. 5.2. Telemetry torsional loads monitoring system: (a) transmitter; (b) receiver

(a)(a) (b)(b)
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power consumption of the transmitter circuit, which is desirable for continu-
ously operating plants but long data transmitting distances or noisy working con-
ditions require higher power consumption. In this system, the transmitter uses 
a DC amplifier with a stabilizer having a  low voltage drop, which reduces the 
power consumption on the shaft.

The installation of a transmitter on a rotating shaft can be performed in two 
ways: by gluing on the thoroughly polished surface and by welding on the rough 
surface of the plate with previously glued strain gauges. The second method is 
preferable and easier for implementation but is excluded in underground coal 
mines with methane explosion threats.

The proposed torsional load monitoring system was tested on the laboratory 
rolling mill (Fig. 5.3a). In Figure 5.3b, the signals from the 12-bit ADC converter 
are presented. The load on the shaft has been changed 8 times and is shown in 
the line graph.

More details on torque meter parameters are given in Table 5.1. This version 
is planned for improvements based on gained experience and new capabilities 
in the field of electronics components development. The following functions are 
intended for inclusion in the next version of the torque meter: energy harvest-
ing on the shaft; automatic zero calibration from the receiver side; signal scaling 
from the receiver side; measurement of shaft revolutions; diagnostics of clear-
ances and high-resolution ADC (24 bits).

Fig. 5.3. Testing of telemetry torque meter:  
(a) transmitter mounted on the laboratory rolling mill shaft;  
(b) signals obtained from receiver in several subsequent tests

(a)(a) (b)(b)
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Testing of the torsional measurement system determined such metrological 
characteristics as sensitivity to transverse and axial impacts on the shaft and fre-
quency response functions of the whole channel. Other factors requiring fur-
ther investigation include temperature influence on the sensor, especially creep 
of the adhesive compositions, and the effectiveness of sealing materials against 
moisture and dust in the underground conditions. Further work is focused on 
the application of the improved system for mobile vehicles and multi-motor 
drives of belt conveyors. One more application of torque meters is the realisation 
of feedback control loops for active torsional vibration damping in multibody 
drivelines.

Torque sensors on the rotating shafts can be categorized as a new class of 
“on-shaft” measurements or “moving sensors”, which can inspect industrial ma-
chines. The torque sensor signal allows simultaneous recognition of numerous 

Table 5.1. Parameters of the torsional vibrations measurement system

Parameter Value

Measurement range factor 2, 4, 8

The primary sensor type strain gauge 200–700 Ohm

Current consumption up to 30 mA

Sensor power supply on the shaft battery or inductive 3...4 V

Type of signal frequency modulation FM

Frequency deviation 15 kHz

Sampling frequency of the transmitter 600–750 Hz

Data sampling 8 bits

Frequency range of the measured signal 300 Hz

Data transfer rate via the radio channel 19–38 Kbps

Distance to the receiving antenna 10–20 m

Allowable shaft rotation speed 3000 rpm

Allowable vibration on the shaft in all directions 100g

Operating temperature in the measurement zone –10… +85 C

Measurement accuracy 0.3...0.4%

Carrier frequency (two frequencies allowed) 433.92 MHz

Output signal (digital/analogue) 0...10 V

Protection IP67
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defects like cylinder phasing and fuel injection in the vehicle engine, transmis-
sion errors, friction forces in clutches, damping of hydraulic couplings, inhomo-
geneity of gear meshing, and angular gaps in kinematic pairs. The installation of 
such a torque measurement system in industrial machines makes it possible to 
optimize technological regimes to reduce overloads and to calculate the remain-
ing useful life of components.

5.2. Electronic device for backlash measurement

The developed electronic device for backlash measurement in the drivelines of 
industrial machines is represented in [401]. The measurement method consists 
in sequential reversion of the DC electric drive and rotation in both directions for 
10–20 revolutions to stabilise the rotation speed. For reliable closure of the gaps, 
a small load moment (up to 5–10% of the load) on the work roll is required. Sen-
sors are mounted on both sides of the diagnosed coupling.

Simulation of backlashes measurement on a model. The mathematical mod-
elling of the proposed method is performed, bringing it as close as possible to 
real conditions. For this purpose, a design diagram of drivetrain was developed, 
containing the main elements and couplings with potential backlashes (Fig. 5.4). 
The scheme consists of an electric motor rotor (eng), a pinion shaft (gw1) and 
a gear wheel (gw2) (z1 = 26, z2 = 188), a  lower (pw1) and upper (pw2) rolls of 
a gear stand and a lower (wr1) and upper (wr2) work rolls. Angular clearances in 
the joints: motor coupling (Δ1), gearing of the reducer (Δ2), main coupling (Δ3), 
gearing of the gear stand (Δ4), lower (Δ5) and upper (Δ6) universal spindles. It was 
assumed that the driveline stopped at an arbitrary position. All angular clear-

Fig. 5.4. The layout of the gear driveline and backlashes positions
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ances are closed in the main direction of rotation of the rolling stand. Speed sen-
sors should be placed at the uppermost point of rotation of the main elements. 
According to the scheme, there are 7 sensors and measured signals. The values 
of all 6 gaps in the given diagram are arbitrarily set.

A  hypothetical algorithm for the rotation of the motor rotor is assumed. 
First, its speed is zero, then in a couple of seconds it accelerates to the set speed 
(40 rpm), rotates at this speed for 50 seconds, slows down, stands still for a few 
seconds, accelerates in the opposite direction, rotates at this speed for 57 sec-
onds, slows down and stops (Fig. 5.5).

Fig. 5.5. Electrical motor speed diagram for one measurement test

Fig. 5.6. The simulated signals of rotation speed sensors of the driveline
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Fig. 5.7. Fragment of signals measurements at the forward drive rotation

Fig. 5.8. Fragment of signals measurements at the backward drive rotation

When all of the above-mentioned conditions are met, such signals are obtained 
(Fig. 5.6).

To determine the angular backlash in the joint, it is necessary to select the record-
ing fragments in phase with each other, i.e., symmetric, where the axis of symmetry 
will be the moment of stopping. Such fragments are shown in Figures 5.7 and 5.8.
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For the forward drive rotation in Figure 5.7, the clearance in couplings is 

closed to one side of contact surfaces and the pulse offset is zero. The exception 
is coupling 2, where the speed is reduced and the signal offset (dT2a) inevitably 
occurs. The fragment at 65–67 seconds is in phase with this fragment. In this 
case, the backlashes in all joints are completely open and we see a shift in im-
pulses along the entire driveline (Fig. 5.8).

To calculate the backlash in all joints, such dependences are used (rad):

	

� ��
� � �

� � �

2 21 3Δ1 ; Δ2 ; Δ3 ;

4 5 6Δ4 ; Δ5 ; Δ6

dT r dT adT r dT r
Teng Teng Twr
dT r dT r dT r
Twr Twr Twr

	 (5.1)

Thus, we have tested on a mathematical model a method to measure angular 
clearances, which can be applied to the drivelines of industrial machines.

Hand-held device for the angular gaps measurement. The proposed method 
of diagnosing gaps is based on the use of two standard speed sensors installed 
on the side surfaces of the shafts, and recording the time interval between suc-
cessive pulses of the sensors at different points in the driveline. By comparing 
the difference in time intervals between pulses from the speed sensors during 
drive rotation in the forward and reverse directions, the total value of the gaps 
is determined. The open value of the angular gaps affecting the dynamics of the 
driveline is determined from the time intervals during idling and under load.

To implement this method of diagnosing angular gaps in the drivelines, an 
electronic device has been developed (Fig. 5.9) using contactless shaft rotation 
sensors as the primary transducers: two optical (Fig. 5.9a) or Hall-type sensors 
(Fig. 5.9b) with cables; two optical marks or two magnets mounted on the shaft; 
electronic device (Fig. 5.9c). Sensors are connected to the device via cables (see 
inputs 1 and 2 in Fig. 5.9d). There is also a communication port for recording out-
put digital signals from sensors to a computer (see connector with LED indicator 
in Fig. 5.9d).

The following elements are located on the front panel of the device (Fig. 5.9b):
•	 5-digit indicator (upper) difference in the number of pulses of sensors;
•	 5-digit indicator (lower) of the number of pulses per shaft rotation;
•	 switch (“1 → 2”, “2 → 1”) for selecting the master channel for the pulse gen-

erator;
•	 clock output switch (“TI”) to a computer;
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•	 instrument power switch (“On”);
•	 clock count start button (“Start”);
•	 clock frequency switch (“2...32 kHz”).
The functional scheme of the device is shown in Figure 5.10. The signals from 

the sensors come into the device, where after the channels’ switcher go to the 
clock pulse generator.

The frequency of clock pulses is selected in advance in the range of 2...32 kHz 
so as not to overflow the 5-digit pulse counter per shaft revolution. The genera-
tor clock switch also sets the sensitivity of the device depending on the size of 
the gaps. Button “Start” initiates the generation and counting of pulses when the 
shaft rotates in the forward and reverse direction. Switch “Ch” is used to output 
clock pulses as a test for checking the line of communication with the computer. 
Angular gaps are determined by calculating the ratio of the value on the upper 
indicator to the value on the lower indicator. Linear clearance is determined by 
the initial diameter of the shaft or gear wheel.

With a minimum sampling rate of 0.0005 s (2 kHz), and shaft rotation speed of 
1 rot/s, the detectable angular clearance is 0.0005 × 2π = 0.00314 rad (0.18 grad). 
For a shaft of 400 mm diameter (200 mm radius), linear (tangential) backlash is 
about ∆ = 200 × 0.00314 = 0.628 mm. The largest gaps (up to 5–8 mm) are formed in 
the spindles with bronze slipping pads, while gearbox teeth wear is 0.2–0.5 mm. 
To diagnose such gaps at a shaft speed of 10 rot/s, the accuracy of determining 
the time intervals between pulses of two sensors should be about 0.1–0.5 ms, 
which corresponds to input signals sampling frequency 10–20 kHz. The maxi-

Fig. 5.9. Backlashes measurement device:  
(a) optical sensors; (b) Hall sensors; (c) design of front panel; (d) back panel view

(a)(a) (b)(b) (c)(c) (d)(d)
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mum sampling rate of the device is 32 kHz, hence, it covers the full range of 
industrial machines.

This device can work as a  separate tool with battery power and as part of 
a measuring and computing complex based on a computer. To input signals from 
the device and save to the hard drive of the computer, the cable and connector on 
the back panel of the instrument are designed. In this case, signals can be input 
even without a special ADC board, and through the line-in input of a computer 
sound card. At the same time, in connection with the well-known property of 
sound cards to differentiate input signals, instead of each rectangular pulse, two 
pulses of different polarity are obtained, a positive pulse at the leading edge and 
a negative pulse at the falling edge of the original signal, which is then taken into 
account when processing in software. The ability to input signals from the device 
through a sound card greatly simplifies and reduces the cost of system configura-
tion, since the cost of ADC boards is quite high and can be comparable to the cost 
of a simple computer.

The portable diagnostic device is realized with non-programmable logical el-
ements. Further implementation is supposed to be based on a microcontroller 
with an LCD, which allows a better visualization and calculation of gaps directly 
in the device from an assigned user diameter, as well as considerable reduction 
in the size and power consumption of the device.

Fig. 5.10. Functional scheme of the device for measuring angular backlashes  
in the drivelines
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The developed device is tested on several drivelines of industrial rolling mills, 
as well as on auxiliary machines (strip coiler), where it showed good performance. 
Shaft rotation sensors are installed on the equipment using conventional magnet-
ic tripod mounts at a distance of 10–20 mm from the shaft, on which two magnetic 
tags were installed with a diameter of 10 mm on both sides of the diagnosed unit, 
e.g. gear coupling (Fig. 5.11a) or a pressure screw gearbox (Fig. 5.11b).

Special mounting magnets on the shafts are not required, because drives are 
low-speed (up to 3–5 rot/s). The shaft in the place of installation of the magnets 
is only wiped with a grease cloth. The dimensions of the sensors on the shafts 
allow them to be installed on the short sections (up to 30–50 mm), for example, 
between the gear coupling and the gearbox housing, on the roll neck and the 
heads of the spindles.

With the help of the developed method and device, the inspections of drive-
lines in several rolling mills were performed. An example of backlash measure-
ment is shown in Figure 5.12. The average value of angular backlash is determined 
as 5.15 mm with an acceptable standard deviation ±0.31 mm (6%). Systematic 
and random errors are considered following the Performance Test Standard PTC 
19.1-2005 “Test Uncertainty” by the American Society of Mechanical Engineers 
(ASME). The main deviation creates drive rotation speed. Therefore, the minimal 
available by the electric drive idle speed should be used. The laboratory testing 
showed a potential accuracy of up to 0.1 mm. The results are less dependable on 
absolute rotational speed and applicable for a wide range of drive speeds.

The designed device and method of backlash measurement can be imple-
mented in the monitoring systems of torsional loads. An important function of the 

Fig. 5.11. Measurement of gaps in the driveline: (a) gear coupling; (b) screw reducer

(a)(a) (b)(b)
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proposed method and device is the ability to evaluate (continuous adaptation) the 
stiffness (compliance) of the driveline sections. Since the inertial parameters of the 
equipment practically do not change during operation, the obtained value of stiff-
ness allows online identification of the dynamic model and performs peak torque 
calculations in those elements where torque meters are not possible to install.

By the same rotation sensors, the influence of spindle slot angular position 
(Fig. 5.13a) is measured and its influence on torsional dynamics is determined. 
Torque measurement is performed by the telemetry devices installed on the inter-
mediate shaft in one driveline and on the motor shaft in the other. Statistical distri-
butions of TAF concerning spindle angular position are shown in Figure 5.13b, c. 

Fig. 5.12. Diagrams of backlashes measurement in the driveline:  
(a) time of rotations (angular speed); (b) measured angular backlash  

(mean value 5.15 mm, standard deviation ±0.31 mm)

(a)(a) (b)(b)

Fig. 5.13. (a) Design of spindle with slip pads; TAF measured by the spindle slot 
angular position in two different drivelines: (b) with two gearboxes;  

(c) with one gearbox

(a)(a) (b)(b) (c)(c)
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Each point corresponds to one cycle of loading (slab rolling). Polynomial regres-
sion is used to approximate statistical data. The 0°, 180°, 360° angles correspond to 
the vertical slot position when TAF is the highest due to the unstable state of the 
head, and 90°, 270° – to the horizontal head position when TAF is the lowest due to 
gap (δ) closing by the laying head weight.

TAF deviation reaches 30–50% from the mean value. Such measurements and 
data representation allow the separation of other influencing factors and numer-
ically estimate the statistical dependence of dynamics on angular slot position, 
which is caused by improper balancing and could be used for maintenance pur-
poses.



6. MODEL-BASED METHODS OF DYNAMIC 
ANALYSIS AND WEAR DIAGNOSTICS

Higher dynamical loads resulting from intensive loading regimes cause tran-
sient torsional vibrations in the drivelines of industrial machines. Backlashes are 
considered the main parameters of the technical condition of heavy-duty ma-
chines. Some maintenance practices can help to reduce them but cannot avoid 
them completely. To overcome problems with the non-stationarity of diagnostic 
signals, new methods are developed, which use nonlinear effects for diagnostics 
purposes. In the analysis of electromechanical systems of machines, the multi-
degree-of-freedom (MDOF) models are used for their diagnostics.

6.1. Angular backlashes diagnostics by the transient torque signal

The analytical research of nonlinear multibody systems usually assumes reduc-
ing the initial system to less DOF. That is inefficient when it is required to solve 
tasks of wear diagnostics. The higher natural modes may give a small contribu-
tion to the overall energy of torsional vibration but contain information about 
changes in nonlinear stiffness characteristics.

The possibility of measurements in the industrial machines helped to under-
stand and estimate the influence of angular and radial backlashes on the vibra-
tion and torque signals. Torque measurements were performed using the telem-
etry system. The vibration was measured with the 4-channel signal conditioner 
(PCB model 48A22) and IMI Sensors accelerometers (model 603C01). The special 
software was used for signal recording and FFT transformation in conjunction 
with low-pass filtering and other signal-processing procedures.

The dynamical models of drivelines with enough detailed springs and masses 
were developed for diagnostic purposes [402, 403]. Model identification has been 
performed in a time domain and a frequency domain. The calculated natural fre-
quencies of the investigated drivetrain were as follows 12, 15, 20, 34, 55 and 81 Hz. 
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The torque signal has peaks at the lower frequencies, while the vibration has them 
at the higher range (Fig. 6.1).

None of the frequencies of teeth couplings or bearings is observed in this fre-
quency range. A little peak was observed in the torque signal at 67 Hz near the 
frequency of motor shaft rotation. The difference between the calculated and mea-
sured natural frequencies does not exceed 2%. The accuracy is good enough, tak-
ing into account the low frequency range and short time of the transient process.

The well-known fact that the opening of backlashes causes high-frequency 
vibrations was confirmed by simulation. It cleared up what frequencies exactly 
appear in the signals of torque and bearings vibration and how they could be 
used for backlash diagnostics. The comparison of model simulation and experi-
ment (Fig. 6.2) has shown that higher natural frequencies associated with, but 
not equal to, partial frequencies of torsional vibrations appear in the torque sig-
nal. Also, the 2nd and 3rd harmonics of the main natural frequency will appear. 
The torque curve exhibits non-isochronism, which appears when the first period 
and the next periods of torque oscillations are not equal. The length of the period 
depends on wear in couplings and may be determined for diagnostics purposes. 
Such regularities have been adopted for wear diagnostics. The vibration signal 
requires additional low-pass filtering in analysis.

Fig. 6.1. Spectra (averaged) of measured signals: (a) torque; (b) vibration
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The spectrum amplitudes and phases (A12…A81 Hz) of corresponding natu-
ral frequencies (Fig. 6.3) were obtained for different wear (angular backlashes) of 
the gearbox and spindles. The algorithm of diagnostics is based on a combination 
of the amplitudes and phases at the different natural frequencies. In this case, 
variable A20 Hz and its phase are the most sensitive to wear by torque signal. For 
example, after the 2.5 mm wear in spindles, A55 Hz amplitude becomes less than 
A20 Hz. In this manner, other variables can be analysed to build different diag-
nostic rules, which vary for other points of torque and vibration measurement.

The proposed approach can diagnose opened part of backlashes, which has 
effects on driveline dynamics. In vibration measurements, radial gaps in the 
bearings have the same influence on the TAF as the angular gaps. The highest 
TAF corresponds to the opposite direction of shaft weight and gear coupling reac-
tion force. The response of the linear dynamic model is taken as reference values 
for wear diagnostics.

Fig. 6.2. Nonlinear torsional vibration: (a) calculation; (b) measurement

(a)(a) (b)(b)

Fig. 6.3. Amplitudes and phases at natural frequencies (A12…A81 Hz)  
by the backlash in: (a) spindles; (b) gearbox

(a)(a) (b)(b)
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6.1.1. Diagnostics by the static and dynamic torque relation

The torque amplification factor (TAF) is one of the parameters for the estimation 
of system dynamics. For nonlinear systems, the dynamic response depends on 
static load (rolling torque). It was shown (Fig. 6.4) that the less static input torque 
Mst causes higher TAF, which nonlinearly depends on angular wear (0.000–0.012 
rad). Such nonlinearity is almost invisible for Mmax curves and is usually not tak-
en into account in the strength capacity and durability calculations of the drive-
lines. However, such dependence can be used for diagnosing angular backlashes 
by the torque signal measurement [404].

The nonlinear functions Mmax = F(Mst) and TAF = F(Mst) obtained by torque 
measurements in the real hot rolling mill are given in Figure 6.5, where discrete 
values correspond to certain Mst levels during mill operation. The diagnostic 
method is based on a simple mathematical operation of measured data approx-
imation by the polynomial function of 2nd order and comparison with modelled 
data for the same section of the driveline.

6.1.2. Statistical analysis and spectral representation of the input loads

The huge data sets stored in the databases of process automation systems and 
condition monitoring systems make it possible to improve continuous hot rolling 
mills’ performance and reliability from the viewpoint of dynamics. The standard 
representation of input loads based on probability statistical distribution pro-

Fig. 6.4. Modelled nonlinear dependence of (a) TAF  
and (b) Mmax on static torque Mst for different angular backlashes in the spindles 

(0.000–0.012 rad)

(a)(a) (b)(b)
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vides the upper limits of stresses and strength capacity for machine designers, 
however, does not allow them to estimate the effect of input loads on machines’ 
dynamic response. In this regard, the combination of statistical fields of input 
load scattering with the frequency response functions (FRF) is more informa-
tive. Conversion of step-like input loads into the frequency domain is carried out 
provided that the time of load rising is equivalent to the half-period of input load 
oscillation.

An analysis of the experimental data of the gaps in the spindles and drivelines 
showed that the magnitude of their open part has a complicated distribution. If 
the gaps in the spindles change according to a sinusoidal law (at different speeds 

Fig. 6.5. Measured nonlinear statistical relations of Mst with: (a) TAF; (b) torque Mmax

(a)(a) (b)(b)

Fig. 6.6. Normal (upper) and uniform (lower) distributions of torques  
in the driveline: (a) input static loads Mst; (b) TAF; (c) output dynamical load Mmax

(a)(a) (b)(b) (c)(c)
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and weight balancing force of the spindles), the open gaps along the driveline has 
a rather uniform distribution.

The calculations are made for the normal (Gaussian) and uniform distribu-
tion of the input load (rolling torque) on the work rolls (Fig. 6.6). In statistical 
simulations, several data sets were applied with the same distribution param-
eters (mean and deviation).

Fig. 6.7. Distribution of torques and their statistical parameters (skewness, variance) 
for the driveline elements (0–7): (a) in the linear system without backlashes;  

(b) with backlashes in both spindles 0.012 rad (6 mm)

(a)(a) (b)(b)
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The distributions of dynamic loads and distribution parameters in the linear 
system of the driveline without the wear and in the presence of clearances in 
both spindles are shown in Figure 6.7.

Those differences in the parameters of distributions constitute diagnostic 
methods based on statistical data analysis. Calculations showed that in a lin-
ear dynamic system of a  driveline without gaps, regardless of the number 

Fig. 6.8. Representation of input loads in the drivelines of  
continuous hot rolling mill (stands 0–4) by (a) spectra; (b) statistical distributions

(a)(a) (b)(b)
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and structure of elastic links, the distribution parameters of the system re-
sponse at each point do not change (rounding error bounds), which confirms 
the theory.

The results of dynamic loads analysis by the FRF method are shown in Fig-
ure 6.8 for the rolling mill stands. The spectra of the input loads, i.e., the depen-
dence of the amplitude on the time of input torque rising as the half period of 
oscillation. This representation of the input load corresponds to the real term 
of “load spectrum”, which often means only the distribution of load amplitudes 
over the levels. For statistical calculations, the initial load spectra are approxi-
mated by second-order polynomial dependences on frequency.

The use of spectral representation of input loads combined with FRF makes it 
possible to determine the spectra of dynamical loads along the drivelines with dif-
ferent layouts. The example of spectral representation of the measured input loads 
Mst and dynamic responses Mmax in the five consecutive stands of a continuous hot 
rolling mill is shown in Figure 6.9. Also, the FRF at the motor shaft is given there. 
The fields of scattering look like discrete lines due to the different series of rolled 
strips’ thicknesses. Frequencies of input loads are calculated as a double time of 
load torque rising. Since the rolling speed increases due to strip elongation, the 
input load frequencies shift to a higher frequency band with a stand number.

The neighbouring stands of the continuous mill have almost equal lowest nat-
ural frequencies of the drivetrains. As could be seen in Figure 6.9, the input load 
frequencies lay in the resonance bands of stands 4 and 5. Therefore, drivetrain 
dynamics can be reduced by the speed control in the stands to avoid loads scat-
tering fields coinciding with the resonance bands in every stand.

The measurements have shown that input load Мst has usually a Gaussian 
(normal) distribution. The mean value М*

st and standard deviation σМst of the in-
put static load can be determined by the electrical motor current. The problem 
of dynamic loads statistical calculations in the nonlinear mechanical systems of 
drivelines can be solved analytically based on the previously introduced polyno-
mial relation of Mst and Mmax. Then, a mean value of the output dynamic load 
М*

mах can be described as:

	 � �
�

��

� � ��*
max max st stM M P M dM ,	 (6.1)

where P(Mst) – normal density distribution function of Мst (for simplicity, vari-
able Мst is taken with a zero mean, which does not influence the generality of the 
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result). Substituting the polynomial function Mmax(Mst) (3.25) and P(Mst) in (6.1) 
and integrating by Мst gives:
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It means that in such kind of nonlinear system, the maximum output torque 
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Based on the above-derived relations, the statistical parameters of output 
loads can be estimated for every section along the drivetrains. Every driveline 
coupling will have its specific polynomial coefficients ai varying during mill op-
eration. Such an approach improves the reliability of strength capacity calcula-
tions at the design stage.

6.2. Torsional vibration monitoring by using  
electric motor current

Exceeding the dynamic load of the permissible limits in the transmission ele-
ments such as clutches, spindles, and gears causes their failure. The disadvan-
tages of the known methods of mechanical load determination for a long-time 
operation of industrial machines are high requirements for gauge sensor dura-
bility, stability of power supply on the transmission shaft, and the reliability of 

Fig. 6.9. Input loads spectra and the FRF of motor shaft for the five stands
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signal transmission from the rotating shaft by the radio channel. Another draw-
back of the known methods when installing sensors in transmissions is the need 
to calibrate them with static torque in the test rigs, which have to provide large 
torque values (up to 2–3 MN∙m). The technical difficulties of calibration increase 
even more because the dynamic moment of the load in real conditions exceeds 
the static 3–5 times. Besides, there are elevated temperatures, significant electri-
cal interference, metal dust and vapours of lubricants, and imbalance of shafts 

Fig. 6.10. A typical drivetrain of the rolling mill: 1 – DC electric motor; 2 – shaft;  
3 – gearbox; 4 –gear coupling; 5 – pinion stand; 6 – slipper pads spindles;  

7 – work rolls; 8 – backup rolls

Fig. 6.11. Measurements of mechanical load by the (a) torque sensor;  
(b) electric motor current

(a)(a)

(b)(b)
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Fig. 6.12. Transient signals processing: (a) original and low-pass filtered signal;  
(b) amplitude of load oscillations by the difference signal of electric current

(especially spindles), which require re-calibration of sensors, e.g., by the electric 
drive current signal. The accuracy of mechanical torque measurement by the 
known methods is about 5%. Another disadvantage is that torque sensors have 
a high complexity of installation and maintenance, which create delays during 
the operation of machines.

The method of dynamic load monitoring in the driveline described in [405] 
involves the measurement of the difference signal of counter-EMF in two serially 
connected DC electric motors. The disadvantage of this method is that it does not 
determine the amplitude of torque oscillations in transmissions with a single DC 
drive. The value of the difference counter–EMF depends on the variance of the 
values of the electrical parameters of the two electric drives, each of which may 
be up to 5%. Therefore, the maximum error in determining the amplitude of 
mechanical oscillations is about 10%.

The task is solved by dynamic torque monitoring in the transmission of in-
dustrial machines by the signals of the DC electric drive [406]. A new method of 
torque monitoring is based on a signal of electric current, which is measured 
during load increase. Then, the difference is determined between the dynamic 
signal and output signal after a  low-pass filter with a cut-off frequency of less 
than a half of the fundamental frequency of the natural oscillations in the trans-

(a)(a)

(b)(b)
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mission. The value of the maximum mechanical torque is determined by the 
amplitude of a differential signal. The essence of the method is illustrated with 
diagrams. Figure 6.10 shows a  typical layout of the drivetrain, e.g., in the hot 
rolling mill.

Figure 6.11 shows an example of simultaneous measurements of mechani-
cal torque oscillations and the electric drive current. Signal processing is shown 
in Figure 6.12 where the differential signal is calculated of the original electric 
motor current and low-pass filtered signal. Figure 6.13, a line graph, shows the 
coefficients of dynamics Kd(m) measured by a torque sensor, the coefficients of 
dynamics Kd(e) determined by the proposed method and the difference signal 
(Amax – Amin) of the motor current.

The method was tested on the driveline, consisting of a DC motor powered by 
a thyristor converter. Simultaneous measurements are performed by the strain 
gages with the telemetric system on an intermediate shaft during the transient 
loading. For each measurement, the following parameters were consistently de-
termined.

The coefficient of dynamics by the amplitude of oscillations of mechanical 
load:

	 ( ) ( ) ( )max 0 0std mK M M M M= − −  ,	 (6.4)

where M0 is the moment of idling, Mst is the moment of static load, and Mmax is 
the maximum moment of mechanical loading.

The difference signal of the electric current and signal after the low-pass fil-
ter with a cut-off frequency of 5 Hz, which is less than a half of the basic natural 
frequency (15 Hz) in this driveline:

	 � �max minΔ –A A A� ,	 (6.5)

The functional relation Kd(e) = f(ΔA) is determined by the measured data.
The maximum moment of mechanical loading:

	 ( ) ( )max 0 0st d eM M M K M= − ⋅ +  .	 (6.6)

The dependence Kd(e) = f(ΔA) obtained at the training stage is used further 
without the use of the mechanical load measurements. When calculating Mmax, 
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parameters Mst and M0 are determined by the current load signal, taking into 
account the driveline efficiency (90%).

Then, the values of Kd(m) obtained by the measured mechanical load at the 
stage of training, and the values of Kd(e) obtained by calculation are compared. 
The average relative error in determining the amplitude of oscillations of the 
mechanical load by the proposed method is about 10%. Hence, this is the 
method that provides a relatively simple solution, with acceptable accuracy but 
without the use of torque sensors, that determines the amplitude of torsional 
oscillations in the transmission of machines by using the electric motor cur-
rent signal.

The parameters of the monitoring method depend on the design of each spe-
cific transmission, namely its main natural frequency, which is usually 10–20 Hz. 
To extract the informative component from the difference current signal, it is 
necessary to set the cut-off frequency of the low-pass filter to less than a half of 
the main natural frequency in transmission, which can be determined by known 
calculation methods according to the drawings of the transmission units and 
specified experimentally.

Since the basic natural frequency of the torsional system does not change af-
ter repair and replacement of machine parts (stiffness and moments of iner-
tia of rotating masses are constant), the cut-off frequency of the low-pass filter 

Fig. 6.13. Coefficients of dynamics (TAF):  
Kd(m) – mechanical load measured by a torque sensor;  

Kd(e) – determined by the new method;  
(Amax – Amin) – difference of electric currents signals;  
every point corresponds to one slab rolling cycle
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is determined once when setting the monitoring system. The proposed meth-
od does not require the installation of additional sensors and devices on rotating  
shafts.

6.3. Diagnostics of bolts loosening and radial backlashes  
in the gearboxes

The measurement of radial clearances in bearing supports and detection of bolts 
loosening due to their plastic elongation (creep) or weak tightening is an import-
ant issue for the maintenance of the heavy-duty gearboxes of powerful industrial 
machines. The solution to this problem is based on a nonlinear dynamical model 
of bearing supports. Diagnostic rules are developed and validated by the vibra-
tion signals measured on real gearboxes during several series of industrial trials. 
It has been discovered that radial clearances are the top factors affecting failures 
in heavy-duty gearboxes of industrial machines working under impulsive and 
step-like loading.

6.3.1. Nonlinear dynamical model of a shaft with bearings supports

Peripheral wear of the bearings on the transmission shafts and contacting sur-
faces of housing in heavy-duty gearboxes cause the appearance of radial gaps, 
which are open during the idling of the machine and closed after loading when 
the shaft moves to its steady working position. At the initial stage of wear, the 
open radial gaps cause nonlinearity (such as a dead zone) of the stiffness charac-
teristics in the transmission supports, which leads to a significant increase in the 
amplitude of shock loads. Under gradual wear, contact opening of the fastening 
bolted joints occurs under more severe impacts. This leads to a fracture in the 
stiffness characteristics of the bearing. Wear of bolts (creep and plastic elonga-
tion) may cause failures of even newly installed gears, which have not yet been 
subjected to cyclic fatigue; therefore, clearance diagnostics is an important task 
in machine maintenance.

A nonlinear dynamical model with a circular clearance is developed to inves-
tigate transient vibrations in bearing supports [407, 408]. The disturbance for the 
shaft comes from the torque applied to the gearbox. The calculating scheme of 
the dynamical model is shown in Figure 6.14a, which describes the gearbox shaft 
oscillations in the bearing support with the initial gap and bolted joint opening in 
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a vertical direction. Notations are as follows: P – bolt pre-load (tightening force); 
Fx, Fy – horizontal and vertical forces; G = Mg – gravity force of shaft; m – mass of 
the bearing cover; M – mass of the gearbox shaft; Kb – stiffness of fastening bolts; 
Kh – stiffness of the gearbox housing; Ky – stiffness of the bearing in the vertical 
direction; Kx – stiffness of the bearing in the horizontal direction; δy, δx – total 
clearance along the vertical axis Y and horizontal axis X; δp – deformation at the 
fracture point.

The nonlinear (piecewise) stiffness characteristics of the bearing support in 
the Y and X directions are given in Figures 6.14b and 6.14c. The Fy line has an 
additional fracture point (δp, P) and less stiffness beyond it, which corresponds 
to the bolt loosening effect and contact opening above a certain level of loading. 
The Fx line has no such point because of gearbox housing has no changes in 
stiffness characteristics after gaps close up in this direction.

The following assumptions are considered in the dynamical model simula-
tions:

•	 the effect of friction is accounted for in the damping factor;
•	 the stiffness of bolts and bearings without clearances is independent of 

load;
•	 shaft impacts do not produce plastic deformations of bearings and bolts;
•	 shaft motion is synchronous for both bearing supports.
•	 in the case of joint opening, vertical shaft motion is without shear stress 

on bolts.
The system of nonlinear differential equations of the model is as follows:

Fig. 6.14. Dynamical model of gearbox shaft in the bearing:  
(a) calculating scheme; (b) nonlinear stiffness characteristics of the bearing  

with a clearance in (b) vertical and (c) horizontal directions

(a)(a) (b)(b) (c)(c)
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where x, y, z – coordinates of motion; Cx, Cy, Cb – damping factors; Km – total stiff-
ness of bolts (Kb) and housing (Kh). The right part in formula (6.7) is a radial force 
in helical gearing; Ft – tangential force in the gearing; αn – normal pressure angle of 
gear; β – helix angle of gear; n – number of bolts; P – bolt pre-load (tightening force).

Nonlinear stiffness with radial clearance is described as follows:
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The components of deformations projected on axes X and Y:
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where δx, δy – initial clearances in the bearing; �2 2x y  – shaft displacement 

from the initial position; � �� �2 2
xx y δ  – bearing deformation.

The absolute value of the reaction force in the gearbox support is:

	 � �2 2
x yR F F ,	 (6.14)

where Fx, Fy – horizontal and vertical forces acting on the shaft.
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The main mode frequency of shaft natural vibrations in the bearings supports:
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During the period of rising load on the working tool (digging phase of a min-
ing machine, slab biting in rolling mills), the reaction on the bearing of each trans-
mission element depends on the radial gaps (including installation clearances and 
wear) and bolt loosening (weak tightening). In this case, the greater the radial clear-
ance, the greater the amplitude of the vibration and phase shift at the natural fre-
quency of radial oscillations of the shaft. These features are common for piecewise 
linear systems and can be used for the diagnostics of bearings and bolted joints.

6.3.2. Calculations by a dynamical model

The parameters for dynamical model simulations are taken from the investigated 
gearbox specification. Gears meshing angles αn = 20°, β = 33°, the input shaft mass 
M = 1570 kg; four (2 per side) double row tapered roller bearings 2097960 SPZ (300 
× 420 × 160 mm); six bolted studs M48 × 800 mm per every support, housing cover 
mass is m = 940 kg. The stiffness of housing Kh = 1.480 × 109 N/m; bearing Ky = Kx = 
1.544 × 105 N/m; bolts Kb = 7.509 × 108 N/m. Pre-loading of bolted studs varied from 
20% and up to 70% of the proof stress in the range of elastic deformation of steel.

The solutions for the system of differential equations were obtained by the 
4th-order Runge–Kutta method of numerical integration with a  constant time 
step. Results of the dynamical model simulations are shown in Figure 6.15. The 
time series of torque and vibration show similar behaviour (Fig. 6.15a) because 
the increase of torque corresponds to the vertical motion of the input shaft and 
shocks into the upper cover. The trajectory of the shaft centre of mass motion 
in the case of the radial clearances ±1 mm in the bearing is represented in Fig-
ure 6.15b. The trajectory parts beyond the solid line circle correspond to elas-
tic deformation, while shocks with amplitudes beyond the dotted line cause the 
unrecoverable plastic deformation of the bearing elements (rings, rollers). The 
trajectory of shaft motion may be irregular and depends on many parameters, 
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but the main factor is the radial clearance. Applied forces cause dynamic incli-
nation of the shafts during the transient oscillations within the radial gaps, un-
even distribution of instantaneous contact loads on the gears’ contacts and their 
failure. The reasonable value of total clearance (about 1.6 mm) for undertaking 
maintenance actions can be determined from Figure 6.15c. It corresponds to the 
recommended bearing specification dynamic load capacity.

The same representations of radial clearance effect on the dynamic loading 
can be built for the bolt studs following their cross-section and yield stress of 
material to determine a reasonable moment of their replacement taking into ac-
count the accumulated plastic deformation (number of tightening).

Maintenance staff, performing online vibration monitoring or scheduled 
manual measurements of the shaft supports in the gearboxes, establish the ten-
dency of the main natural frequency, amplitude and phase changes. On this ba-
sis, they predict the wear of bearings and decide on the maintenance actions, 
namely, bolts’ tightening and bearing replacement, i.e., to serve the equipment 
by its real technical condition. The successful implementation of the proposed 
method of diagnostics into the maintenance practice involves the following steps:

1)	 Determine the approximate range of natural shaft oscillation frequency 
in the supports by the model (in our case, the natural frequency changes 
within the range 71–123 Hz).

2)	 Determine the initial clearance in the bearing during its installation on the 
shaft with calibrated probes or take the value from the bearing specification.

3)	Perform vibration measurements on the bearing supports of transmission 
shafts and build the amplitude-frequency and phase-frequency diagrams.

Fig. 6.15. Results of simulations in the time domain:  
(a) torque and vibration; (b) trajectory (orbit) of shaft centre of mass motion;  
(c) dependence of maximum radial load in the bearing on radial clearance

(a)(a) (b)(b) (c)(c)
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4)	Determine the natural frequency fn of the shaft oscillations and its higher 

harmonics (2 × fn, 3 × fn) by using the measured vibration signal in the pre-
calculated range.

5)	Determine the change of natural frequency, amplitude and phase at its 
higher harmonics by comparing the values in the previous measurement 
and the trend graphs.

6)	Determine the wear (radial gap) in the bearing by the small change of natu-
ral frequency, the amplitude and phase at the natural frequency and its 
higher harmonics (<10%).

7)	Determine the opening of the bolted joint by the significant decrease of 
natural frequency, amplitude and phase at the natural frequency and its 
higher harmonics (>10%).

8)	Carry out the tightening of the bolts in the bearing supports and continue 
vibration measurements.

9)	If the natural frequency, amplitude and phase at the natural frequency and 
its higher harmonics have not returned to the previous measurement val-
ues, replace the bolts and continue vibration measurements.

Fig. 6.16. Algorithm of radial clearances and bolts loosening diagnostics
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10)	 If the natural frequency, amplitude and phase at the natural frequency 

and its higher harmonics have not returned to the previous measure-
ment values, replace the bearing.

11)	 Determine the final radial clearance of the bearing after its replacement 
and adjust; if necessary, the previously obtained relations of the natural 
frequency, amplitude and phase at the natural frequency and its higher 
harmonics by the measured gap size to increase the accuracy of diagnosis.

The schematic representation of the diagnostics algorithm is given in Fig-
ure 6.16 along with the corresponding numbers of the steps from the descrip-
tion. Unlike the ISO 10816 standard, which is based on absolute values of vibra-
tion velocity to estimate condition, in heavy-duty gearboxes, comparing changes 
from the previous measurement is a more suitable approach.

The difference of 10% for recognition between bearing clearance and bolt 
loosening is derived experimentally by signal observation. It is valid for the in-
vestigated class of heavy-duty gearboxes and recommended to maintenance staff 
who inspect drivelines and measure vibrations every 3–4 days because of a high 
risk of failures. In the case of a permanent vibration monitoring system, this value 
can change by about 1.0–1.2% per day which corresponds to quick bolts loosen-
ing. After bolt tightening, vibration amplitudes are usually reduced by 8–10%. The 
wear of bearings and radial clearances contribute to gradual changes in the vibra-
tion amplitudes. For example, a change in natural frequency by 10% corresponds 
to a 20% stiffness change in the bearings, which can develop over several months.

This algorithm can be modified or adapted depending on maintenance prac-
tice in a given industrial plant or machine type, e.g., when bolts and bearings are 
replaced separately. In this case, the algorithm is applied individually for every 
shaft support.

To implement the model-based diagnostics, it is enough to have standard vi-
bration sensors installed on the bearing supports of transmission shafts. Then, 
systematic measurements of vibration signals are conducted during the rising in-
put load on the working tools of the machine and values of radial clearances with 
wear in bearings and bolted joints opening are determined. This is a principal 
distinction of the proposed method from the known approaches where a non-
stationary (cyclically stationary) signal is interpreted as having a comparatively 
small deviation of average and dispersion in rotor velocity or loading. Instead, 
here the transient signal is used for diagnostic purposes and its spectral analysis is 
conducted in the range of natural frequencies but not the kinematic frequencies.
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Since the natural frequencies of free oscillations do not change during the 

repairs and replacement of shafts, the proposed method has a higher noise im-
munity compared to the known methods of diagnostics at kinematic bearing 
frequencies. For the recording and analysis of the transient vibration signals, 
triggering signals of mechanical torque in the transmission or electrical motor 
current (taking into account the time delay of its response) can be used in condi-
tion monitoring systems.

6.3.3. Industrial trials

The method is tested in production conditions on a continuous hot rolling mill 
with the work rolls driven through the gearbox and the pinion stand. Experi-
ments are conducted using Industrial ICP® accelerometers for permanent instal-
lation PCB 603CX1 (sensitivity 100 mV/g, amplitude range ±50 g) and line-pow-
ered signal conditioner PCB 482A22. Data is acquired by a National Instruments 
16-ch 14-bit PCI-6071E ADC card and our software with a sampling frequency of 
2 kHz. The sensors were vertically mounted by a screw stud on a magnetic base 
for curve surfaces PCB 080A133 (force 378 N) on the bearing supports of the input 
shaft of the gearbox. In parallel to vibration, the torsional load was measured on 
the motor shaft with the telemetry torque meter. Angular clearances in the drive-
line were also measured by the developed method and device.

The investigated 1-stage gearbox is shown in Figure 6.17a. The bearings load-
ing of gearbox shafts depends on gearbox design (helical or spur gears, power 

Fig. 6.17. Industrial heavy-duty gearbox: (a) bolt studs joints;  
(b) bearing supports with applied torques and forces provoking  

shafts transient motions

(a)(a) (b)(b)
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paths), shaft position over stages, and the direction of shaft rotation concerning 
applied torques (Fig. 6.17b).

The extremely high dynamic regimes of this gearbox working in the trans-
mission of the industrial plant require frequent (once every several days) main-

Fig. 6.18. Measurements on two different gearboxes:  
(a) torque in the motor shafts and (b) vertical vibration on the bearing supports

(a)(a) (b)(b)

Fig. 6.19. Shaft vibrations depending on the radial clearance in the bearings  
(without opening the bolted joints): (a) amplitude; (b) phase

(a)(a) (b)(b)
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tenance actions for bolt stud tightening, especially on those bearing supports 
where shafts move from the bottom idle position to the upper position (the input 
shaft in our case).

Bolt stud joints of shafts are subjected to creep and elongation although their 
nuts are fixed by the second nuts on the top and with split pins on the bottom. 
Sometimes, fixing nuts are welded to each other by rods. Bearings quickly dete-
riorate due to the brinelling of rings and rollers under shock impacts from the 
gear shaft. Another problem is the contact load redistribution in gearbox cou-

Fig. 6.20. Parameters of transient vibrations of gearbox shaft (without the bolted 
joint opening): (a) natural frequency; (b) amplitudes; (c) phases of harmonics

(a)(a) (b)(b) (c)(c)

Table 6.1. Results of vibration measurements (Fig. 6.20)

Trial  
No.

Clearance, 
mm

Natural frequency 
harmonics, Hz

Amplitude,
mm

Phase, grad

1
0.2

(measured)

1 × fn – 120 0.020684 −87

2 × fn – 240 0.000189 149

3 × fn – 360 0.000054 −105

2
0.4

(predicted)

1 × fn – 115 0.019850 −120

2 × fn – 230 0.000457 81

3 × fn – 345 0.000078 −28

3
0.6

(predicted)

1 × fn – 110 0.017818 −141

2 × fn – 220 0.000913 55

3 × fn – 330 0.000108 148
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plings over the teeth length with subsequent cracks appearing at the end edges 
of teeth.

Several series of measurements were performed at intervals of one month 
at the same levels of technological load. Exemplary results of torque and vibra-
tion measurements conducted on the motor shafts of two gearboxes are shown 
in Figure 6.18. When analysing the transient processes in the gearboxes, it was 
found that the dynamic response of the shafts depends on the direction of their 
rotation. The maximum vibration is observed where the shaft gravity force and 
the total force applied from gear coupling are acting in opposite directions. The 
torsional load pulse causes the shafts to move within the radial clearance during 
the transient mode of motion to the steady position.

Usually, the calculated natural frequencies of the shaft lateral vibration are 
higher (100–400 Hz) than the natural frequencies range of the torsional system 
(10–30 Hz). Therefore, the radial gaps in the bearings distort the torsional vibra-
tion signal by the high-frequency components near or slightly above the idle 
torque level. In the case of minimal radial clearances, or when the shaft stays 
down in the bearing under load, the radial reaction to the torsional load repeats 
the patterns of the torque signal on the corresponding shaft.

After each series of measurements, the amplitude-frequency and phase-fre-
quency diagrams of the vibration signal were plotted in the low-frequency range 

Fig. 6.21. Shaft vibrations depending on the radial clearance in the bearings  
(with opening the bolted joints): (a) amplitude; (b) phase

(a)(a) (b)(b)
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of 500 Hz. Results of the measurement series No. 1 are shown in Figures 6.19 and 
6.20, and Table 6.1. The increase in the bearing wear (radial gaps) occurred from 
the minimum installation value (0.2 mm) to the maximum (0.6 mm). Graphs of 
the amplitude and phase diagrams of vibration with different wear (radial clear-
ance) in the bearing without opening the bolted joint are shown in Figure 6.19.

The natural frequency in Figure 6.20 has a linear dependence on the gaps in 
the bearing support. The amplitude and phase of oscillations at the natural fre-

Fig. 6.22. Parameters of transient vibrations of gearbox shaft  
(with the bolted joint opening due to plastic elongation): (a) natural frequency;  

(b) amplitudes; (c) phases of harmonics

(a)(a) (b)(b) (c)(c)

Table 6.2. Results of vibration measurements (Fig. 6.22)

Trial 
No

Clearance, 
mm

Natural frequency  
harmonics, Hz

Amplitude, 
mm

Phase,  
grad

1
0.05

(predicted)

1 × fn – 122 0.017270 −163

2 × fn – 244 0.000045 −118

3 × fn – 366 0.000041 −38

2
0.55

(predicted)

1 × fn – 106 0.018658 179

2 × fn – 212 0.000500 107

3 × fn – 321 0.000258 67

3
1.05

(predicted)

1 × fn – 81 0.027319 120

2 × fn – 162 0.002131 32

3 × fn – 243 0.000450 −172
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quency and its higher harmonics are close enough to the linear dependence but 
have a different (proportional or inversely proportional) character on individual 
harmonics, which is used to increase the reliability of the method.

In the course of gearbox operation, the amplitude of the shaft oscillations 
gradually changed and the bolted joint opening increased from the minimum 
value (about 0.05 mm) to the maximum (1.05 mm) when bolts may break due to 
plastic elongation and loosening. Results of the measurement series No. 2 are 
shown in Figure 6.21 and 6.22, and Table 6.2. Figure 6.21 shows graphs of the 
amplitudes and phases of vibration dependence on the wear (plastic elongation) 
of the bolts with the opening of the bearing bolted joint.

In the measurement series No. 1, the gap in the bearing was quite small (natu-
ral frequency about 123 Hz), but during the subsequent period of operation, there 
were large changes in natural frequency, amplitude and phase of oscillations 
(greater than 10%) that indicated the deterioration of fastening bolts.

The required tightening was performed, but in the next measurement No. 3 
the natural frequency, amplitude and phase did not change relative to the values in 
the previous measurement No. 2, therefore the fastening bolts were completely re-
placed. The only available measurement parameter after the replacement of bolts 
is their elongation, which was about 5%, i.e., beyond the elastic limit, hence, plas-
tic deformation is accumulated as a result of their multiple previous tightening.

Based on the experimental trials, the developed mathematical model is cali-
brated by the frequency of shaft natural vibrations. For this gearbox with a new 
gear shaft including new bearings and bolted studs, the natural frequency of shaft 
vibrations is about 123–125 Hz.

To calibrate the dynamical model, the manual adjustment of parameters is 
used without reverse estimation procedures. This approach is justified by several 
factors:

•	 Only the main mode of shaft free vibrations is used for diagnostic purpos-
es and, since the masses of components are exactly known from gearbox 
specifications, the stiffness is a single parameter for calibration.

•	 Frequencies of torsional and radial free vibrations are quite different 
and do not interfere in the spectrum, hence, simple pass-band filtering is 
enough for their separation during the vibration signals analysis.

•	 The bearing stiffness changes slowly over months, but the bolted joint stiff-
ness can change in a few days or a week, as in our case; therefore, these 
parameters can be distinguished.
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The opening of the bolted joints causes greater changes in natural frequency 

than the wear of the bearing, as well as the amplitude and phase at the natural 
frequency and its higher harmonics. In the period when the bearing support has 
a large gap, but the opening of the joint is not yet developed, the accuracy of its 
definition is not high. However, for up to one week (or earlier) from the start of 
the joint opening, the gap in the joint continues to increase faster than the wear in 
the bearing, and it can already be accurately diagnosed by the proposed method.

Diagnostics of bearings clearances is most important for industrial plants and 
machines where the radial load or dynamic imbalance of shafts is comparable to 
their weight, i.e., shafts can move up and down inside the gaps from the initial 
idle position. The issue of diagnostics is that the gaps (opened part of clearances) 
of rolling bearings become closed when loading torque is applied to the drive-
line and they do not expose themselves in any way, although, they can increase 
torque amplification factor (TAF) up to 3–5 and cause bearing overloading.

In contrast to kinematic frequencies, natural frequencies are not changed 
with the speed of the drive (except high-speed turbines with journal sliding bear-
ings). High amplitudes at these frequencies appear only during the torque in-
crease on the machines and reflect the wear of bearings. Therefore, the diagnos-
tics of clearances can only be efficient during transient periods of loading.

The main natural frequency of shaft radial oscillation can be determined by 
the standard vibration sensors. Preliminary band-pass filtering can be applied 
in the range of shaft natural frequency pre-calculated by the dynamical model. 
There is a fairly stable and narrow range of natural frequencies; therefore, the 
automatic realization of this method may not be difficult in the data processing 
software.

In the case where one or more kinematic frequencies match the natural fre-
quency range, the proposed method is difficult to implement, but it has an addi-
tional positive effect–plant personnel can determine potentially dangerous reso-
nant oscillations in the gearboxes. This is the reason to change the operational 
speed of the machine or the design of the bearing support.

Angular clearances in the driveline always result in an increase in torsional 
dynamics and the appearance of high-frequency components in the signals of 
torque and vibration that can mask local defects in bearings or gear meshing. 
Therefore, signal recording for local defect detection (spalling, cracks) by means 
of the traditional methods should be carried out by using logic triggering beyond 
the transient periods.
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Radial clearances in the supports have a great effect on the driveline system 

dynamics and change parameters of torsional vibrations (frequency, amplitude, 
and phase) even if the angular clearances are sufficiently small or the gaps are 
closed under load. Therefore, in heavy-duty gearboxes, when analysing vibration 
signals, it is necessary to account for the ratio of the shafts’ gravity forces, shaft 
position in the gearbox stages, direction of rotation and torque magnitude when 
certain shafts may lose contact with the support during input load fluctuations.

A complex criterion of heavy-duty machine strength capacity and reliability 
should include teeth bending stress increasing under the action of torsional and 
lateral shaft oscillations in the bearing supports with radial clearances and po-
tential bolt joint opening.

6.4. Diagnostics of bolts loosening in the sieving vibrating screens

The diagnostics of any elements in vibrating machines, e.g., bearings and springs, 
is associated with significant issues related to cyclo-stationary signals processing 
with additional impulsive non-Gaussian noise from the falling pieces of material. 
One of the important elements of vibrating machines, e.g., sieving screens, are the 
bolts joining the decks to the machine housing. The tightening or replacement of 
cracked bolted joints requires machine stoppage that interrupts the whole techno-
logical chain of bulk material transportation with the engagement of a large work-
force and time spent on repair.

According to the vibrating screen maintenance recommendations of equip-
ment producers (Table 6.3), the bearings of vibrators and sieves mounting joints 
are the most frequently inspected units, which means they are highly susceptible 
to failures and malfunctions. This is confirmed by the real repairs data analysis 
(Fig. 6.23). Bolts, drives, bearings and sieves constitute 72% of all the issues that 
happened during the vibrating screen operation.

At the design stage, by using the discrete element method (DEM) and the fi-
nite element method (FEM), the natural modes of the screen can be analysed to 
confirm minimal structural stresses and required trajectories of bulk material 
motion. However, these approaches need significant computing resources. Also, 
a statistical distribution of material fractions in the input flow, particle configura-
tion, and a detailed 3D model of the screen are required.

What is more important, the parameters of bolted joints change in the course 
of machine operation and maintenance (structural steel deformation and tight-
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ening torques are unknown). The appearance of clearances between the massive 
parts of vibrating machines may be thought to be the most critical but hidden 
for measurement operational parameters due to their significant impact on the 
lifetime and reliability of the vibrating screens.

6.4.1. Dynamical model of vibrating screen with bolted joints

For the analysis of bolted joints loosening in a vibrating screen, the 2-DOF dy-
namical model is developed [409], whose calculation scheme is represented in 

Table 6.3. Maintenance periods for vibrating screen elements

No. Action
Maintenance period

50 h week month year 2 years

1 Lubrication of vibrator bearings

2 Control of sieves mounting joints

3 Control of sieves and vibrators

4 Control of springs

5 Control of belt drives

6 Inspection of sieves wear

7 Inspection of drives

8 Inspection of vibrators

Fig. 6.23. Statistics of elements’ failures in vibrating screen
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Figure 6.24 and its parameters are in Table 6.4. The separation of the second 
mass corresponding to the upper deck is quite justified because its weight is usu-
ally about 3–5 t or 20–30% of the total weight of the screen.

The severe abrasive wear of beams will reduce the mass of the deck, while 
upper deck blinding with a near mesh size material can increase the weight of vi-
brating mass (Fig. 6.25). The mass of the deck depends on the mass of the sieved 
material at every moment. The further calculations concern only those bolts that 
fasten the upper heavy deck to the screen structure to restrain its vertical dis-
placement, The other bolts loosening in side panels is related to other natural 
modes of the screen structure.

Fig. 6.24. The calculation scheme of the vibrating screen  
with the upper deck as a separate mass

Table 6.4. Parameters of the 2-DOF dynamical model of the sieving screen

Parameter Value Units

Mass of screen body, m1 15 000 kg

Mass of upper deck, m2 5 450 kg

Stiffness of supporting springs, k1 0.56 × 107 N/m

Stiffness of bolted joints, k2 1.46 × 108 N/m

Damping in supporting springs, b1 10 s−1

Damping in bolted joints, b2 10 s−1

Clearance in bolted joints, δ 0.0…1.2 × 10−3 m
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The modal analysis of the vibrating screen included the building of Frequen-
cy Response Functions (FRF). Taking into account that the total exciting force 
from both unbalanced vibrators acts on mass m1 and impacts forces from the 
falling pieces of the material act on the mass m2, the following four channels are 
analysed (Fig. 6.26):

Fig. 6.25. The upper deck of vibrating screen:  
(a) abrasive wear of beams; (b) blinding with a near mesh size material

(a)(a) (b)(b)

Fig. 6.26. Frequency Response Functions (FRF)  
of the vibrating screen by the four channels



CHAPTER 6236

•	 FRF11: from vibrators’ force F1 to the displacement of mass m1;
•	 FRF12: from vibrators’ force F1 to the displacement of mass m2;
•	 FRF21: from material impacts force F2 to the displacement of mass m1;
•	 FRF22: from material impacts force F2 to the displacement of mass m2.
The exact values of natural mode frequencies of vertical vibration are as fol-

lows: 1st mode – 2.6 Hz; 2nd mode – 30.5 Hz. Functions FRF11 and FRF22 have anti-
resonance frequencies of about 26.2 Hz and 16.1 Hz, respectively. This means 
that the working frequency of vibrators should be at least ±5 Hz from the mini-
mum point of FRF11 to avoid inefficient energy consumption by the electrical 
motors of vibrators.

While the first mode of vibration is mainly determined by the design param-
eters of the screen (total mass and stiffness of springs in the supporting units), 
the second mode of the screen’s natural vibration depends on several factors. 
The most important factor is the gradually changing stiffness between mass m1 
and mass m2, which greatly depends on bolted joints’ condition (tightening and 
axial plastic deformations). The mass of sieved material on the screen decks has 
less influence on the second vibration mode.

The data obtained from the permanent vibration monitoring system show 
that the spectrum of excitation force measured on the bearings of the vibrator 
shaft contains higher harmonics (30 Hz, 45 Hz) at certain periods of screen op-

Fig. 6.27. Spectrum with higher harmonics of main frequency (15 Hz)  
of vibration measured on the bearings of inertial vibrators
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eration. This feature corresponds to the bad condition of one or several bearings 
or supporting springs (Fig. 6.27). After maintenance actions were undertaken 
on the screen, those higher harmonics disappeared, which proves their origin. 
Measurements of vibration in the four corners of the main screen housing on 
supporting springs showed that it vibrates as a rigid body. Hence, even one bear-
ing with damaged rings or having excessive clearance can generate not only 15 
Hz but also 30 Hz and 45 Hz harmonics and excite the second natural mode with 
increased tension in the bolted joints. Since the maintenance of bearings and 
bolted joints have different periods, this process can occur at any time of opera-
tion that requires new methods of damage detection in the condition monitoring 
system.

6.4.2. Simulation of the bolts degradation process

The vibrating screen simulations are conducted in several aspects. Firstly, the 
periodical excitation is applied to mass m1 by the real forces acting in the in-
dustrial screen. Three cases are considered: (1) when bolts are tightened (linear 
stiffness k2); (2) when the amplitude of vertical forces is beyond the yield stress of 
bolts material; and (3) when the clearances appeared with joints opening, which 
produces additional impacts on the bolted joints (nonlinear stiffness k2) and their 
further quick degradation until the breaking. Results of simulations are repre-

Fig. 6.28. Simulation of 2-DOF screen vibrations: (a) with bolted joints tightened  
in a good condition; (b) with bolted joints opening at high amplitudes of forces

(a)(a) (b)(b)
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sented in Figure 6.28 where amplitudes of both masses in the time domain are 
represented. The values of the mass m1 displacement are verified by the real data 
of measurement (about 5–8 mm).

At the second stage of simulations, the stochastic impacts are applied to the 
mass m2 generated by the falling pieces of material, which have non-Gaussian 
distribution. The transient processes of the mass m2 vibration (not measured) 
and mass m1 (measured) are represented in Figure 6.29.

The mechanism of bolted joints loosening can be explained as developed in 
several steps and influenced by several factors. Since the nuts on the bolts are 
fixed by welding, we do not consider the trivial case of their loosening by rotation.

Firstly, bolts work within the linear deformation range. Later, during the ini-
tial period of deterioration (1–2 days), bolts experience periodic forces from the 
vibrators and in the case of additional impacts from materials the natural modes 
are excited and the amplitude of force reaches the yield stress of bolts material.

Then, residual plastic deformation increases and the amplitude of the sec-
ond mode increases, too (out-of-phase upper deck motion). In the case of simul-
taneous defects or excessive clearances in the bearings of vibrators, the higher 
harmonics appear in the spectrum of excitation force, which greatly increases 
amplitudes of the second mode, hence, loading on the bolts. Finally, bolted joints 
provoke contact disintegration of the upper deck with the places of mounting on 

Fig. 6.29. Vibrations of the screen with application of random force resulted from 
stochastic non-Gaussian impacts of sieved bulk material falling on the upper deck
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the screen. The next stage is bolts cracking beyond the ultimate stress of the steel 
material they are made of.

The upper deck of the screen consists of three sections with similar masses. 
Every section has different angles of inclination (banana screen) and different am-
plitudes of vertical components of forces. Therefore, the above-mentioned stages 
of bolt condition worsening will develop asynchronously requiring even more fre-
quent maintenance actions. The bolts loosened in one section will have an impact 
on the other two sections. Hence, scheduled maintenance is better when con-
ducted for the whole set of bolts on all the sections of the upper deck together.

A possible remedy against the frequent maintenance stoppages due to failures 
of bolted joints may be an implementation of the special damping pads made of 
polyamide or other elastic durable material. Their size should be calculated to 
achieve the stiffness required to tune out the second mode frequency from the 
main frequency of excitation (15 Hz) and its higher harmonics. The dependence 
of the natural frequencies on the k2 stiffness is given in Figure 6.30. By our pre-
liminary assessment, the stiffness of bolted joints should be reduced by 1.5 factor 
(on both sides of a joint) to solve this problem.

Based on the results of simulations, the modal parameters of the system 
should have high sensitivity to clearance in the bolted joints between two masses 
of the screen – the main body and the upper sieving deck. The dependencies of 
the first and second natural modes frequencies on the clearance in the bolted 
joints are shown in Figure 6.31a. In the range of small values of clearances (up to 
0.5 mm), sensitivity is estimated at 25.6 Hz/mm. The sensitivity decreases for the 
larger values of clearances but remains high enough (about 7.3 Hz/mm) for prac-

Fig. 6.30. Dependence of the natural modes frequencies on the:  
(a) stiffness of bolted joints k2; (b) mass m2 of upper sieving deck

(a)(a) (b)(b)
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tical application. Since the excitation force is determined by the pre-installed 
eccentricity of the constant unbalanced masses of vibrators, the sensitivity will 
not be affected for a certain screen design and settings.

The results of dynamical model simulations are shown in Figure 6.31b, where 
the tensile stress of bolts is given concerning different clearance sizes. During 
the period of gradual deterioration, bolts are subjected to periodic forces from 

Fig. 6.31. The dependence of the (a) natural modes frequencies  
and (b) tensile stress of the bolts on the clearance in the joints

(a)(a) (b)(b)

Fig. 6.32. Phase space plots of screen upper sieve (mass m2) vibration  
for three cases of clearances: (a) normal state (0 mm);  

(b) moderated bolt looseness (0.5 mm); (c) critical bolt looseness (1.2 mm)

(a)(a) (b)(b) (c)(c)
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the vibrators, but the upper deck and the whole screen body still move in phase. 
At the next stage of degradation, the amplitude of the bolts’ tensile forces reaches 
the yield stress σY of the bolts’ material, and plastic deformation appears, which 
creates gaps in the joints. With increasing clearances, the upper deck and screen 
body start to move out of phase, the ultimate stress σU is reached in some bolts, 
and failures occur.

The critical value of clearance is about 0.5 mm, above which the failure is 
unavoidable. In practice, with two accelerometers installed on the screen body 
and on the sieving deck, tensile forces (stress) can be easily calculated with rela-
tive displacements (deformation), which are then applied to the diagram. Such 
interpretation and visualization of the bolts’ degradation process help the main-
tenance staff to undertake repair actions in time to prevent an abrupt failure and 
unplanned machine downtime.

For bolt looseness detection, the phase space plots (PSPs) are built (Fig. 6.32). 
Three cases are shown there–normal state (0 mm), moderated bolt looseness 
(0.5 mm), and critical bolt looseness (1.2 mm). The explicit changes in PSP are 
observable in the graphs, which are caused by the nonlinear characteristics of the 
bolted joints’ stiffness when clearance appears.

The relations of FRF11 and FRF22 with the bolts’ stiffness k2 (grades of loose-
ness) are represented in Figure 6.33. The anti-resonances observed on these 

Fig. 6.33. The dependence of FRF11 and FRF22  
on the bolts’ stiffness k2 (grades of loosening)
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graphs are the distinctive features of a 2-DOF dynamical system. Their frequen-
cies do not coincide with the vibrator rotations in the investigated screens; how-
ever, they allow a better understanding of how to avoid energy leaks. The greater 
stiffness (better tightening of bolts and their condition) corresponds to a deeper 
drop in amplitudes at these frequencies and greater energy leaks may occur. For 
the intermediate value of stiffness k2 = 0.52 × 108 (blue line on the FRF11 graph), 
the anti-resonance frequency (15.62 Hz) is very close to the vibrators’ rotation 
frequency (15 Hz).

6.4.3. Laboratory trials

Since the measurements of bolt loosening and their regulation are almost im-
possible in industrial sieving screens, the experimental part of this research was 
conducted on the fully functional laboratory vibrating screen to demonstrate the 
possibility of bolted joint loosening detection by the vibration signals with the de-
veloped methods. Locations of the mounted sensors can be seen in Figure 6.34.

Fig. 6.34. The laboratory vibrating sieving screen with one inertial vibrator  
and bolted joints on the upper sieving deck; the sensors’ positions:  

(a) sensor A – upper sieving deck; (b) sensor B – screen arm;  
(c) sensor C – bottom part of the screen; (d) sensor D – upper part of the screen

(a)(a) (b)(b)

(c)(c) (d)(d)
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Three cases are investigated: normal state of bolted joints; one upper left screw 

is loosened; and two bottom screws are loosened. Parameters of signal processing 
are as follows: sampling frequency – 25 kHz; data length – 4 s (100 000 samples); 
frequency resolution – 0.25 Hz. The frequency of the first mode is about 4.2 Hz and 
the second mode is 16.7 Hz. In addition to the second mode frequency, the damp-
ing ratio was used in the same series of experiments as a diagnostic parameter of 
bolts loosening (Fig. 6.35).

Based on experimental data obtained on the laboratory screen, graphs of PSP 
are built for three cases and are shown in Figure 6.36. In the normal state, the 

Fig. 6.35. The calculated values of diagnostic parameters in three investigated cases:  
(a) the 1st natural mode damping; (b) the 2nd natural mode frequency

(a)(a)

(b)(b)
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trajectory is characterized by minimal deviations. The second case with a weak 
looseness of only one bolt produces visible distortions in the trajectory of the up-
per sieving deck. The third case demonstrates the critical state (maximal loose-
ness) of two bolted joints when the trajectory is fully irregular and transformed 
into unpredictable oscillations of high amplitude.

The numerical parameters of PSP graphs are given in Table 6.5. Any of them 
can be used as the diagnostic parameters of looseness or “health indicators” of 
bolted joints not only in the sieving screens but in other vibrating machines, too. 
Alarm levels can be clearly interpreted since the clearances always increase the 
amplitudes of vibrations

The gradual deterioration of bolts and appearing of clearances in the joints 
greatly increase the shock impacts produced by upper deck mass and further 
quick elongation of bolts. Therefore, their diagnostics and timely maintenance 
(tightening or replacement) are important for plant staff. Using higher classes of 
bolts’ strength cannot solve the problem.

During the screen operation, maintenance personnel should periodically check 
the clearance of bearings in vibrators either manually (with dial micrometres or 
calibrated gauges) or by the signals of condition monitoring systems where it is re-
flected in the amplitudes of higher harmonics of rotation frequency.

Fig. 6.36. Phase space plots generated on the data from three investigated cases:  
(a) normal state; (b) one bolt loosened; (c) two bolts loosened (critical state)

(a)(a) (b)(b) (c)(c)
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A possible way to increase the maintenance interval on the existing screen is 
to introduce elastic pads on both sides of bolted joints. In this case, the stiffness 
tuning between masses allows the frequency of the second natural mode to shift 
from the frequency of the main excitation force and its higher harmonics.

In this research, only the bolts that fasten the upper deck to the screen struc-
ture are considered. The other bolts loosening, i.e., of the ones connecting side 
panels and reinforcement bars, is related to higher natural modes of the screen 
structure.

Table 6.5. Parameters (×10−3) of PSP shape based on the vibration signals

Parameters Case (a) Case (b) Case (c)

Dmin −0.18 −0.19 −25.68

Dmax 0.18 0.19 24.44

Vmin −24.60 −25.14 −79.57

Vmax 24.10 23.97 77.99

ΔD = Dmax – Dmin 0.36 0.38 50.12

ΔV = Vmax – Vmin 48.70 49.11 157.56

ΔD × ΔV 17.51 18.82 7897.11





7. DYNAMICAL MODELS IN VIBRATION 
CONTROL OF INDUSTRIAL MACHINES

This chapter presents methods for dynamics control in different mining and 
metallurgical machines, which use specific features of their operation and avail-
able tools for measurement and control of drive speed and vibrations. Imple-
mentation of the developed methods showed a reduction of vibration amplitudes 
and overall dynamics for the achievement of higher performance and reliability 
of industrial machines.

7.1. Chatter vibration control in the tandem cold rolling mills

Chatter vibrations occurring in the high-speed cold rolling and tempering mills 
are currently intensively investigated because of a significant (by 25–30%) reduc-
tion in annual plant productivity and strip quality. The most advanced tendencies 
in this research area were discussed in [410, 411].

As previously noted, some approaches to chatter vibration research came from 
other metal treating operations (grinding, milling cutting, etc.) studies [412]. How-
ever, some aspects – namely regenerative chatter and its control – are still less re-
ported. Stands interaction by the strip tension was analysed but not from the view-
point of mill control. In addition, stands’ synchronization due to roughness and 
thickness variation in the tandem mills was not investigated as an explicit cause of 
chatter amplification.

In practice, the only effective way to control chatter is a fast slowdown of mill 
by the vibration signals being monitored in special systems. However, the fre-
quent speed drops reduce mill productivity and strip quality. Therefore, the main 
tasks for chatter control are as follows:

•	 Detecting chatter earlier, at least by 5 s before it comes to large amplitudes.
•	 Control stands interaction to prevent strip breaks due to tension in the tan-

dem mill.
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•	 Damping chatter by the impacts of small amplitude (1–2%) to avoid distur-
bances.

Taking into account the above-mentioned tasks, the scope of research included:
•	 Passive vibration damping.
•	 Monitoring the speed-related kinematic disturbances.
•	 Natural frequencies and modes deviation in a multibody roll stack.
•	 Nonlinear relation of friction factor and rolling speed.
•	 Bearings vibration under roll bending conditions.
•	 Feedback loops and stands synchronization in the tandem mill.
•	 Chatter regeneration due to thickness variation.
•	 Monitoring of high-frequency thickness variation.
•	 Active chatter vibration control.
Passive vibration damping. It is widely used in different machines. The 

rolling stand hydraulics and rolls stack are represented in Figure 7.1a. Passive 
damping polyamide pads installed on the pistons of cylinders of backup rolls 
weight balancing system (Fig. 7.1b) and polymer liners on the work rolls chock 
(Fig. 7.1с) were proposed and tested to prevent horizontal shocks due to tension 
variation. However, such devices showed only about 10% efficiency in vibration 
amplitude reduction.

Monitoring the speed-related kinematical sources. It is a usual approach to 
vibration problem solving in any rotating machine. Methods of such vibration 
control consists in avoiding resonance ranges during plant operation including 
parametric excitation (gear couplings, cardan shafts and bearings). However, in 

Fig. 7.1. (a) Hydraulic system of the rolling stand; (b) polyamide damping pads  
on the piston of backup rolls weight balancing cylinder; (c) on the work rolls chocks

(a)(a) (b)(b) (c)(c)
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tandem mills, the number of possible sources of vibration is very big and differ-
ent elements may have more or less importance in a short period (work rolls are 
changed every 3–4 hours). Besides, variation of natural frequencies and modes 
exists under the working conditions. Nevertheless, many cases of chatter elimi-
nation were reported based on mill maintenance improvement. For example, 
if an element vibration creates an integer number of periodic marks on a roll 
circumference, it becomes the source of vibration.

Deviation of natural modes due to strip properties. The different degrees-of-free-
dom models exist for chatter simulation in 4-high, 6-high, and 20-high mills. The 
chatter in the 3rd octave (about 120 Hz) appears only when the upper and lower 
pairs of rolls move symmetrically about the strip plane as shown by many authors. 
However, the influence of strip properties on mode deviation has not been studied 
enough. Vibration measurements in the tandem mill have been carried out with the 
accelerometers being mounted on every WR and BUR chock. Thin (0.6 mm) and 
thick (1.0 mm) strips have different modes of stack movement. Thin strip rolling 
corresponds to the main node in the roll bite, but the stiffness of the thick strip 
shifts the node out of rolls and strip contact that prevents chatter. A hardened strip 
corresponds to less damping in the roll bite. Experiments with the mill rotation un-
der the working load and speed (rolls are pressed without the strip) have shown that 
vibration signals exhibit another pattern.

Nonlinear relation of friction factor and rolling speed. The dynamic model 
of friction-induced chatter vibrations includes parameters of technology and lu-
bricant:
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where tmax – ultimate temperature of oil flash, Kt – roll surface temperature by 
speed relation factor, υ50 – initial viscosity (at 50°C), Rz – WR surface roughness, 
ε – strip relative reduction, ks – type of oil factor (synthetic or natural), tR – cur-
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rent temperature of roll surface, vR – linear speed of work roll. The calculation 
results obtained from the use of these formulas have shown (Fig. 7.2) that only 
roll surface temperature (tR) may shift the minimum friction factor toward the 
higher speeds (15 m/s), while other parameters cause only vertical displacement 
of minimum value.

Chatter mostly occurs during the long coils rolling time (45 min) of thin strips 
(0.3–0.8 mm) when the roll temperature may exceed the limit of cooling emul-

Fig. 7.2. Nonlinear dependence of friction factor  
in the contact of WR and strip on the rolling speed

Fig. 7.3. Spectra of chatter vibrations in stands Nos: 3–5
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sion degradation (150–200°C depending on its type) and cause instability in the 
mill. Therefore, it can be considered a bifurcation parameter of chatter.

The online control of WR temperature by pyrometers or based on observa-
tions is not reliable for chatter prevention. To identify contact friction instabil-
ity and strip stiffness (hardening), the vibration spectra can be used, which are 
shown in Figure 7.3 for three different stands.

The observed spectrum patterns reflect the nonlinear features in the contact 
zone. The properties of the strip as an elastic-plastic element may be assessed 
by the harmonics of the main frequency. It is known that cubic nonlinearity 
gives odd harmonics (stand No. 3) and quadratic relation causes even harmon-
ics (stands Nos. 4–5). Hence, odd harmonics (cubic curve) are rather related to 
the strip hardening, while even harmonics (curve with a minimum) characterise 
friction instability in the last stands.

Bearings vibration under roll bending conditions. It is a well-known fact 
that roll bearings in stands without a bending system (in the roughing stands 
of hot rolling mills) last twice longer than in stands with roll bending. It is due 
to work roll chock deformations under the maximum 900 kN of positive (up) 
and 450 kN of negative (down) bending forces. Deformation of chocks leads to 
bearing defects and vibration levels increasing. The periodic wear marks are 
observed on the roll necks and sliding bearings of BUR (Morgoil), which are 
caused by vibrations.

Calculations on the mathematical model (Fig. 7.4a) give sufficiently wide 
ranges of natural frequency deviation for the positive forces in the range of 

Fig. 7.4. Influence of work rolls bending on:  
(a) natural frequencies; (b) maximum rolling speed

(a)(a) (b)(b)
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+10…+100% (value 1.0 means +50% relative force level). That helps to under-
stand difficulties with chatter identification during mill working as the natural 
frequencies shift remarkably. Statistical data processing showed that the avail-
able maximum mill speed is dependent on work rolls bending forces in the last 
three stands (Fig. 7.4b).

The experiments have been conducted without the strip in the mill and with 
the work rolls bending force changing in stand No. 3 (only positive bending) and 
stand No. 4 (with both bending directions) at the 600 m/min speed. Vibrations 
measured have shown that amplitudes (RMS) begin to increase after +50% bend-
ing force level with some deviations in the stands. So it is preferable for the thin 
strips rolling at the high mill speeds to have such roll profiles that there is no 
need to keep more than 50% bending forces in the last stands.

Feedback and stands synchronization in the tandem mill. The feedback loop 
mechanism in the tandem mills appears because the rolling load interacts with 
strip tension. Tension forces in elastic strips are determined as:

	 ( )1i i i i
E ST v ξ v dt

L −
⋅

= −∫  ,	 (7.4)

where T – strip tension, N; E – modulus of elasticity, MPa; ν – strip speed, m/s; 
ξ  –  strip elongation factor; L – strip length (distance between the stands), m; 
S – strip section, m2; i – stand number; t – time, s.

Tension is proportional to the integral of the speed difference and may be ex-
plained as a low-pass filter. Hence, 90° phase shift between the input and output 
should appear, which does not depend on frequency. Roll stack movements give 
an additional 90° of phase shift, so entry and exit tension always oscillate with the 
180° of phase shift.

It can be shown based on the continuity of mass flow through the mill 
during continuous rolling that a change in exit thickness will produce a change 
in strip speed, assuming that the entry gauge and exit speed remain constant. 
Feedback loop gain depends on rolling speed. Thus beyond the speed thresh-
old, chatter will appear.

In [413], using Routh’s stability criterion for the mill stack linear model, the 
critical strip speeds at which 3rd octave chatter occurs were obtained. Stability de-
pends on tension response time constant and partial derivative of load by tension. 
In addition, mill internal damping is present in the criterion. Some authors sug-
gested other stability criteria based on linear models. Testing of different known 
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criteria of stability has shown that it can be used rather for theoretical analysis 
than for real-time mill control.

Tandem mill chatter should be described in terms of the chain of coupled 
oscillators and synchronization conditions. Chatter vibration in stands No. 2–5 
of a tandem mill is shown in Figure 7.5a. Figure 7.5b shows main chatter period 
(about 120 Hz). Stands No. 2–4 are synchronous within both low and high fre-
quency, but stand No. 5 is always out of phase with the other stands because it 
works in a stiffness compensation mode of rolling force control. Nonlinear fric-
tion and strip stiffness in the contact make it difficult to conduct the analytical 
analysis of the whole system, which can be described by the parametric differen-
tial equations with a varying time delay [414].

Chatter regeneration by the strip waviness. The modern isotopic gauge me-
ters are too slow (response time about 0.1 s) and are not able to measure high-fre-
quency strip thickness variation (waviness periods 20–140 mm) in the tandem 
mill at high rolling speeds. In works [160, 161], regenerative effects due to strip 
thickness and roughness variation in the tandem mills have been studied in the 
dynamical models.

In cutting and other operations, the method of spindle speed variation is used 
for chatter avoidance due to regeneration from the previous passes’ waviness. 
A tandem rolling mill cannot be controlled in such a way due to big transient 
oscillations (in 2–3 s) of drive torque. Slow mill speed variation will make the 

Fig. 7.5. Chatter vibrations – synchronous in stands 2, 3, 4  
and non-synchronous in stand 5
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dynamic situation even worse because of torsional vibration at the low natural 
frequencies (9–12 Hz) which lay in the HAGC system pass band.

One of the remarkable chatter features is noted in every research. During 
rolling under normal conditions, vibration signals in every stand are always ac-
companied by the modulation of low (2–3 Hz) frequency (Fig. 7.5a). Some au-
thors explained this feature as frequency beating between neighbouring stands 
that have the same design. Other authors explain it as a BUR eccentricity influ-
ence, and others consider it a tension frequency.

Another explanation may be given for the modulation effect. Calculation with 
the dynamic model has shown that if a stand is disturbed by a series of periodic 
impulses (chatter marks on the incoming strip), it exhibits signal modulation and 
after a certain speed threshold becomes unstable. Despite the twice less speed 
in stand No. 2 than in No. 5, the same phases of low-frequency modulation are 
observed. It is impossible to explain this fact if we consider the BUR eccentrici-
ties as a kinematic source of modulation. However, it appears possible to explain 
this effect, if it is assumed that modulation is a result of thickness periodic de-
fects accumulation, which is not directly speed-related and depends on phases of 
previous and current stands vibration. This fact proves that resonance vibration 
is a “regenerative chatter”. Therefore, even under very high levels of vibration 
(rolls defects) in the last stand No. 5 of the tandem mill, chatter is never excited 
because there is no back effect of strip waviness.

During the occasional strip breaks, the real internal damping is determined 
by the decrement of transient oscillations (the time of attenuation is about 0.3 s). 
For the distance between stands equal to 4.75 m, above the speed limit of 4.75/0.3 
= 15.83 m/s (where 0.3 s is a time of vibration damping), the previous stand is 
stable and the next stand is unstable because it is not able to dissipate periodical 
impacts.

Monitoring of high-frequency thickness variation. In continuous cold strip 
mills, where the longitudinal speed of the metal is 20–25 m/s, standard X-ray 
thickness gauges can only register low-frequency changes corresponding to the 
eccentricity or ovality of the backup or work rolls. High-frequency deviations in 
strip thickness that appear in the mill during vertical roll oscillations cannot be 
detected by existing isotopic thickness meters. With resonant vibrations, the am-
plitude of the thickness wave can exceed the permissible deviation according to 
the standard and cause the rejection of products by customers, especially on an 
auto sheet. It is assumed that the vertical vibrations of the last stand have a major 
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influence on the changes in strip thickness. Therefore, a method based on the vi-
bration signals in the last stand of a tandem mill has been developed to measure 
such fast periodic defects.

To calculate the thickness difference from vibration signals, it is necessary 
to determine the phase values of the relative vertical displacements of the back-
up and work rolls. During continuous operation of the system, accelerometers 
on the mill are usually installed only on the chocks of the backup rolls (due to 
frequent changes of the work rolls). In the studies, four sensors were used for 
simultaneous measurements on the chocks of each roll in the quarto stands (sup-
port and working stands) and analytical dependencies were obtained that allow 
calculating the thickness changes only by vibration signals on the chocks of the 
support rolls. For most cases, the vibration of the stands occurs at frequencies 
of 100–130 Hz according to the fundamental mode of vibration in the 3rd octave, 
when the upper and lower pairs of rolls move out of phase. The developed meth-
od of high-frequency strip thickness variation measurement includes:

•	 vibration measurement on upper and lower rolls (Fig. 7.6a);
•	 filtering of accelerometer signals;
•	 double integration;
•	 scaling operation.
The results of vibration signals processing are shown in Figure 7.6b.

Fig. 7.6. Estimation of high-frequency strip thickness variation:  
(a) accelerometer mounted on the backup roll chock;  

(b) vibration signals processing

(a)(a) (b)(b)
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The proposed method has been verified by the direct measurements of the 
samples taken from the corresponding sections of the coil along the strip length 
and comparing it with the envelope of the vibration signal. The amplitude of 
strip thickness variation, which is measured in an X-ray thickness meter when 
the strip was recoiled under the slow linear speed (300 m/min) in the inspection 
workshop, is shown in Figure 7.7.

Depending on the low-pass filter parameters, more and more detailed pat-
terns of strip thickness can be observed by the vibration signals in the rolling 
stand. However, additional tuning of the scaling factor is required in this case. 
Therefore, for practical needs, and the comparability with the signal of an X-ray 
thickness meter, too high cutting frequency is not advisable in signal processing 
procedure. The accuracy of the proposed method is estimated at 5–7% of the 
X-ray thickness meter but allows the detection of high-frequency defects on the 
strip, which cause resonance vibrations in the tandem cold rolling mills.

Active chatter vibrations control. Active chatter suppression methods are 
reported in the research papers and patents. This method of damping includes 
an additional source of energy (preferably hydraulics) and some devices, which 
produce regulated periodic force in the rolling mill stands.

As the mill speed drop during chatter control reduces productivity, there are 
two ways to solve a problem: to control rolling parameters (tensions, reductions) 
or minimize speed drop value. Tension decreased by 5 N/mm2 between stands 
4–5 leads to a 0.7–0.8 m/s speed increase. Relative strip reduction increasing in 
stands 12 (and decreasing in stands 3–4) causes a speed increase of 0.3 m/s for 
every 1% of relative reduction. These effects are not very significant in practice 
and their implementation is limited by technology.

Fig. 7.7. Measurement of strip thickness by X-ray meter in the slow inspection line 
for coil section rolled under normal conditions without chatter
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The second way to improve mill performance is to recognize chatter before it 

comes to large amplitudes and thus to minimize speed drops because less vibra-
tion levels require less control efforts. There is a method for determining critical 
vibrations in strip rolling mills [415] where recognition of critical vibrations is 
carried out by strip tension fluctuations according to the expression:

	 ( ) ( )1 1abs dif Δ abs dif Δi i i iCV T T T T− −   =      ,	 (7.5)

where CV is the vibration intensity factor, ABS – absolute value, DIF – first deriva-
tive, Ti–1 – strip tension before the i-th stand, Ti – strip tension after the i-th stand, 
∆Ti – current value of strip tension between stands, while the vibration intensity 
coefficient CV is no more than 20.

As a result of checking with this method, the following disadvantages were 
revealed:

•	 low noise immunity as a result of the use of the differentiation operation, 
which amplifies high-frequency noise (always present in the tension signals), 
and the use of filtering that introduces a delay in the response of the system;

•	 low reliability due to constant adjustment of the limiting level of the vibra-
tion intensity factor when changing the current values of the strip tension 
between the stands;

•	 low accuracy in determining critical vibrations from tension signals, which 
always have some delay concerning the signals of accelerometers installed 
in the stands.

Some other methods of chatter detection are known, e.g., based on electric mo-
tor current [416], having similar shortcomings related to later event detection than 
by vibration. Cross-correlation matrices of all available parameters (loads, tensions, 
torques, drive speeds) were estimated for chatter prediction and mill control. Also, 
several additional indicators were tested to improve the reliability of automatic mill 
speed control. The coefficient of harmonics (nonlinear distortion), modulation fac-
tor and some other indexes were tested online in the monitoring system. Band-pass 
filtering is used to improve signals in the desired frequency ranges. Data analysis 
has shown that vibration signals are more sensible than loads, tensions, etc., and 
are the most suitable signal for chatter control.

When developing a new method [417] for diagnostics of resonant vibration 
and control of a multi-stand cold rolling mill, we used the properties of a well-
known physical phenomenon – synchronization of mechanical oscillatory sys-
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tems in the presence of elastic connections between them. In a multi-stand mill, 
the rolling stands are synchronized through an elastic rolled strip with vertical 
vibrations of the roll units.

The property of synchronization of vibrating mechanical systems with elas-
tic links is the process of close natural frequencies “capturing” of adjacent os-
cillators (stands) Fi and their tendency to a mean value of the frequency Fmean. 
This leads to the convergence of frequencies at which the maximum values of 
the spectra of each stand become equal to the main natural mode of the vertical 
oscillation. Another feature of synchronization in the pre-resonance period of 
a multi-stand rolling mill is the ordering of the vibration phases, which is accom-
panied by an increase in the correlation coefficients of signals in each pair of 
adjacent stands (Fig. 7.5).

Analysis of the tandem mill vibration spectrum shows that the main chatter 
frequency peak (100–120 Hz) has many side-band peaks (±k . fBUR, k = 1,2…5), 
which correspond to harmonics of backup rolls rotation frequency (Fig. 7.8). 
Right before chatter onset, the interrelation between the main peak and side-
band peaks changes. In the time domain, vibration signals demonstrate a greater 
amplitude of modulation (Fig. 7.5).

The new algorithm for online chatter diagnostics and tandem mill control 
is proposed, which allows the chatter detection earlier than by known methods 
(based on spectrum amplitude within a narrow band). In the new method, the 

Fig. 7.8. Chatter main peak and side band peaks in the vibration spectra (stands 2–5):  
(a) under the normal vibration levels; (b) during chatter excitation

(a)(a) (b)(b)
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control signal is generated at the moment preceding the resonant vibration, the 
occurrence of which is determined based on the joint or separate fulfilment of 
the following conditions:
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where σn – current root-mean-square deviation of the values of the frequencies 
of the maxima of the spectrum of vibration acceleration signals in a given range 
along the mill stands, Hz, determined by the dependence:
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where Fi – the current value of the frequency of the maximum spectrum of the 
vibration acceleration signal of the i-th stand in the mill, Hz; n – the number of 
stands, starting from the last of N stands, 2 ≤ n ≤ N; Fmean – the current average 
value of the frequencies of the maxima of the spectrum of the vibration acceler-
ation signals along the n mill stands, Hz; defined as:
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where σmax – permissible root-mean-square deviation of the frequencies of the 
maxima of the spectrum of the vibration acceleration signals along the n mill 
stands, Hz; determined from the condition:
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where ∆f = 1 / T – frequency step when calculating the spectrum, Hz; T is the 
period for recording vibration signals when calculating the spectrum, s, and the 
minimum frequency in the range when calculating the spectrum of vibration ac-
celeration signals is taken based on the expression:
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where fWR – the rotational frequency of the work rolls in the last stand of the mill 
at the maximum rolling speed and the minimum diameter of the rolls, Hz, and 
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the maximum frequency in the range when calculating the spectrum of vibra-
tion acceleration signals is taken based on the expression:
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where ∆t – sampling interval of signals in time, s; KXY – correlation coefficients 
of vibration acceleration signals in the j-th pair of stands X and Y of the mill, 
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, determined as:
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where σX, σY – current root-mean-square deviations of vibration acceleration sig-
nals in stands X and Y of the mill; Cov(X, Y) – current covariance of vibration 
signals in stands X and Y of the mill, determined by the expression:
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where µX, µY – current average values of vibration acceleration signals in two stands 
X and Y of the mill, m is the number of discrete values of signals taken for calcu-
lation; [KXYj

]max – the maximum permissible value of the correlation coefficient of 
vibration acceleration signals before the onset of resonance, [KXYj

]max < 0.3.
The onset of resonance vibration during stands’ synchronization is deter-

mined 3–5 s earlier than the amplitude of the spectrum maxima in each stand 
separately begins to increase. This is because the shift of frequencies and phases 
begins even with insignificant exchanges of vibrational energy. The degree of 
synchronization of adjacent stands is determined by the current root-mean-
square deviation of the frequencies of the spectral maxima in the stands ac-
cording to expression (7.7) and by the current values of correlation coefficients 
of vibration signals, determined by dependence (7.12).

An increase in the average rolling speed and productivity of a multi-stand mill 
is achieved due to a smaller impact on the mill speed at the first signs of stands’ 
synchronization, determined by expression (7.6). The amplitudes of vertical vi-
brations in the stands do not have time to reach a high level, at which a greater 
reduction in speed is required to exit the resonant rolling mode. The need to limit 
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the value by expression (7.9) is because the minimum value of the frequency 
difference in the signal spectrum is determined by the accuracy of the spectrum 
calculation, which is equal to the frequency step.

It was experimentally established that low-frequency oscillations of the am-
plitude of the spectrum maxima are determined by the beats of the backup and 
work rolls due to their unbalance and eccentricity, therefore, the value of the 
minimum frequency of the range according to expression (7.10) should exceed 
double the turnover frequency of the work rolls in the last stand at the maximum 
rolling speed and minimum diameter work rolls.

The maximum frequency of the range according to expression (7.11) is de-
termined by the known theoretical provisions, according to which, for reliable 
spectral analysis, it is necessary to have 4–5 samples of the analogue signal for 
the oscillation period with the maximum frequency in the specified range fmax = 
1 / [(4...5) 2 Δt], determined by the sampling interval of the signal in time Δt.

The use of the root-mean-square deviation of frequencies according to ex-
pression (7.6) instead of the values of the amplitude of the signal spectrum maxi-
ma and a reasonable choice of a given frequency range according to expressions 
(7.10), (7.11) also makes it possible to exclude the influence of fluctuations in the 
technological load and beating of the rolls. It was experimentally established that 
under normal conditions, the correlation coefficient of signals in adjacent stands 
varies within a range of 0.2...0.3 and does not depend on the vibration levels in 
the stands at different technical conditions of the rolls and mill equipment.

An increase in the reliability of the proposed method in comparison with known 
diagnostic methods is achieved through the use of a set of diagnostic features in-
cluded in expression (7.6) in different versions. For example, to increase noise im-
munity, the moment of transition to resonant vibrations is determined by the si-
multaneous fulfilment of the conditions included in the expression (7.6), the logical 
“AND”. If it is necessary to increase the sensitivity of the method, the diagnostics 
of the phase of transition to dangerous vibrations are carried out according to the 
fulfilment of any of the conditions included in logical “OR”. It is possible to use the 
combined fulfilment of the conditions included in (7.6). For example, a combina-
tion of the first and second parts by “AND”, and by “OR” with one of the sets of con-
ditions of the second part, i.e. when the threshold value is simultaneously reached 
by the current RMS frequency values and one of the pair correlation coefficients.

When stands’ synchronization appears, all technological parameters (electric 
drive current, strip tension, rolling force) exhibit oscillations at the same fre-
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quency common to all adjacent stands. Although the resonant vibration can be 
detected by the proposed method with other process control sensors, the moni-
toring of vibration signals gives the earliest response to chatter amplification but 
requires additional sensors.

7.2. Torsional vibration control by the electric drive acceleration

Methods for dynamic load reduction are classified and analysed from the view-
point of their applicability in the gear drivelines of heavy-duty industrial ma-
chines.

Introduction of feedback loops. Some new parameters can be used to cre-
ate additional feedback loops in the control systems, e.g., by the torque signal 
in the drivelines. This solution has been known for a long time, but its practical 
implementation was hampered by the lack of a reliable torsional vibration meter 
with a permanent power supply for harsh conditions. The developed digital tele-
metric torque meter adapted for use in heavy industry makes it possible to solve 
this problem in practice. By this method, torsional vibration reduction of up to 
50–100% can be achieved.

Changing the rise time of the load can be efficient in a narrow range when 
the frequency of input load enters the region of the lowest natural modes of the 
driveline. There are always technological restrictions on this method. In the 
hot rolling mills, changing the rise time and the amplitude of input load can be 
achieved by changing the temperature of the front strip edge due to regulating 
the hydraulic system for surface cleaning from the oxidation scale.

Passive damping of torsional shocks in the form of polymer liners instead of 
bronze pads, which do not require lubrication and have an increased service time 
are analysed in [418]. It is possible to significantly reduce the rotating spindle 
axis deviation by modernizing the articulation unit and introducing a centring 
element. There have been attempts to modify the material of the slip pads and 
directly replace them with polymer, which failed. Some other examples of damp-
ing polyamide pads combined with steel reinforcement elements are shown in 
Figures 7.9 and 7.10. For the advanced designs of damping spindles, elastic ele-
ments are made of polyurethane. The necessary mechanical characteristics of 
polyurethane elastomers have been determined in [419].

The studies of driveline dynamics with damping elements have shown that 
the design of shafts and choice of material should be made not only from the 
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point of view of wear resistance and strength but also taking into account pos-
sible changes in the natural modes of torsional vibration. Lowering the stiffness 
reduces dynamics in the driveline, but at the same time the external disturbances 
(roll rotation frequency) must be taken into account. The increased compliance 
of spindles can lead to undesirable resonant vibration.

All the above-mentioned methods address dynamics control but not its ori-
gin – drivetrain wear. The ABB Company has developed backlash compensation 
along with new features addressing the reduction of the torsional dynamics. 
Some methods of backlash identification were tested involving periodic drive 
speed regulation. However, the spindle weight balancing units are not consid-
ered concerning torsional vibration control. The different known frictional or 
electromagnetic devices stopping one of the parts in a driveline for gaps closing 
are patented but not applied in industrial plants due to complexity or additional 
equipment.

Torsional vibrations control by the electric drive acceleration. The so-
called “soft-start” method is known to reduce torsional oscillations in the drive-
lines with a speed-regulated electric drive, e.g., rolling mills, long conveyors and 
other industrial machines. Experimental testing of this method showed its high 
efficiency (TAF reduction by a factor of 2) in the drivelines with a single-stage 

Fig. 7.9. Designs of damping elements: (a) polymer insert; (b) package of steel plates

Fig. 7.10. Reinforcement elements: (a) metal frame; (b) insert elements

(a)(a)

(a)(a)

(b)(b)

(b)(b)
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gearbox. However, implementation in other industrial machines requires addi-
tional theoretical investigation and experimental testing [420].

To learn particular features of drive acceleration effect on transient torsional 
vibration, a dynamic simulation has been carried out for different drivetrains. 
The time required for backlash gaps closing estimated by the model is shown 
in Figure 7.11. It can be seen that under a constant acceleration rate, its value 
increasing in the range of 0.6–2.0 m/s2 has little effect on gap closing time. Gap 
size variation in the range of 0.01–0.03 rad has also little effect on the closing 
time for more than 0.6 m/s2 acceleration level. The lower acceleration limit is 
restricted by the drive control system (about 0.1 m/s2). An implementation of 
the drive acceleration method for a non-reversal rolling stand with an edger 
(vertical rolls) is represented in Figure 7.12. The time interval between succes-
sive slabs is 30–40 s and the drive speed is 1–4 m/s. The first zone of drive speed 
regulation is assumed (below nominal value).

Fig. 7.11. Time of gap closing with: (a) the different accelerations; (b) gap sizes

(a)(a) (b)(b)

Fig. 7.12. Scheme of drive acceleration method implementation
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Drive dynamic torque should have enough high level to enable backlash gap 

closing and overcoming reactions in the drivetrain:

	 ( )minmax ,dyn ij Rij ijT T T>  ,	 (7.14)

where Tdyn ij = Jij a – dynamic torque; Jij – summary inertia of drive chain from the 
rolls to Kij coupling; a – rotation acceleration referred to Kij coupling; TR ij – reac-
tion torque; Tmin ij – minimal dynamic torque after first oscillation.

Two components are important to vibration control: angular gaps in the un-
balanced spindles and radial gaps in gearbox bearings. Dynamic torque has to be 
greater than the reaction torque caused by the unbalanced spindle weight and 
torque produced by the middle gear wheel in a 2-stage gearbox. It is also desir-
able to provide positive load torque Tmin ij > 0 to keep the gap closed until the end 
of the transient process.

The drive speed control algorithm includes the following steps:
1)	Slow down the drive speed after unloading.
2)	Start drive acceleration by the signal of an optical sensor of metal position.
3)	Stop drive acceleration after the electric motor current exceeds the nomi-

nal level.
4)	Apply sequence (1)–(3) for every next loading cycle.
Incoming slab position may also be determined by the signals of drive cur-

rent or speed of the nearest transportation roller or vertical edger.
The schematic time diagram of drive acceleration control is shown in Fig-

ure 7.13. The time intervals and critical points are as follows: t0–t2, t3–t5 – acceler-
ation/deceleration intervals; t1, t4 – moments of drive loading and unloading (strip 
biting and releasing). Time interval t0–t1 should exceed a slight transient of gap 
closing and the t1–t2 interval should be longer than the main transient process du-

Fig. 7.13. Schematic time diagram of drive speed acceleration control
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ration (about 4–5 periods of the main mode oscillations). Drive deceleration before 
unloading provides a reduction of shocks in the gearboxes. Worse tuning of weight 
balancing needs more drive acceleration to close backlashes in the heavy spindles.

Torque measurements have been carried out for evaluation of the drive accel-
eration method in the industrial hot rolling mill. The transient torques measured 
on the motor shaft in stand 4 are shown in Figure 7.14 when drive acceleration was 
switched off (normal mode) and applied (testing mode). It could be seen that motor 
acceleration allows the avoidance of repeated back shocks in the drivetrain which 
reduces the lifetime of tooth couplings significantly. Besides, torque modulation 
due to nearest natural frequencies f1 = 12 Hz and f2 = 15 Hz (f2/f1 « 2 – criterion of two 
close modes beating) is almost eliminated, which means one mode of torsional 
vibration has been suppressed.

Measurements in stand 4 were conducted with a  synchronous speed in-
crease of edger drive (small vertical rolls before the main stand). Experiments 
in stand 3 have been carried out with drive acceleration independently from the 
edger (constant speed) and no interference was observed between stand 3 and 
the edger because it has much less power of electric motor and small stiffness 
of the drivetrain. Consequently, it is possible to accelerate only the main stand 
drive without the speed control of the edgers. That makes implementation much 
simpler in the reversing universal stands equipped with two edgers at both sides 
or in the roughing stands with only one edger.

Optimization of drive control parameters. Measurements have been conduct-
ed with one level of drive acceleration in 2-high stand No. 0 (without backup rolls) 
and in 4-high stand No. 3. While five levels of acceleration were applied in 4-high 
stand No. 4. Motor acceleration has a positive effect not only on torsional dynam-
ics but also on reducing shock vibrations in the bearings of the gearboxes. A rela-
tion of vibration peak value at the gearbox input shaft bearing and TAF at the mo-
tor shaft by the drive angular acceleration in stand No. 4 are shown in Figure 7.15.

It could be seen as an optimum near the 1.20 rot/s2. This value is individual 
for every driveline and depends on total rotation inertia referred to as torque 
measurement point. A negative value of –0.20 rot/s2 corresponds to drive decel-
eration, which has been applied in experiments to estimate the backlash effect 
on the transient process when the gap was completely opened. The fully opened 
gaps greatly increased TAF and vibration. However, drive deceleration plays 
a positive role in torsional dynamics reduction when applied just before load 
ending (strip releasing after rolling).
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The average effect of TAF reduction was obtained as follows: 2% – in stand duo; 
22% – in stand 3; 96% – in stand 4. This is in inverse proportion to the total inertia 
of drivelines. The stand duo had the highest inertial torque (about 40% of static 
technological load) although only two work rolls produced less inertial torque 
than in stands 3 and 4, which have pairs of big backup rolls (50 t each). Hence, 
the main contribution of inertial torque create rotating elements in the driveline.

To achieve maximum efficiency of the drive acceleration method in torsional 
dynamics reduction, the following conditions have to be fulfilled (see notations 
in Figure 7.12):

•	 Motor current should not exceed the overload limit assigned in its control 
system.

•	 Time interval [t0, t1] should exceed the idle gap closing time to avoid over-
lap with a main transient.

Fig. 7.14. Transient torques measured on the motor shafts with drive acceleration: 
(a) off; (b) on

(a)(a) (b)(b)

Fig. 7.15. Gearbox vibration and TAF for the different levels of drive acceleration
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•	 Time interval [t1, t2] should be longer than the main transient to let torque 

attenuate within about 4–5 periods (0.5 s) of the lowest natural frequency 
(10 Hz).

•	 The time of maximum gap 0.05 rad closing is about 0.13 s, therefore the 
full time of control [t0, t2] is less than 1 s for 1 rot/s2 and the lowest modes 
10–30 Hz.

•	 Acceleration should be finished below the working speed and nonlinear 
control is preferable to avoid exceeding this. Inertial torque should exceed 
the reaction produced by spindle unbalance and gear shaft weight until the 
transient end.

•	 Drive deceleration before the rolling end provides shocks reducing in the 
gearboxes.

The most important factors influencing dynamics are spindle weight balancing 
and drivetrain design, which influence summary acceleration dynamic torque. It 
is important to take into account second and higher modes of torsional vibration 
when designing control methods in the geared drivetrains of industrial machines.

The drive acceleration method could be effectively implemented in the drive-
lines with a gear ratio in the range of 1–7 where summary inertial torque will 
have less effect on TAF reduction. An intention to make less acceleration level 
with gearbox ratio 7–25 does not allow closing angular gaps due to low accuracy 
of spindles weight balancing.

The most advanced approach to transient torsional vibration control is the 
hydraulic weight balancing units with the position sensors of spindles. However, 
it requires costly additional actuators and position measurement instrumenta-
tion working in harsh conditions.

7.3. Modelling of plate front end bending in hot rolling

Almost in every thick plates hot rolling mills, as well as in the roughing stands of 
thin plates rolling mills, there is a problem of the front end bending up or down 
in the vertical plane, the so-called “ski” or “snake” effect. When the front end is 
bent upwards, especially when the work roll diameter is small, the steel plate 
entering the stand or the subsequent technological unit is dangerous or impos-
sible. When the front end is bent down, the guiding and transportation rollers 
are subjected to shock impacts during the plate motion, thin sheets get stuck in 
the rollers, and it is impossible to grip the plate in the following stands or passes.
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The direction and magnitude of the front-end bending of the plate are deter-
mined by a significant number of factors that cause asymmetric conditions for 
rolled metal in the upper and lower deformation zones. The general view of the 
investigated hot rolling mill and defected strip are shown in Figure 7.16a. In both 
cases of front-end bending, it causes severe damage to elements in the mill and 
long downtimes for its repair (Fig. 7.16b,c).

There are several research works [421–426] devoted to the study of front-end 
bending of sheets in hot rolling mills, and some approaches to solve this problem 
have been proposed. Formation of the front-end bending patterns depends on the 

Fig. 7.16. (a) Plate rolling mill;  
damages caused by front end bending (b) up; (c) down [426]

(a)(a) (b)(b) (c)(c)

Fig. 7.17. Measured signals of current (Jup, Jdn) and rotation speed (Wup, Wdn)  
with out-of-phase oscillations of the top and bottom drives of the rolling stand  

with significant sheet waviness
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difference in the diameters and speeds of the rolls, the difference in temperature and 
friction on both strip surfaces, torsional stiffness of the upper and lower drivelines.

During the period of metal capture by rolls, a transient process occurs in the 
form of fluctuations in the speed and load of electric drives. Depending on the roll-
ing speed, it is superimposed on different lengths of both ends of the plate when 
the mill is reversed. With a phase shift of torsional vibrations of the upper and 
lower rolls and drives by 180°, dynamic processes affect the formation of metal 
waviness (Fig. 7.17). If there is an individual drive for every roll, it is possible to 
influence the curvature of the front end, to reduce or eliminate it. To do this, it is 
necessary to automatically set the calculated difference between the upper and 
lower rolls until the metal is captured and then smoothly reduce this difference 
after the stable rolling starts so as not to overload one of the drives due to unequal 
loading. Such an algorithm for controlling the main drives requires the use of mod-
ern automation and digital signal processing tools.

To analyse the dynamics of this system, a multi-mass model of drivelines has 
been developed and the natural modes of torsional vibration have been deter-
mined. For each roll driveline, the two-mass scheme is assumed in the form of “mo-
tors-spindle-rolls” (Fig. 7.18), where two paired motors are combined into separate 
masses (J1 and J3), and the backup rolls are combined with corresponding work 
rolls (J2 and J4). According to the diagram, the upper roll drive has two successive 
stiffnesses (intermediate shaft and spindle), whose equivalent stiffness is:

Fig. 7.18. Drivelines calculation diagram of the finishing stand  
in the plate rolling mill
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The natural frequency of a two-mass system is determined by the formula:
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 – equivalent moment of inertia, kg m2.

The natural frequency of the upper driveline (about 12 Hz) is slightly less than 
the lower one (about 15 Hz) due to the compliance of the additional intermediate 
shaft. As a result, the lower roll takes the load by 0.016 s faster and bends the 
sheet upwards. At a maximum rolling speed of 4 m/s (80 rpm), up to 80–100 mm 
of the plate will be rolled during this time and the front end is formed. After 
metal capture by rolls, this factor loses its value but the drivelines of the upper 
and lower rolls become joined via the rolled metal (nonlinear elastic-viscoplastic 
link) and the system begins to exhibit dynamic properties as a three-mass sys-
tem, i.e. “upper drives – upper intermediate shaft and spindle – all rolls – lower 
spindle – lower drives”.

From the solution of the frequency equation for a three-mass system, the ex-
pression for natural frequencies has the form:
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where coefficients are as follows:

	
� �� �

� � � 12 23 1 2 32 2
0 12 23 1

1 2 3
,

K K J J J
a β β a

J J J
, 

� �� �
� � � 12 23 1 2 32 2

0 12 23 1
1 2 3

,
K K J J J

a β β a
J J J

; 	 (7.18)

and partial frequencies of a three-mass system:

	
� � � �� �

� �12 1 2 23 2 32 2
12 23

1 2 2 3
;

K J J K J J
β β

J J J J
; 

� � � �� �
� �12 1 2 23 2 32 2

12 23
1 2 2 3

;
K J J K J J

β β
J J J J

.	 (7.19).

In this three-mass system, the natural frequency is about 2 Hz for the first 
mode of oscillation (out-of-phase oscillations of the lower and upper motors with 
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an oscillation node between the rolls), and about 11 Hz for the second mode (syn-
chronous oscillations of the upper and lower motors being out of phase with the 
rolls and two nodes of vibration in the spindles). When the waviness of the plate 
appears, out-of-phase oscillations of the upper and lower electric drive currents 
are observed (Fig. 7.17), i.e., torsional vibrations occur at the first mode.

Deviations in the shape of the rolls constitute an external kinematic disturbance 
in the stand. They were measured with a micrometer on a roll grinding machine. 

Fig. 7.19. Spectrum of the electric current of the upper work roll drive

Fig. 7.20. The metal flow rate when rolling a sheet of 30 mm;  
the mismatch of the roll speed –5%; the strain 25%;  
bending of the sheet towards the faster lower roll
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On average, the values of the radial eccentricity are as follows: 50–60 µm for the 
backup rolls, and 20–30 µm for the work rolls. Frequency analysis of the measured 
signals of the electric drive currents shows the presence of the rotation frequency of 
the work rolls and its two even harmonics of about 2 and 4 Hz (Fig. 7.19).

During the rolling stand acceleration, the natural frequencies of the drivelines 
may coincide with the rotational speed of the work rolls (1 Hz at a speed of 3.14 m/s 
or 60 rpm with work rolls diameter of 1000 mm) and its double harmonic (about 
2 Hz), which on its turn coincides with the main mode of the driveline natural os-
cillations. Hence, such a situation has to be avoided.

The main factors that explain the front-end bending of plates have been iden-
tified by using finite element modelling in a specialized software QForm. To de-
velop a control model for individual drives by creating a drive speed asymmetry, 
a simulation of the rolling process is performed under different rolling condi-
tions (metal thickness, strain rate, temperature, and contact friction). As a result 
of the numerical solution of the problem, the characteristics of the stress-strain 
state of the metal, the temperature field and the metal flow rate are determined. 
The example of simulation is shown in Figure 7.20.

Based on the simulations and driveline dynamics analysis, the control model 
is developed in the form of the required speed mismatch of the upper roll drive 
concerning the lower roll drive depending on metal strain for different input 
thicknesses (7–80 mm) of the plate in every pass, which is given in Figure 7.21.

Fig. 7.21. The basic model of the required drive speed mismatch  
to compensate for the upward curvature of the front end  
of the plate for different plate thicknesses (7–80 mm)
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7.4. Dynamics control of the hydraulic roof supports

The scope of this research is to study the transient dynamics of hydraulic roof 
support (one of two parallel cylinders) to determine a possible way for its high 
dynamics control by the regulation of the safety valve. The following tasks are 
formulated:

•	 find the natural frequency of free oscillations under shock impact;
•	 estimate time delay of piston displacement and pressure signal at the safe-

ty valve;
•	 find relations between peak pressure and time opening of the safety valve.
Control signals in the feedback loop can be supplied from any type of ad-

ditional sensors (vibration, displacement or force) installed on a canopy of hy-
draulic prop. Their characteristics selection should be based on the results of 
experimental research taking into account the harsh operating conditions and 
the need for energy supply limited by explosive risk regulations. For this pur-
pose, different autonomous energy harvesters can be used based on thermo- and 
piezoelectric principles or other sources.

In real work conditions, the prop height is always changing in time depend-
ing on static load over the roof supports section. The natural frequency of oscil-
lation is variable:
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�nω

K t
t

m
,	 (7.20)

where m is a  join mass that changes for every impact in the conditions of an 
underground mine. Hence, all hydraulic props (with a pair of cylinders) are dy-
namical systems with variable parameters. This frequency depends on the initial 
piston position x0 (Fig. 7.22). Then, in the case of safety valve opening under con-
ditions of overloading, the hydraulic spring deforms to x1 length and becomes 
nonlinear (piecewise softening characteristic). Further deformation depends on 
the flow rates Qi(Q1 < Q2 < Q3) provided by the safety valve.

Some important features should be noted:
•	 pressure peaks are reduced with advance time lags;
•	 flow rate has a greater influence than time lag;
•	 dynamics related to frequency and shock duration ratio;
•	 with every next oscillation, the natural frequency changes;
•	 higher props have less stiffness and more shock damping.
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The greater flow rates Q correspond to softer stiffness characteristics above 
the fracture point in the graphs and better dynamics damping. On the other 
hand, big flow rates increase the risk of piston full contact at the bottom of the 
cylinder when fluid height becomes close to zero, especially after several subse-
quent oscillations above the pressure limit.

The signal of impact applied to the upper elements of the canopy can be de-
tected in advance of time and used for shock damping. Results of model simula-
tions are summarized in Figure 7.23 where pressure peaks are shown in relation 
to pipe diameter and time lags of safety valve control. Detection of load applica-

Fig. 7.22. Simulation of hydraulic cylinder parameters with the safety valve opening:  
(a) stiffness characteristics; (b) flow rate

(a)(a) (b)(b)

Fig. 7.23. Dynamic pressure peak amplitude by the pipe diameter  
for different time of safety valve opening  

(+0.05 – existing delay; 0.00 – without delay; –0.05 – in advance)
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tion is possible by the use of additional sensors on the top of hydraulic prop hous-
ing. The physically allowable values of time lags for safety valve opening control 
are assumed.

This new approach of dynamic impact reduction based on a mathematical 
model and the use of additional signals to control safety valves has not yet been 
used in underground mining machines although well known in other applica-
tions, e.g. active disturbances damping in automotive suspension.

Model simulations showed that the time delay between force application on the 
top of the piston and pressure signal reaction at the safety valve position (near the 
bottom of the cylinder on the small section exhaust pipe) is about 0.02–0.05 s. How-
ever, it is enough to measure shock impact and generate a feedback signal to control 
the safety valve. In this way, the pressure peak can be reduced by 30% or even more.

Additional research is required to develop optimal control by the signals of addi-
tional sensors (vibration, displacement or force) and the selection of fast electrically 
regulated valves with minimum reaction time providing a high flow rate under high 
pressures. The «smart valve» with optimised control functions by the input signals 
from additional sensors (vibration, deformation, piston position) has to provide 
a fast reaction with a flow rate above 1000 L/min under pressures up to 100 MPa.

The existing automation and monitoring systems provide a  basis for the 
smooth implementation of a  new solution in the mining industry. The huge 
amount of hydraulic props ensures a  great potential for application. This ap-
proach can also be applied in other hydraulic machines with long cylinders sub-
jected to severe abrupt loading.



8. INDUSTRIAL APPLICATIONS

Operation of many industrial plants is associated with significant wear in ele-
ments where implementation of digital diagnostic tools is difficult due to harsh 
environments. Reliable vibration monitoring is very complicated due to inherent 
changes in technological regimes, treated material properties and drive speed. 
It appears more beneficial to monitor dynamic torques in addition to vibration 
signals, but this is restricted to the installation of strain gauges. The more ac-
ceptable approach is to monitor electric motor signals or vibration and, having 
identified multibody models, to control dynamical processes and calculate the 
remaining useful life (RUL) of machine elements. Based on this approach, the 
new monitoring systems are developed with integration into plant automation 
infrastructure. Adaptation of nonlinear dynamical model parameters (backlash-
es) and technological loads optimization is provided.

8.1. System of chatter vibrations control in the cold rolling mills

The first chatter monitoring systems were installed in the tandem mills in the 1990s. 
Some of them were designed by plant engineers and collect analogue signals from 
the pressure sensors in the HAGC hydraulics. Later, vibration monitoring systems 
were implemented, which provided mill operators with three levels of alarms and 
fulfilled automatic mill speed reduction when the chatter suddenly occurred.

The recently developed chatter monitoring system (Fig. 8.1) has 6 channels for 
vibration control and some additional channels for rolling parameters logging. 
Sensors installed in the last three stands Nos. 3, 4, 5 on the top and bottom back-
up rolls chocks on the operator side. Later, similar sensors were also installed in 
stands Nos. 1, 2 for diagnostic purposes. The complete set of the system hardware 
and software includes the following elements:

•	 Computer PC 1.8 GHz, RAM 2 GB, HDD 256 GB, MS Windows.
•	 PCI 6071E National Instruments ADC board installed on a PC.
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•	 NI-DAQ software with ADC board drivers.
•	 Software module monitor_rt.
•	 SH100100 100-pin cable for signal input/output (shielded).
•	 SCB-100 I / O 100 pin connector for signals on the cross-block.
•	 Cross-block for input and output signals.
•	 Vibration signal transducers 4-ch 482A22 with power adapters 488A04.
•	 Vibration sensors (accelerometers) 603C01 ICP (2 sensors per stand).
•	 Magnetic mounts for each vibration sensor 080A133.
•	 Three-axis adapters for mounting vibration sensors 080A62.
•	 Shielded 042 STP cable (line length up to 150 m per channel).
A multi-channel National Instruments ADC/DAC board PCI 6071E includes 

32 differential or 64 single-ended analogue inputs; 2 digital-to-analogue outputs 
for control signals; 8 digital inputs and 8 outputs.

Signal notations in Figure 8.1 are as follows: AccNup, AccNdn – vibration accel-
eration; FWn – rolling forces; FZn-k – strip tension; wNup, wNdn – drive rotations of 
the upper and lower rolls, mN are the torques of electric drives. KVM (Keyboard 
Video Mouse) is a device for two-way communication of a remote monitor, key-

Fig. 8.1. Block diagram of a vibration control system  
in a continuous cold rolling mill
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board and mouse with a computer. Vibration sensors and signal conditioner are 
shown in Figure 8.2.

The developed vibration control system implements the following functions.
Tracking of kinematical frequencies. Vibration levels increase when some 

kinematical and natural frequencies match. Signals of angular speed and load of 
individual upper and low work roll drives are obtained from the mill automatic 
system. For the convenient kinematic analysis, the colour-scaled time-frequency 
diagram is realised in the monitoring system. As an example, Figure 8.3a shows 

Fig. 8.2. Magnetic mount with adapter for: (a) accelerometer; (b) signal converter

(a)(a) (b)(b)

Fig. 8.3. Kinematical frequency tracing:  
(a) time series and time-frequencies diagram of gearbox meshing in stand No. 5;  

(b) diagram for mill speed choosing to avoid resonances

(a)(a) (b)(b)
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a trace of gearbox teeth frequency during rolling speed changes. The main stand 
natural frequency is observed there as a horizontal line. Backup rolls beating 
intervals are reflected in the spectrum. Such elements of the drivelines as gear 
couplings for overload protection placed between motors and gearboxes are well 
heard by the sensors on the backup rolls chocks on the operator side. Therefore, 
the wear of such elements placed even far from rolls is important for chatter ex-
citation. In addition, the gearbox meshing frequency is very noticeable in the sig-
nals on the stands. Although the spindles are the nearest to the stand elements, 
gear coupling frequency is visible in the spectrum only when their wear is large. 
It was discovered that stand vibration amplitude increases for speeds where bear-
ing frequencies match with the main chatter peak in the spectrum (115–120 Hz). 
To avoid resonance ranges of speed, a frequency diagram was drawn (Fig. 8.3b). 
Operating at an even higher speed may be less dangerous for chatter. This dia-
gram helps mill operators to go through the resonance ranges during mill accel-
eration and slowing down.

Rolling process parameters. Online control of rolling parameters in the vi-
bration monitoring system allows the determination of some dynamic condi-
tions that lead to mill instability. The first condition takes place when the neutral 
angle shifts beyond the contact zone (rolls slipping). Instability is caused by ten-
sion oscillations and other rolling parameters. The reliable method to achieve 
higher rolling speed is the decreasing of strip tensions, which makes connec-
tions softer between stands. In the series of experiments, specific tensions be-
tween the stands were reduced from 130–150 kN/mm2 to 90–100 kN/mm2. For 
strip thickness 0.5–0.6 mm, the mill speed increased by 50–100 m/min without 
chatter occurring. However, with tension 100 kN/mm2 for stands No. 4–5, the 
strip lost stability and the roll surface was damaged. Hence, such a method has 
some technological restrictions.

Horizontal forces acting on the work rolls. The horizontal beating of work 
roll chocks occurs when the balance between strip tension forces, the horizon-
tal component of a rolling force and drive torque is violated. Due to backlashes 
opening, work roll chocks begin to vibrate in the stand housing, which fur-
ther leads to chatter in the whole tandem mill. To prevent such dynamic effect, 
the vibration monitoring system controls the balance of horizontal forces and 
gives an alarm signal when it is violated in any stand. This method is more ad-
vantageous than the hydraulic liners mentioned above, as it does not interfere 
with the HAGC system.
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Measuring the high-frequency waviness of strip thickness. As mentioned 

above the high-frequency strip thickness variation appears in the mill even 
during normal rolling conditions (without chatter). The amplitude of the strip 
thickness wave may overcome standard deviation and cause product rejection by 
customers. It was assumed that the last stand vertical vibrations have the most 
influence on strip thickness variation. Therefore, such a method for periodical 
defect measuring was implemented based on vibration signals in the last stand. 
As the 3rd octave vibration chatter mode occurs for most cases, the joint motion 
of upper and low pairs of backup and work rolls is assumed.

Efficiency of automatic vibration control system. The new method of chatter 
detection is implemented in mill automation system for rolling speed optimal 

Fig. 8.4. Chatter control in the tandem mill: (а) manual control by mill operator;  
(b) automatic early detection of vibration excitation by the monitoring system

(a)(a)

(b)(b)
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Fig. 8.5. Work speed distribution of tandem mill:  
(a) under manual control by mill operator;  

(b) under automatic control by the vibration monitoring system

Fig. 8.6. Speed drop values distribution in tandem mill  
with manual and automatic control

(a)(a)

(b)(b)
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control. When chatter amplitude is still small, the speed drop value may be less 
than 5–10 m/min and it is enough to prevent a further vibration increase (Fig. 
8.4). Notations in Figure 8.4: 1 – spectrum amplitude alarm level; 2 – spectrum 
peak frequency; 3 – spectrum peak amplitude; 4 – chatter index No. 2 alarm level;  
5, 6 – chatter index No. 2 for stands Nos. 3, 4 (coefficient of correlation); 7 – chat-
ter index No. 1 (main mode frequency deviation); 8 – chatter index No. 1 alarm 
level; 9 – mill speed control signal.

Performance parameters of automatic mill control are represented in Fig-
ures 8.5 and 8.6 and summarised in Table 8.1 covering several months of the 
new system operation. The basic period for analysis is April–June of the refer-
ence year under manual control. It is compared with the period July–September 
under the automatic mill control by the new monitoring system. The maximum 
mill speed increased by 11% and the average mill speed – by 8%.

8.2. System of plate front-end levelling in the hot rolling mill

The innovative automation system is developed for plate front-end levelling in 
the hot rolling mill. Before the plate rolling, the initial mismatch of the speed is 

Table 8.1. Efficiency of tandem mill automatic control

Absolute 
parameters

Manual control Automatic control

Apr. May. Jun. Mean Jul. Aug. Sep. Mean

Average mill speed, 
m/min

862 901 895 886 1010 1006 926 980

Maximum mill 
speed, m/min

1137 1159 1197 1165 1274 1244 1257 1258

Speed drop value, 
m/min

107 94 39 80 13 60 92 55

Relative parameters Manual control Automatic control

Average speed 
increasing, %

– – – – 13.9 13.5 4.5 10.62

Maximum speed 
increasing, %

– – – – 9.4 6.8 7.9 8.03

Speed drop 
decreasing, %

– – – – –83.8 –25.0 –15.0 –31.25
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generated and is further controlled along the several passes depending on the 
plate thickness. Visualization of the signals of the finishing mill stand and net-
work communication with the server of the second level is provided. The scheme 
of data exchange and interaction with the existing rolling mill control subsys-
tems is shown in Figure 8.7.

Taking into account the frequent cases of operation of the drives of one of the 
rolls in the generator mode with significant rolling asymmetry and the transition 
of the load torque through zero, the control algorithm in the digital controller 
provides only positive additions to the speed setting of one of the drives. This 
eliminates the opening of gaps in the drivelines when braking motors and the 
occurrence of dynamic processes in the drivelines.

At the first level, analogue-to-digital and digital-to-analogue conversion of sig-
nals is carried out using ibaNet750 components for interaction with the main con-
trol loops of the drives, and the digital controller itself is implemented in the iba-
Logic software environment.

At the second level of control, a server operates, which interacts with the sheet 
tracking system at the workshop level. The server has the functions of monitor-

Fig. 8.7. Scheme of data exchange between the new system  
and mill control subsystems
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ing the parameters of the technological process and the actions of the operators 
to change the settings of the stand (the number of passes, reduction and sheet 
thickness, the end of rolling), synthesis of the developed model of control actions 
for the first-level controller in each pass, saving the calculated and actual param-
eters in the database, displaying system status and recommendations for mill 
operators. At idle running without load, the PI-controller coefficients were ad-
justed and the stability of the entire control system was checked when the digital 
subsystem was connected in parallel with the main control loops of the electric 
drives of the finishing mill stand.

The model of targeted front-end bending of the sheet is implemented as 
a separate module in the process automation system. The initial data about the 
current rolled sheet are read from the rolling mill database. Part of this informa-
tion is transferred to the IBA controller. For this, a set of text commands is used 
and implemented over the TCP data transfer protocol. Next, the setpoints are 
calculated and transferred to the IBA controller. The final setpoints are calcu-
lated using a PID controller and transferred as additional analogue signals to the 
automation system, which directly controls the drives. After the plate has been 
rolled (in each pass), the controller transmits to the server the real parameters of 
the rolling process in the form of individual values or arrays of numbers. After 
receiving data on the completion of the pass, the automation system updates the 
information on the graphical user interface in the mill operator pulpit.

All information about rolled sheets is stored in the database. In addition to 
the sheet parameters, the parameters of all passes are saved. For each pass, vari-
ous signals are measured, for example, the deviation of the sheet thickness from 
the target value. For each signal, its statistical characteristics are calculated and 
saved. In addition to storing information in the database, the server carries out 
full logging of all important events.

The perturbation for the developed digital regulator, which operates in par-
allel with the main control loops, is the natural drop in the speed of the electric 
drives. The speed drop of a more heavily loaded drive will be greater than that 
of a drive with a lower speed. The mill operators have the possibility of disabling 
the automatic mode at any time and switching to the manual setting to correct 
the speed mismatch.

The maximum speed difference is limited by overloading a drive with a high-
er speed, and completely unloading up to the generator mode of another drive 
with a lower speed. Empirically, the maximum allowable speed difference was 
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set to be 10% of the current average speed of the drives. This restriction is imple-
mented when the operator assigns the controller parameters.

To improve the accuracy of working out the specified mismatch values, the 
range of the dead zone of the speed regulator was reduced to ±6 rpm. Reduced 
from 400 to 200 ms, the averaging time of the speed signal received at the input 
of the controller increased the time for working out the specified mismatch 
to 2 s with its smooth decrease from the initial value dWBite, effective during 
capture, to the second level dWRoll, effective during rolling of the main part of 
the sheet.

The example of system operation is shown in Figure 8.8. The upper graph 
(Fig. 8.8a) shows the rotation speeds of the upper and lower rolls (rpm), their 
difference and the rolling force (kN × 10–1). The sections in the time series cor-
respond to each reverse pass. The middle graph (Fig. 8.8b) shows the changes 
in the torques of the upper and lower drives (kN m). The third graph (Fig. 8.8c) 
shows the system output signals whose aim is to correct the rotation speed of the 
upper and lower drives (rpm).

It is noticeable that in passages 5 and 6 the moment of the top drive changes its 
sign, which means it operates for a short time in the generator mode. That is why 
the regulator works in such a way that it creates a given speed mismatch only by 
positive additions to the speed of one of the rolls to prevent the gaps from opening 
in the drivelines and not causing shocks in the driveline. From the graphs of the 
1st pass, it is noticeable that after the pass start and mill acceleration, the system 

Fig. 8.9. (a) The relation between the assigned speed mismatch (Sent_dWBite)  
and the real difference in speeds (Fact_dWBite) of the upper and lower rolls;  

(b) error of regulation
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creates a pre-calculated mismatch in the rolls’ rotation speed. Then it smoothly 
decreases the speed difference to zero after the front-end rolling.

The statistical relation of assigned and real speed mismatch is shown in 
Figure 8.9. The mean value of error in speed mismatch regulation is about 2%. 
A noticeable spread is visible due to the delay in the existing control system. The 
deviation in the idle speed of the drives within ±1 rpm is due to the unbalanced 
heavy spindles beating in the driveline. Besides, the short time of the mill accel-
eration plays a role after reversing. The speed regulator switches on beyond the 
dead zone (±10 rpm) and keeps the two drives› speed difference until the metal 
gripping speed (22–24 rpm – in manual and semi-automatic mode and 33–34 rpm 
– in automatic mode).

The automatic system for the front-end bending control of thick plates is im-
plemented with minimal changes to the existing analogue system of the individ-
ual drives. It has been put into permanent operation on the hot rolling mill. As 
a result of long-term operation, the system allowed a 25% reduction in the num-
ber of sheets with curvature, which required additional heating and levelling, 
hence, energy consumption was also reduced.

8.3. System for dynamic load monitoring  
and maintenance management

The multi-disciplinary research resulted in the development of an intelligent RUL 
monitoring system for hot rolling mills drivelines [427]. The approach is based on 
physical models and consistent with the recently introduced term of Dynamics 
Based Maintenance [428]. The developed CMMS incorporates such distinctive 
features as the relation of dynamic response and static load, rolling stands inter-
action; RUL prediction using physical degradation model; the influence of bear-
ing clearances on dynamics; using modal analysis for wear assessment; online 
estimation of driveline dynamic properties; and fatigue analysis. Some simplify-
ing assumptions (e.g., neglecting the influence of shaft misalignment on contact 
pressure in gears) do not restrict the proposed approach. It can be applied in any 
plants, e.g., heavy mining machinery working in non-stationary conditions.

The information structure of the developed CMMS is represented in Fig-
ure 8.10. Initial or rarely updated information, supplied on a daily or weekly ba-
sis and online signals are shown by the arrows in different colours: black, green 
and red, respectively.
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Groups of main users and data sources are divided at the enterprise level: 
plant mechanical manager, reliability department, automation department; and 
workshop level: head of the production, rolls grinding workshop, technical de-
partment, mill maintenance mechanics and electricians. Department of plant 
equipment reliability can provide vibration trends from the vibration monitor-
ing system recently installed on the mill.

Database of structural materials. The continuous hot rolling mill consists 
of 5 roughing stands with 3 edgers (side reduction vertical rolls) and 7 finishing 
stands. The driveline units included for RUL monitoring are bearings, spindles, 
gearboxes and couplings.

CMMS supports the hierarchical structure of mill equipment at four levels: 
stand – aggregate – unit – detail. Each type of element is associated with the place 
of its installation. Real exemplars of equipment are coded in corresponding cata-
logues to track them after replacement. Some details can be placed in a ware-
house, and the system continues to accumulate load cycles after their reinstal-
lation in the mill as a member of maybe another assembly unit and stand. This 

Fig. 8.10. Data flow chart of CMMS integration into ERP and data flows
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important function of CMMS (warehouse support) is necessary for accurate RUL 
prediction.

CMMS contains a catalogue of materials with steel grades, and their prop-
erties (ultimate and yield stress, endurance limit, hardness). Different heat and 
chemical treatments of alloy steel are represented as additional records. Materi-
als are linked to types of details. This is basic information for RUL prediction. 
Ultimate stress (SU), yield stress (SY) and endurance limit (SE) are taken, when 
available, from steel specifications or calculated from experimental Brinell hard-
ness value (BHN) as:

	 � �1 0US a BHN a ;	 (8.1)

	 � �1 0YS b BHN b ;	 (8.2)

	 � �1 0ES c BHN c ,	 (8.3)

where ai , bi , ci – coefficients of a given grade of alloy steel. The fracture point 
of endurance limit on the S–N curve is taken equal to 5 × 106 cycles. Endurance 
limit for bending stress of carburized gear tooth with a hardened layer (23 mm) 
is considered for core material.

CMMS contains a catalogue of bearings with their static (C0) and dynamic (C1) 
load capacity. Properties of material are rarely known from suppliers, hence, stan-
dard high carbon, chromium steel is assumed. Bearings are differentiated by sup-
pliers for the analysis of reliability.

Data on mill drives operation. The steel plant, where the hot rolling mill is op-
erated, has a database server in the ERP system where data from different sourc-
es are stored with 1 s sampling. A much higher sampling frequency (100 Hz) is 
provided by the ibaPDA system, but only in the finishing stands of the mill.

The most important signals for CMMS operation are the electric drive rota-
tional speed and rotor armature current. Three types of main drives are used in 
different stands: direct current and alternative current synchronous in roughing 
stands and variable frequency drive in finishing stands.

The pre-processing procedure includes electric motor current (A) conversion 
into torque (kN m), averaging and transforming static torque to work rolls taking 
into account electric losses and driveline efficiency. Technological rolling param-
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eters are as well received and used for rolling force model verification in CMMS 
optimization application.

Data on mill maintenance. The time between scheduled repairs varies from 7 
to 12 days with a general overhaul at the end of the year. Service personnel cannot 
repair a single stand while other stands of a continuous rolling mill are working. 
Hence, in the case of failure, the whole plant is stopped for urgent repair. The most 
critical severe failures of continuous hot rolling mills occur shortly after one of the 
stand overload causing 6–8 hours of downtime for the whole mill repair. In the ma-
jority of cases, these damages are the result of fatigue as it follows from material 
microstructure analysis after accidents.

Textual and graphical information on the maintenance actions of mill staff 
has been systematized and digitized following the structure of mill stands equip-
ment. The CMMS catalogue of failures and maintenance actions has the follow-
ing fields:

Object position: 	 stand, aggregate, unit, side, position.
Failure mode: 	 crack, deformation, wear, pitting, breakage, heating.
Maintenance action: 	�inspection, replacement, measurement, grinding,  

tightening.
Repair type: 	 urgent, scheduled, overhaul.
Element state: 	 installed, stored, supplied, scrap.
This is the only manual input of information in CMMS, which is not possible 

to avoid. The rest input data are automatically processed and visualized via the 
client’s application.

Dynamical models of the drivelines. To obtain a dynamic response for dif-
ferent elements in the rolling stand, a detailed spring-mass model has been de-
signed including hydraulics. This model allows the simulation of any dynamic 
processes and determining loads in roll bearings to predict their RUL. After each 
slab rolling, the recorded torques are applied as an input disturbance into the 
corresponding models of the stand and driveline. Rolling force is calculated by 
the drive torque, strip geometry and material reduction in the stand, which are 
received from the mill automation system.

The following assumptions are admitted in the physical models of drivelines:
•	 Axial forces on roll bearings account wear of liners in the stands.
•	 Work roll bending is accounted for by average values (not measured).
•	 Torques in lower and upper spindles are calculated separately.
•	 Gap opening in spindles depends on weight balancing (roll position).



CHAPTER 8292
•	 Gaps in gears are considered closed before strip biting by rolls.
•	 Two parallel parts of gearbox meshing are considered as a whole stiffness.
•	 Gear shaft inclination is accounted by a coefficient of bearings wear.
•	 Gear shaft bolting is pre-loaded by screws tightening forces.
•	 The speeds of the transportation table and vertical rolls are adjusted to stands.
•	 Mechanical damping and electrical motor losses are constant.
•	 The influence of lubrication volume deviation on specific wear rates is ne-

glected.
Models of wear. During the normal process of mill operation, the wear of ele-

ments in stands and drivelines gradually increases with different rates depend-
ing on the position in units and the history of loading. Degradation of contact 
surfaces resulted in angular and radial backlashes, which in turn increases tor-
sional dynamics. Therefore, adaptation of dynamic models is required, and is 
based on known wear models [429]:

	 �w kps,	 (8.4)

where w – wear (mm); k – coefficient of material and contact conditions; p – con-
tact pressure (MPa); s – sliding distance (mm). The same approach is used for 
spindle pads and bearings.

Known wear (mm) is then transformed into backlash (rad):

	 Δ w
R

=  ,	 (8.5)

where R – radius of rotating part (mm).
Wear differs for pinion and wheel and is inversely proportional to the hard-

ness of contact surfaces. The hardness of pinions is 550...630 BHN (case-hard-
ening), and wheels – 320…470 BHN (inductive hardening). Sliding distance and 
contact pressure are calculated from the gear geometry. Contact ratio (overlap) 
describes tooth load sharing. Influence of gears degradation on contact pressure 
is neglected. The kinematic viscosity of lubricating oil and contact friction is as-
sumed constant for every pair of gears. It is assumed that abrasive wear does not 
cause scuffing because pitting is a rare case in these drivelines.

Spindles are the most difficult for analysis elements due to complicated geom-
etry and simultaneous torsional and bending stress. FEM simulation is used for the 
analysis of weight balancing force influence on the stress state of the spindle shaft 
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and head design optimization [430]. Intensive wear of bronze pads within 14–30 days 
modifies contact stress distribution, specific wear models are proposed in [431].

CMMS model of spindle wear is verified by numerous measurements of bronze 
pads’ geometry in stands with a wide range of working conditions. Two failure 
modes are supposed for spindle parts: abrasive wear of bronze pads (up to 5–6 mm); 
and cyclic fatigue of heads.

CMMS runs the procedure of dynamical model parameters adaptation after 
every cycle of strip rolling and the database is updated before the next strip en-
ters into the stand.

Contact and bending stresses of gears are determined by the real-time torque:

	 �τ a T ,	 (8.6)

	 �σ b T,	 (8.7)

where a, b – coefficients of gear geometry. Since the spindle head is subjected to 
multi-axial stress, its equivalent value is calculated as:

	 � �2 23 eqσ σ τ ,	 (8.8)

To determine cyclic fatigue in elements of the rolling mill, the S–N diagrams 
(Wöhler’s curves) are used. Typical transient torque and fatigue diagrams for 
structural alloy steel are shown in Figure 8.11. When torque is about zero, the 

Fig. 8.11. Fatigue cycles in the driveline:  
(a) transient torque; (b) S–N diagram for RUL estimation

(a)(a) (b)(b)
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backlash opens and loading cycles become symmetrical, which is more danger-
ous for gears. The system uses Goodman’s law to process combined asymmetri-
cal cycles and transforms them into equivalent reversed stress cycles. RUL’s pre-
diction is based on Miner’s relation.

CMMS includes three software applications: server, client and optimization 
modules. They are the MS Windows applications developed during research 
projects.

The server application works online 24/7 independently from the other parts 
of CMMS and using disk space at the plant automation department. Its main 
functions are as follows:

•	 Automated search and statistical processing of electric drive loads.
•	 Time synchronization of electric drive loads with product processing.
•	 Calculation of dynamic loads and accumulated damages in elements.
•	 Support of maintenance database on repairs, failures and changes.
•	 Estimation of RUL in elements based on the historical data.
Retrieval of online data on electric motor loads, speeds and rolling param-

eters by stands is carried out by SQL queries from the plant automation database. 
The server has a minimal user interface allowing it to start, load parameters of 
calculation from the configuration file and install network connection with data-
bases and client applications.

The client application of CMMS has the following user-oriented functions:
•	 Visualization of loads for the selected elements.
•	 Visualization of elements failures.
•	 Manual updating of maintenance database.
•	 Visualization of accumulated fatigue cycles for the selected elements.
•	 Generating reports on overloads, failures and RUL.
Reports on driveline elements overloading include the following parameters: 

time of mill operation, number of cycles above the limit, maximal/minimal val-
ues, and absolute/relative deviation over the limit. Some of the screenshots from 
the client application are shown in Figure 8.12. The linear trend is used for RUL 
prediction. The probability of an element’s failure by overloading is estimated 
by the tails’ overlap of stress and material strength distributions. Material prop-
erties deviation is estimated, e.g., by gear tooth hardness due to imperfect heat 
treatment process.

In many software applications, the calendar time or working hours are used 
for RUL, which is a simple and proven way for stationary working conditions. 
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In rolling mills, RUL can also be expressed in: tonnage of the product; length of 
rolled strips; and their number.

CMMS represents RUL for future periods expressed both in calendar days 
and a number of strips approximated by daily mill output. This is a quite reason-
able approach for continuous steel production because maintenance staff needs 
to plan the next scheduled repair, while the technology department builds a pro-
duction plan by rolling cycle (about 30 s).

The optimization application is designed as an offline module with the fol-
lowing functions:

•	 Adaptation of rolling force models by measured drive loads in stands.
•	 Verification of models by the actual plan of the rolled product.
•	 Calculations of rolling process parameters using adapted models.
•	 Calculations of fatigue in the rolling mill equipment.

Fig. 8.12. (a) Trend of RUL reduction during operation;  
(b) distributions of load stress and material strength of machine element

(a)(a)

(b)(b)
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•	 RUL prediction for virtual rolling plans with initial values from CMMS.
•	 Optimization of rolling schedules according to RUL-related criteria.
The technological department of the hot rolling mill, having such a software 

tool, can correct rolling schedules before some troubles happen in stands due to 
overloading in the real production process. Besides, they can estimate what ef-
fect will have on the new steel grades or critical reductions in the overall mill reli-
ability. Users can assign various batches of the existing and planned assortment, 
especially wide thin strips of hard-to-deform steels. The optimization module 
uses information from the plant and CMMS on the current RUL of elements, but 
the user can assign any initial values, e.g., after gear replacement (RUL = 100%).

The generalized criterion of optimal rolling schedule is proposed, namely 
the deviation of rolled strips numbers with constraints on strength capacity by 
torques and minimal RUL values:

	 � �
� �

� �max min0 1
min ; ;

i
i

i i ijk
SD N T T RUL RUL ,	 (8.9)

where Ni – number of rolled strips; i – stand number; j – element number; ki – load 
share coefficients; Ti – rolling torque in the stand; Tmaxi

 – strength capacity limit in 
the stand; RULij – remaining useful life of elements in stands; RULmin – minimum 
value (set at 10%).

CMMS optimization module accounts for constraints imposed by strength 
capacity and RUL in stands, then adjusts reductions in mill stands by load share 
coefficients (ki = 0…1).

In addition, a  useful function is also available to rearrange reductions in 
stands in the case of one stand being out of work (ki = 0), e.g., due to its abrupt 
failure, and on-the-go repair.

CMMS deployment consists of several stages. In the first stage, users need to 
design catalogues of equipment, materials, maintenance actions and model pa-
rameters. Then, determine the degree of wear and RUL values for all considered 
in calculations elements currently installed in the mill. This procedure is based 
on expert assessments and historical data for a representative amount of strips 
(by size and steel grades) with corresponding S–N curves for elements. This is 
some kind of retrospective simulation of the real process.

In the second stage, CMMS begins to accumulate S–N data based on real sig-
nals. Wear measurements and mill inspections are used for model adaptation on 
historical data since the previous installation of elements. Statistical analysis of 
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RUL prediction accuracy is possible after a given period of operation when the 
full-service time becomes available after CMMS starts.

Although some simplified assumptions are made, they do not decrease the 
system validity, because dynamical models are verified by measurements. The 
CMMS is applicable in any industrial plant, e.g., heavy mining machinery work-
ing in non-stationary conditions. It provides equalization of loads and safe oper-
ation of a series of industrial machines.





9. SUMMARY

Based on the conducted experimental and theoretical studies, a unified approach 
to the implementation of dynamical models in condition monitoring of heavy-duty 
industrial machines has been developed. It comprises efficient diagnostic meth-
ods with complementary measurement tools and data processing techniques.

During normal operation, mining and metallurgical equipment is subjected 
to frequent changes in technological regimes and severe impacts from processed 
materials that cause non-stationary and non-Gaussian distribution of applied 
loads and noise in the measured signals. These impacts from treated materials in-
cluding friction instability are represented by the wide-band frequency spectrum, 
which excites the main natural modes of dynamical systems.

Almost all types of industrial machines work with unavoidable and hardly 
controllable wear, which result in angular and radial backlashes. These kinds 
of deterioration of machine parts are considered the main factors affecting ex-
cessive dynamic loads and subsequent failures of separate parts and assembly 
units (gearboxes, shafts with bearings, cardan couplings) inside the machines 
and their technological complexes. The main idea of the research was to mea-
sure backlashes, predict the increase of dynamic loading and high vibration and 
undertake appropriate actions before severe damage occurs.

The spectrum of significant natural modes of multibody heavy industrial ma-
chines during their torsional and spatial vibrations rarely exceeds several hun-
dred hertz or even less. These specific features of their design (spring and mass 
values combination) make it possible to efficiently apply the low degree-of-free-
dom (DOF) dynamical models with lumped parameters in condition monitor-
ing. To describe various dynamic phenomena in machines, different classes of 
models should be considered and appropriately used based on linear, nonlinear 
or parametric differential equations.

The modal analysis is applied as a useful technique for dynamical systems 
analysis combined with the frequency response functions (FRF). The represen-
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tation of the measured and simulated signals by the phase space plots (PSP) and 
trajectories of motion (orbits) gives some advantages in online diagnostics of 
vibrating machines. These methods do not require high-frequency sampling of 
data and are suitable for condition monitoring, e.g. vibrating sieving screens.

Non-stationary loading of machines makes less efficient an implementation of 
the standard vibration diagnostic methods. On the other hand, these regimes can 
be used for the diagnostics of backlashes that do not exhibit their action under sta-
ble static loading. The nonlinear features such as the deviations of frequencies, 
amplitudes and phases of the natural modes, dependence of dynamical response 
on the static load, and transient signal damping rate can be successfully used for 
condition monitoring.

The design of instrumentation and sensors developed for torsional torques 
and angular backlashes measurements takes into account harsh working envi-
ronments and is applicable for continuous condition monitoring of mining and 
metallurgical machines.

Bolts loosening and plastic deformation, as a type of nonlinear stiffness char-
acteristics, are quite difficult to detect and time-consuming by visual inspections. 
Using intelligent measurement techniques and special tools applied in structural 
health monitoring is complicated due to multi-bolt joints and the harsh working 
conditions of heavy-duty machines. Therefore, the developed methods of bolts 
loosening are based on vibration signals measured by the standard sensors.

The diagnostics of helical springs supporting vibrating machines for bulk mate-
rials processing is a complicated technical problem. Therefore, model-based meth-
ods applicable in condition monitoring systems contribute to this less represented 
in the maintenance practice domain. Besides, the model-based approach to bolt 
loosening detection can solve this problem frequently occurring in vibrating ma-
chines. This is certainly a new feature, which is not represented in the literature and 
is absent in condition monitoring systems.

Combining hydraulic and mechanical units of industrial machines constitutes 
dynamical systems with variable parameters. The stiffness of elements in such sys-
tems is changed by the position of the piston in a cylinder. The sudden destruction 
of high-pressure cylinders and tubes constitutes a danger for personnel. Hydraulic 
impact estimation in tubes testing rig required a multi-disciplinary approach for 
potential damage estimation, which has advantages against FEM simulation in the 
case of numerous variants of loading and disintegration of masses. Regarding the 
rotating and vibrating industrial machines, FEM simulations are mainly applicable 
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at the design stage. Modelling of angular and linear backlashes and wear of ele-
ments, namely, changes of contact geometry, disintegration and collisions of iner-
tial masses, appearing during machines’ operation meet remarkable difficulties.

The pressure release via the safety valves used in hydraulic roof supports and 
other hydraulic machines makes the dynamical system nonlinear with soften-
ing stiffness characteristics, which reduces peak loading and prevents severe 
failures. An alternative approach based on smart safety valves controlled by the 
signals from additional sensors is proposed but needs further development to 
provide higher flow rates and short delays in safety valves.

The same problem exists in the application of hydraulic cylinders for chatter 
vibration damping in cold rolling mills, which is restricted by the flow rates and 
delays in the servo valves. Therefore, the new approach is proposed and imple-
mented in the condition monitoring system based on the phenomenon of sev-
eral oscillators (rolling stands) synchronisation via the elastic links (strip), which 
was not previously considered in the literature for such application.

The presented results improved the understanding of the multi-motor drive 
systems (MMDS) concerning load equalisation and branched parts interaction 
by the gear couplings. An analysis of small deviations of electric motor param-
eters and angular backlashes cause out-of-phase oscillations accompanied by 
parametric resonances. The use of spur gears in MMDS is not desirable and phas-
ing of parallel gears plays an important role in dynamics.

The branched drivelines with only one motor and changeable structure like 
in reducing-sizing mill or transmission of articulated underground vehicles im-
pose additional limitations related to out-of-phase torsional oscillations of ter-
minal masses. The design of such systems should account for the interaction of 
separate branches and higher dynamics due to gaps playing.

Passive vibration damping requires embedding certain elements or modifi-
cation of contact surfaces or whole parts of machines with non-metallic materi-
als. Taking into account size restrictions and design change complications, this 
approach has little potential for a significant reduction of machine dynamics. 
Instead, ubiquitous digitalisation makes methods of active vibration damping 
and dynamics control more efficient in the prevention of overloading and tech-
nological process interruption.

Active damping of torsional oscillations and spatial vibrations is a promising ap-
proach for industrial machines. Under certain conditions, which are determined in 
the research, electric drive acceleration can be used for dynamic torque reduction 
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not only in the simple drivelines (motor and load) but also in the multibody systems 
including gearboxes as the intermediate rotating inertia. The load balance regula-
tion between the individual electric drives made it possible to solve an important 
problem of front-end bending of hot rolled plates. Moreover, this regulation is real-
ised during the short period of drive acceleration.

The random variations of treated material properties or scheduled replacement 
of large-scale machine parts during maintenance have little influence on the nat-
ural frequencies of a machine but can shift the nodes of either spatial or torsional 
modes of vibration. That is, in turn, a reason for the dynamical behaviour change 
of the whole system when other neighbouring inertial parts start to oscillate out 
of phase (gears, rolls). This node shifting greatly affects nonlinear systems when it 
coincides with backlashes in the couplings but dynamical models can accurately 
predict the cases that are difficult to detect by monitoring with sensors.

The stochastic shock loads acting on the mining and metallurgical machines 
can be represented not only by the standard statistical distributions but also as 
spectra in the frequency domain. In this case, the time of load rising is considered 
as a half-period of input impact. Combining frequency response functions by dif-
ferent channels in industrial machines together with the spectra of external loads 
indicates the ways of dynamics reduction. In addition, the calculation of internal 
dynamic loads in nonlinear systems with backlashes, which is quite difficult even 
on the FEM models, made it possible to obtain relations of system response from 
the statistical parameters of stochastic impacts.

The logical continuation of dynamical models (digital twins) utilisation is the 
continuous monitoring of loading cycles in the machine parts where force, torque 
or deformation sensors are not available for installation. The collected data con-
stitute the basis for Remaining Useful Life (RUL) prediction and on this basis the 
maintenance strategy development, i.e., further migration from condition moni-
toring based on local defect detection to monitoring of accumulated fatigue cycles 
and RUL-based maintenance planning. This approach can only be implemented 
with the high-level integration of software applications and database of CMMS into 
the ERP systems. It is mostly applicable to machines working under non-stationary 
conditions where standard methods are difficult or impossible to implement be-
cause of continuous transient processes.

Finally, the scientific findings on complicated technical problems are reflect-
ed in the industrial condition monitoring or plant automation systems: chatter 
vibrations control system, torsional loads monitoring and maintenance planning 
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system, front-end levelling system of plate rolling mill, and vibrating screen moni-
toring system. The novelty of the developed methods of condition monitoring and 
automation systems has been proven by the patents and publications in peer-re-
viewed indexed journals.

The future directions of research include the development of non-invasive 
methods of wear (backlashes) detection in industrial machines based on vision 
data recorded by the standard cameras installed in the inspection drones. Anoth-
er aim is the creation of optimal motion control of heavy-duty vibrating machines 
and operators’ assistance for dynamic loads reduction in remotely controlled or 
autonomous vehicles for dangerous mining applications.
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This book contains results of the theoretical and experimental 
research of mining and metallurgical machines aimed at developing 
new methods for condition monitoring, active vibration damping and 
process control. The main goals are to reduce machine dynamics, 
avoid abrupt failures, predict resonance phenomena and provide 
process stability, estimate the remaining useful life of elements, 
and diminish operational and maintenance costs.

Instead of the usually used data-driven approach, the pro-
posed methodology is based on several known classes of dynamical 
models, of which some appropriate ones have been implemented for 
certain types of industrial machines and technological processes 
(articulated loaders and dump trucks, sieving screens, hydraulic 
machines, different steel rolling mills). The standard vibration 
sensors are used and in parallel special instrumentation is de-
veloped and tested for wireless torque monitoring and backlash 
measurement in the drivelines of machines.

The main idea of research is to use the non-stationary regimes, 
which excite natural modes of vibrations in multibody systems, 
and apply transient signals processing in conjunction with mod-
al analysis for diagnosing wear of main elements, namely, angu-
lar backlashes in drivelines, radial clearances in the bearings, 
stiffness changes in supports and loosening of bolted joints. The 
influence of nonlinearities on the machine dynamics is highlight-
ed including statistical distribution analysis and spectral rep-
resentation of loads. The nonlinear features of multibody systems 
are utilised as the diagnostic parameters, which provide robust-
ness to external non-Gaussian noise and impulsive disturbances.

The developed model-based condition monitoring and diagnostics 
methodology is realized in online computerized maintenance man-
agement systems and process automation implemented in different 
industrial plants.
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